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Preface

Threaded fasteners, typified by bolts and nuts, are the most widely and commonly
used machine elements, hence, their existence is often forgotten. However, once a fail-
ure or loosening occurs in threaded fasteners, the function of machines and structures
clamped by them may be completely lost. It can be said, therefore, that the primary
task imposed on the engineers engaged in jobs related to threaded fasteners is the
design and assembly of bolted joints, so that they are not broken or loosened in the
tightening process or in service conditions.

This book intends to provide the wide variety of knowledge and information
required for engineers in charge of threaded fasteners and bolted joints to attain secure
tightening, sufficient strength, and no loosening; and these three major issues are
explained in an easy-to-understand manner for practical use. At the same time, to
maintain mechanical stringency, core chapters and sections are written largely based
on reliable research results published by prominent academic societies as journal
papers or conference proceedings.

The contents of this book cover a variety of job levels, ranging from the basic
design of bolted joints, such as the determination of the joint assembly procedure,
to the sophisticated design and strength evaluation of bolted joints by use of advanced
CAE technologies. The problems that this book is written to solve for readers are as
follows:

» Selection of an appropriate tightening method and establishment of a reliable tightening
procedure.

* Understanding what the static and fatigue strengths of bolted joints are and how they behave.

* Evaluation methods of static and fatigue strengths of bolted joints by solid mechanics
and FEM.

+ Establishment of prevention methods of fatigue failures by solid mechanics and FEM.

» Effect of high and low temperature thermal loads on the strength of bolted joints by taking
account of thermal contact resistance at the interface.

* Understanding the loosening mechanism of threaded fasteners by classifying into rotation
loosening and nonrotation loosening.

» Establishment of the method to prevent or mitigate the loosening of threaded fasteners.

*  How to apply advanced CAE technologies to design bolted joints with high safety and eval-
uate their thermal and mechanical behaviors.

In Chapter 1, a brief history of screw threads and the progress in the relevant research
areas are introduced, and the basics of threaded fasteners and bolted joints are
explained from the geometrical and mechanical points of view. The idea of the pres-
sure cone is discussed in detail, because the contact pressure distribution at the inter-
face significantly affects the interface separation that leads to the fatigue failure of
bolted joints. The last section provides an outline of the strength and the thermal
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and mechanical properties of fastener materials, where various properties of engineer-
ing materials commonly used for threaded fasteners are tabulated with their temper-
ature dependency.

In Chapter 2, in order to understand the fundamentals of threaded fasteners, the
essential characteristics of their strength and stiffness are discussed in detail. It is
shown how the true profile of the cross section of screw threads can be expressed
by mathematical formulas, by which finite element models of bolted joints with per-
fect geometry can be constructed in order to perform numerical analysis with high
accuracy. In addition, a summary of the interface stiffness and thermal contact resis-
tance, both of which are primarily due to the microprojections existing on contact sur-
faces, is given to conduct finite element analysis by taking account of the conditions of
contact surfaces existing in bolted joints.

In Chapter 3, the tightening methods of threaded fasteners are discussed—which
represents the first problem of bolted joints. The four commonly used methods,
i.e., torque control method, elastic angle control method, direct tension method,
and thermal expansion method, are explained in great detail from the practical point
of view. The chapter also covers the tightening principle, application range, and tight-
ening guidelines of each method. A new tightening method that combines torque con-
trol method with elastic angle control method is proposed. This can evaluate nut
factor, which relates tightening torque to bolt force, during the tightening operation
with high accuracy. The problem of elastic interaction, which occurs in the case of
tightening multiple bolts one by one, is solved with help of FEM, and it is shown
how to estimate the bolt force scatter and obtain the optimal tightening sequence.

In Chapter 4, the static and fatigue strengths inherent to threaded fasteners and bol-
ted joints are dealt with—which is the second problem of bolted joints. The distribu-
tions of stress and stress amplitude along the thread root are evaluated by FE analysis
using helical thread models. It is pointed out that bolted joint diagrams, which have
widely been used for bolted joint design, have some essential defects and are effective
only in limited conditions. Another important point is that the fatigue failure of bolted
joints is greatly affected by the interface separation between fastened plates. The
fatigue strength can primarily be improved by raising the bolt force, which is substan-
tiated by comprehensive FE analysis. In addition, various practical measures are intro-
duced to enhance the fatigue strength of threaded fasteners and bolted joints.

In Chapter 5, thermal and mechanical behaviors of bolted joints are described
based on the theory of thermal stress and the results of FE analysis. High and low tem-
perature thermal loads often cause the failure or loosening of threaded fasteners and
bolted joints. In order to analyze the phenomena with high accuracys, it is explained
how to take account of the effect of the heat transferred through contact surfaces and
small gaps using the thermal contact coefficient and apparent thermal contact coeffi-
cient. The mechanism of seizure occurrence in threaded fasteners, which is a nasty
problem sometimes encountered during the tightening operation, is clarified by using
the theory of heat conduction, and its prevention methods are explained from the the-
oretical point of view.

In Chapter 6, loosening of threaded fasteners, which is the third problem of bolted
joints, is discussed by classifying the loosening mechanism into rotation loosening and
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nonrotation loosening. As for the former, the loosening mechanism is analyzed in
detail by finite element simulation. Hence, it is shown that the slip occurrence on
the nut- or bolt head-bearing surface is a decisive factor. In contrast, nonrotation loos-
ening inevitably occurs to some extent. Therefore, it is explained how to estimate the
bolt force reduction by use of a bolted joint diagram. In addition, practical counter-
measures are introduced that are effective in preventing rotation loosening and mit-
igating nonrotation loosening for various types of bolted joints. In the last section,
the inspection methods of bolted joint integrity by torque measurement are discussed.

In Chapter 7, thermal and mechanical behaviors of pipe flange connections are
expounded by conducting experiments and finite element analysis, aiming at
preventing the leakage of contained fluids at high or low temperature. Numerical anal-
ysis by FEM and experiments quantitatively clarify how much bolt force is reduced in
the running condition and during the shutdown operation of pipelines. It is shown that
the mechanical behavior of gaskets, the stiffness of which is much lower than that of
metal gaskets, is the primary influencing factor on leakage. One of the most important
issues stated here is that the stiffness of sheet gaskets and spiral wound gaskets is sig-
nificantly reduced at elevated temperature and this causes bolt force reduction leading
to the leakage of contained fluids.

In Chapter 8, aiming at providing effective hints to solve various on-site problems
concerning threaded fasteners and bolted joints, several problems and accidents that
actually happened in the past are discussed based on rigorous research results. This
covers wheel falling-off accidents of large vehicles, the rupture of the threaded portion
of a roller coaster axle, fatigue failures of reamer bolts used for rigid flanged shaft
couplings, etc. Also treated is how much the natural frequencies of bolted joints
are increased with increasing bolt force. In the last section, in order to perform finite
element analysis effectively, some concrete mesh patterns and simplified models of
engaged thread portions are shown, and a few practical strategies to improve the com-
putational efficiency are presented by utilizing the geometric symmetry of bolted
joints.

The author would like to express his sincere appreciation to three distinguished
professors, i.e., the late Prof. Minoru Hamada, Prof. Hiroshi Kitagawa, and Prof.
Noboru Kikuchi. Prof. Hamada enthusiastically supervised the author’s PhD thesis
on the mechanical behavior of bolted joints and Prof. Kitagawa led the author to
the world of numerical analysis at Osaka University. Prof. Kikuchi motivated the
author to apply the latest theories of computational mechanics to bolted joints at
The University of Michigan. The author would also like to express special thanks
to his many ex-students for their cooperation in achieving the research results forming
the basis of this book. Finally, the author would like to give the deepest appreciation to
his wife Noriko for her providing a comfortable environment over 40 years to support
his research activity.

Toshimichi Fukuoka
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A bolt cylindrical area, other cross-sectional areas
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Aoxs Ain cross-sectional areas of male and female threads

Ay cross-sectional area of fastened plates

Ag contact area on thread surface

Ains true cross-sectional area inside female thread

A, nut-bearing surface area

A, cross-sectional area at thread root

Ay stress area of screw thread

a, b inner and outer radii of hollow bolt, hollow cylinder and hollow shaft
a, a constants for representing load distributions

a, radius of contact area of microprojection

B mean diameter of hexagon bolt head or hexagon nut
B, diameter of bolt pitch circle

by, b, constants for determining approach of interface

C1—Cs, Cy,, C5, constants for representing true cross-sectional areas
C, €1y €2, C3 constants

Coy M, constants in the Ostrovsky equation

Cy specific heat

D, Dy, D, major, minor, and pitch diameters of female thread

D, outer diameter of fastened plates

d nominal diameter, major diameter of male thread, diameter of round bar
dy, dy minor and pitch diameters of male thread

dy, equivalent diameter of bottoming torque

d, diameter of projection part of bottoming stud

d, true pitch diameter

d, bolt hole diameter

dya equivalent friction diameter of bolt head-bearing surface
d,, equivalent friction diameter of nut-bearing surface

d, thread root diameter

dy diameter of reamer bolt

d diameter of stress area

E,E, Ey Young’s modulus

E,, E; Young’s moduli of bolt-nut and fastened plates

E..E;, Young’s moduli of male and female threads

e width across corner of hexagon

F axial force acting along bolt axis
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bolt force corresponding to 0.2% proof stress

axial bolt force, bolt preload

axial bolt force for the case without inclination at bearing surface
axial bolt forces of multibolted joints

initial bolt force

compression force generated by bottoming torque

reduction of compression force in fastened plates due to external force
compression force acting on bottom surface of bolt hole
objective bolt force in tightening operation by hydraulic tensioner
initial bolt force of bolt i, normal force acting on bolt i

bearing force and friction force sustained by bolt i

bolt forces generated in inner-wheel and outer-wheel tightening processes
normal force acting on contact surface

friction forces acting on joint contact surfaces

axial forces generated when tightening outer nut

normal forces acting on reamer surface

shear force, shear load

critical shear load corresponding to whole slip

initial tension applied by hydraulic tensioner

axial force generated in engaged threads of bottoming stud

bolt force reduction due to embedment

natural frequency of bending vibration

height of fundamental triangle

thread overlap

thickness of nut

Vickers hardness

plate thickness, beam height

thermal contact coefficient

coefficient of convection heat transfer

apparent thermal contact coefficient

coefficient of radiation heat transfer

second moment of area

number of threads, bolt number, order of vibration mode

nut factor

restraint coefficient

stiffness matrix and mass matrix

spring constants representing interface stiffness

nut factors in inner-wheel and outer-wheel tightening processes
true nut factor

spring constant, spring constant of straight bar
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number of repeated external force, number of microprojections
Nusselt number

number of bolts, perpendicular row number of multibolted joint, mating node
numbers at interface

division number of one-pitch helical model in axial direction
thread pitch

plastic flow stress of material

contact pressure at interface

contact pressure on nut-bearing surface

Prandtl number

stress in tangential direction

amounts of heat flowing through each part of bolted joint

total amount of heat flowing through bolted joint

heat flux

constants in Bach’s equation

load vector

arithmetic mean roughness of mating surfaces

sum of arithmetic mean roughness of mating surfaces
thermal contact resistance

Reynolds number

shear load-bearing ratio of bolt i

shear load-bearing ratios by bearing force and friction force
shear force transfer ratios by reamer surface and friction force
maximum height roughness

sum of maximum height roughness of mating surfaces
radial coordinates

radial coordinate of node

width across flat of hexagon

temperature, torque

thread torque and nut-bearing torque

bolt temperature and temperature of fastened plates
bottoming torque

temperature difference between mating surfaces



XVi

List of symbols

T inny Tout
T,

Tll, let
T rt

T sng

T

T,

U

Uy

u
{u}. i}
u

Upd, Uny
Ui

uslp

ﬁup 5 ﬁdw
\4

v

w
Wtrq’ Wth’ Wnu
Wik

zZ

z

x

a1,

x—ayy

Ap, af

Aoxs Xexts Kexir
p

Y

Ye

AFb

Ar;

AT, AT,, AT,
ATb, ATf
AT,

AT,,

Aﬁb

Aaf

Adrm

Ao

tightening torques of inner nut and outer nut

loosening torque

loosening torques of bottoming stud

re-tightening torque

snug torque in elastic angle control method

second tightening torque

tightening torque

strain energy

circumferential force acting on thread surface
displacement, axial displacement of straight bar
displacement vector, acceleration vector

uniform displacement applied to bolt cylindrical portion
mean displacements under bolt head- and nut-bearing surfaces
nodal displacement

critical displacement corresponding to whole slip
uniform displacements applied to bolt cylindrical portion
amount of volume pushed away by nut-bearing surface
sliding speed

external force

tightening energy

contact width between male and female threads
embedment factor

axial coordinate

thread angle, stress concentration factor

flank angle

flank angle in the plane perpendicular to helix

stress concentration factors of plates with semicircular notch
coefficients of linear expansion of bolt-nut and fastened plates
coefficients of linear expansion

lead angle, notch factor

effective tensile coefficient

contact ratio

variation of bolt force

average width between nodes

temperature change or temperature difference
temperature changes of bolt and fastened plates
temperature difference between mating surfaces

mean temperature increase of microprojection

variation of axial bolt stress

variation of compression stress of fastened plates

bolt stress reduction per unit temperature difference
return rotation angle of nut

bolt elongation, amount of thermal expansion or shrinkage
gap size of air layer

elongation of bolt-nut connection

fit of reamer bolt

shrinkage of fastened plates

clearance at bearing surface of oil seal plug

amount of embedment

plastic strain



List of symbols

¢

Cmax

&

Cths Cnua é‘hd’ Cf
n

135 M4
(7]

0,05

0(‘”

0hd

0nu5 otp
/’L’ Al’ 12
/’Lair

Ai

Hs Brs Bo
Pha

Hiths Kinu
HRoths Konu
Kins Bnu

12

P

Pdn

Pmaxs Pnmax
Pn

P> Pl

c

c

01, 02, 03
01, 011

Ga

op

Op

Opi

Obnd

OINs OOUT
015 OR
gmax
Emax

O-n

6"

Oth

Oy

GW

approach of interface

maximum value of approach of interface

displacement in tangential direction due to interface stiffness
approaches of interface at each joint interface

bolt force generated per unit nut rotation angle, notch sensitivity factor

efficiencies of triangular and square screw threads
angle, circumferential coordinate

angles specifying thread geometry

pressure cone angle

inclination angle of bolt head-bearing surface
inclination angle of nut-bearing surface

thermal conductivity

thermal conductivity of air

Eigen value of ith mode

coefficient of friction

coefficient of friction on bolt head-bearing surface
coefficients of friction in inner-wheel tightening process
coefficients of friction in outer-wheel tightening process
coefficients of friction on thread- and nut-bearing surfaces
Poisson’s ratio

root radius, thread root radius

density

upper limits of p and p,,

radius of female thread root

friction angles of thread surface for square and triangular threads
stress, true stress, thermal stress, standard deviation

von Mises stress

three components of principal stress

thermal stresses generated in bar I and bar II

stress amplitude

tensile strength

axial bolt stress

initial bolt stress

bending stress generated in bolt

axial stresses on bolt cylindrical surface in radial direction
axial stresses on bolt cylindrical surface in circumferential direction
maximum stress occurring at notch root

maximum von Mises stress

mean stress at notched cross section

mean stress at thread root

tensile stress of bolt threaded portion

yield stress

fatigue limit

fatigue limit of smoothed test specimen

axial stress

shear stress

shear stress of bolt threaded portion due to thread torque
fatigue limit of shear stress

nut rotation angle

load factor



This page intentionally left blank



Thread standards and forms

1.1 Brief history of screw threads and relevant
research activities

It is sometimes suggested that the origin of screw threads traces back to the “screw
pump” invented by Aristotle before the Common Era, after which, large-sized wooden
power screws, such as the screw-type mechanical press, came to be used. Then, metal
screws appeared in the 16th century. It was in 1543 that screw threads were first intro-
duced into Japan along with the arrival of guns. It has been reported that gun smiths of
the day struggled to process the screw threads of the tail plugs.

In the Industrial Revolution era in the 19th century, Maudslay in the United King-
dom succeeded in the manufacturing of screw threads with a modern processing
method using lathes. Clement, who worked in Maudslay’s factory, devised a tap that
could form female threads by a cutting operation. Whitworth, who was once an
apprentice of Maudslay, is called the father of modern screw threads because he pro-
posed a screw standard for the first time in 1841, the early stage of the Industrial Rev-
olution. Thread cutting lathes, invented in those days, had almost the same structure as
the present ones, which enabled the mass production of power screws and fastening
screws. A thread rolling device was designed in 1851 by Broomann in the United
Kingdom, and then the PW Corporation in Germany manufactured thread rolling
machines in 1938 that had a similar structure to the present ones. Detailed history
on screw threads is available in [1,2], for instance.

The primary purpose of this book is to explain the mechanics of threaded fasteners
as simply as possible, aiming at the provision of an efficient design method for bolted
joints with a high level of safety. In the following, a brief review is made of how
research on screw threads progressed, which built the foundation of the current
design method.

The main cause of the failure of screw threads is metal fatigue. The study of metal
fatigue was started around 1860 by Wohler, who is famous for developing the S-N
curve. Research on the fatigue strength of fastening screws was begun by Thum in
the 1930s. The idea of a bolted joint diagram, which is widely used today to evaluate
the fatigue strength of threaded fasteners, first appeared in the book written by Rotcher
[3]. He proposed the idea of a pressure cone with respect to the area at the interface
composed of clamped plates, over which contact pressure is exerted due to bolt force.
Goodier, who is the coauthor of the historical masterpiece the “Theory of Elasticity”
written by Timoshenko, evaluated the particular load distribution pattern along the
engaged threads of a bolt-nut connection. He succeeded in the evaluation by applying
the theory of elasticity to the displacements measured on the outer surface of the nut
[4]. Sopwith further developed the study of screw threads by means of the theory of
elasticity, and he proposed nut shapes that could improve the load distribution pattern
along the engaged threads [5].

The Mechanics of Threaded Fasteners and Bolted Joints for Engineering and Design.

https://doi.org/10.1016/B978-0-323-95357-3.00002-2
Copyright © 2023 Elsevier Inc. All rights reserved.
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2 The Mechanics of Threaded Fasteners and Bolted Joints for Engineering and Design

In Japan, some noteworthy studies were published in the 1970s. Sawa et al. clarified
various mechanical behaviors of bolted joints, such as the amounts of equivalent lengths
of engaged threads and bolt head that represent the stiffness of a bolt-nut connection, by
applying the three-dimensional theory of elasticity in a sophisticated manner [6]. Using
complex stress functions, Otaki analyzed how geometric factors, such as nominal diam-
eter and thread pitch, affect the stress concentration at the thread root [ 7] and the fatigue
strength [8]. As a pioneering study by numerical analysis, Maruyama evaluated the
stress concentration factor at the thread root [9], in which a point-matching method
was incorporated into the FEM (finite element method) when modeling the geometry
of engaged threads. Bretl et al. calculated the load distribution along engaged threads by
replacing the engaged threads with a stack of layered finite elements [10]. Miller et al.
proposed a simple method using spring elements, which are discussed later in this book,
for calculating the load distribution along engaged threads [ 1 1]. Tanaka et al. proposed a
finite element approach that could solve contact problems and analyzed various
mechanical properties of bolted joints [ 12], and they also calculated the load distribu-
tion along engaged threads in an ingenious way by means of spring elements [13].

As for experimental studies that evaluated the stress distribution in a bolted joint, a
series of researches by Hetenyi through photo-elastic experiments [14] are worthy of
special mention, in which the researcher revealed the specific load distributions along
engaged threads in special nuts with various configurations. It can be said that his
research achievements were the starting point of a lot of contrivances found thereafter
in various-shaped nuts, aiming at smoothing the load distribution along engaged
threads and mitigating the stress concentration at the thread root. Stress concentrations
at the thread root of actual bolt-nut connections were successfully measured by the
copper plating method. Maruyama compared the measured results to the stress con-
centration factors obtained by FEM [9,15]. Seika et al. obtained the magnitude and
location of the maximum stress [16] using the same experimental method. They con-
cluded that it occurred at the male thread root 2/3 pitch apart from the nut-bearing
surface.

The jointed portions fastened by use of screw threads are generally called a bolted
joint. In this book, therefore, the components clamped by various kinds of threaded
fasteners are referred to as bolted joints. Basic forms and the usages of screw threads
have been fundamentally unchanged since the Industrial Revolution. Nevertheless,
threaded fasteners and bolted joints have continuously been important research
objects in the mechanical engineering field. The biggest reason is that the external
loads exerted on bolted joints are continuously being increased!

1.2 Geometry and application purposes of screw threads

Screw threads are roughly classified into two types, which are used for clamping and
movement transmission, respectively. Most threaded fasteners such as bolts and nuts
are basically used for clamping a number of parts composing machines and structures.
On the other hand, screw threads used for movement transmission deliver various
movements by utilizing their helical shape. They are further categorized into two
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Fig. 1.1 Thread ridge forms of various types of screw threads.

types. One is used for generating large forces by making use of the action of the thread
as an inclined plane, e.g., a jack for lifting heavy parts; the other facilitates the con-
version between linear and rotational motions, e.g., feed screws built into machine
tools. As a similar example, a micrometer provides a dimensional accuracy of
10pm, in which a large rotation angle is converted into a small linear movement. A
certain type of micrometer equipped with a digital display device provides higher accu-
racy of 1 pm.

Fig. 1.1 shows screw threads of various forms. Triangular screw threads are the
most commonly used when clamping multiple parts. On the other hand, trapezoidal
screw threads are used for motion and power transmission. These types of screw
threads are often called power screws [17]. The relationship between thread form
and application purpose is explained in detail in section 3.2.4. To explain it briefly
for now, triangular screw threads are primarily used for clamping because of their high
antiloosening performance. Trapezoidal and square screw threads are employed for
motion and power transmission due to high thread efficiency. Pipe threads are clas-
sified into parallel pipe threads and taper pipe threads. The former is used for mechan-
ical joining of structures with hollow cylindrical shapes. The latter is applied to
connecting pipelines that require leakage prevention performance to contain fluids.
Taper pipe threads are processed on the target surface along one-sixteenth of taper.
The mating thread surfaces come into close contact as male threads are progressively
screwed into female threads. The thread angle of triangular screw threads is 60
degrees, while the angle of pipe threads is 55 degrees.

Besides the aforementioned types of screw threads, square threads, round threads,
and buttress threads are sometimes used. The thread efficiency of square threads is
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higher than that of trapezoidal screw threads; however, due to the processing diffi-
culty, the thread surface is often manufactured to have an inclined angle of about 5
degrees [17]. Round threads can be regarded as trapezoidal screw threads to which
large radii are added to the crest and thread root. Although the stress concentration
at the thread root is lowered, round threads have an essential drawback of small thread
overlap. Buttress threads are shaped like a saw with asymmetric geometry to support
large forces acting from one definite side. The buttress thread’s surface often has an
inclined angle of about 7 degrees [17] for the same reason as in the case of square
threads.

Power screws, such as acme threads, whose shape is similar to trapezoidal screw
threads, and buttress threads are standardized by ANSI (American National Standards
Institute). The tapping screw, although not shown in Fig. 1.1, is a kind of triangular-
shaped screw thread used for clamping parts. It is a male thread screwed into the main
body, thus producing a female thread hole. The parts to be clamped are commonly thin
metal plates or wooden plates, where female threads are easily processed and high
working efficiency is required. The tightening process of tapping screws can be eval-
uated in terms of three torques, i.e., tapping torque required for processing female
threads, tightening torque for seating the screw head and generating clamping force,
and breakage torque causing the rupture of the tapping screw [18]. From the point of
view of the tightening operation, it is necessary that the breakage torque be larger than
the tightening torque, to the extent that the rupture of screw threads does not occur
even if being somewhat over-tightened.

In this book, the focus is placed on bolts and nuts with triangular thread geometry,
which are most widely used for clamping all kinds of parts.

1.3 Standards of screw threads

1.3.1 Standard specifications of screw threads

In Japan, for instance, standard specifications of screw threads are specified in detail
in JIS (Japanese Industrial Standards). Since screw threads are commonly used for all
sorts of machines, structures, electric devices, etc., the highest level of international
consistency is required in the standard specifications. Accordingly, the standards on
screw threads specified in JIS almost completely agree with ISO (International Orga-
nization for Standardization) standards, as well as the national standards established in
many countries. However, perfect consistency between JIS and ISO is practically
impossible. To cope with those cases, therefore, the degree of inconsistency between
ISO and JIS is explained for each specification in JIS. As a result of considering the
above situation, the screws and threaded fasteners treated in this book are basically
standardized in JIS. The correspondence between JIS and ISO, described in this book,
is presented in Table 1.1, in which the standards specific to JIS are shown separately.

According to the unit of length, screw threads are classified into metric thread and
inch thread. The most commonly used screw threads are metric. Pipe threads
employed in piping systems are inch threads. Unified threads, which are another type
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Table 1.1 Correspondence between JIS and ISO in order of appearance.

JIS B 0206 B 0208 B 0205 | B 0209-1 | B 0216 | B 0202 | B 0203
ISO 263 263 68-1, 965-1 2901, 228-1 7-1
261, 2902,
262 2904
N B 1180 B 1181 B 1001 | B 1052 B 1051 | B 1083 | B 1056
ISO 40144018, | 40324036, | 273 898-2, 898-1 16,047 | 2320
8676, 8765 | 8673-8675 898-6
JIS B 1082 B 1173 B 2238 | B 2251 B 1089 | B 1090 | B 1451
specific

of inch thread, are extensively used in aircraft, and are specified in JIS B 0206 and JIS
B 0208.

1.3.2 Basic profile of screw threads

Fig. 1.2 represents the basic profile of metric triangular screw threads for general use,
specified in JIS B 0205. The external or “male” thread is processed on the outer sur-
face of cylinders or cones, while the internal or “female” thread is processed on the
inner surface of hollow cylinders or hollow cones. Major diameter of external thread
d is equal to major diameter of internal thread D. The two major diameters are the
basic dimensions representing the size of screw threads and threaded fasteners, which
are denoted as nominal diameter. The pitch diameters of male and female threads,
d, and D, are virtual diameters, at which the width of the thread ridge is equal to that
of the thread groove. They are used when evaluating thread strength and calculating
the helix angle of the screw thread, termed the lead angle. Minor diameter of external
thread d is equal to minor diameter of internal thread D. The dimensions of each part
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Fig. 1.2 Basic profile of metric triangular screw thread.
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of triangular screw threads are expressed as follows, by means of nominal diameter d,
thread pitch P and fundamental triangle height H:

V3

H = %5~P = 0.8660P (1.1)
d, =D, :d—%H:d—O.6495P (1.2)
5
di =D =d-7H=d-108P (1.3)
5
Hy=gH (1.4)

Thread pitch P is the distance between the corresponding points on neighboring
ridges. H, denotes basic thread overlap, which is the engaged length of male and
female threads in the radial direction. However, it is difficult to derive a rigorous
equation that can precisely evaluate the strength of screw threads taking into account
the complex helical thread geometry. In JIS B 1082, therefore, a concept of stress area
A proposed to evaluate the stress and stiffness of high-strength bolts, in which the
threaded portion is replaced by a cylinder of cross-sectional area Aj:

T

As=7

2
<d2 er d3> = %d? =0.7854(d — 0.9382P)° (1.5)

In Eq. (1.5), d5 corresponds to the diameter at thread root when root radius is equal to
H/6. d, is an important dimension for strength evaluation and designates the diameter
of stress area. The amount of d, can be calculated in terms of nominal diameter d and
thread pitch P:

ds = d — 0.9382P (1.6)

Comparing Eq. (1.6) to Egs. (1.2) and (1.3), it is found that d, is located between minor
diameter d; and pitch diameter d,, as shown in Fig. 1.2.

High stress concentration occurs at the thread root due to its notched shape. To
lower the stress concentration, therefore, an appropriate size of radius is processed
there. As for the root radius p of the male thread, it is recommended in JIS B 209-
1 that p should be larger than 0.125P for bolts of strength classification of 8.8 and
higher. The definition of strength classification is explained in Section 1.6.1.

p > 0.125P (1.7)

Fig. 1.3 shows the basic profile of metric trapezoidal screw threads, as specified in
JIS B 0216. The thread angle is 30 degrees, which is half that of triangular screw
threads. Fig. 1.4 depicts the basic profiles of parallel and taper pipe threads, specified
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Fig. 1.4 Basic profiles of parallel and taper pipe threads. (A) Parallel pipe thread and (B) taper
pipe thread.
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in JIS B 0202 and 0203, respectively. In the case of pipe threads, the thread angle is 55
degrees, which is somewhat smaller than that of triangular screw threads. Taper pipe
threads are processed on the target surface along one-sixteenth of taper.

1.4 Thread pitch and number of threads

1.4.1 Mathematical expression of Helix

The shape of helix is expressed by the following equation in terms of helix diameter
d[19]:

XZ%ICOSG, y:%lsinﬁ, zz%@tan[f (1.8)
Fig. 1.5 shows a helix drawn by use of Eq. (1.8). Winding a right triangle with sides of
zd and L on a cylinder of diameter d, the hypotenuse of the triangle becomes a helix.
The distance of linear motion with one turn of the screw thread is termed lead L, and
the angle made by the helix and the horizontal surface is called lead angle 3. The rela-
tionship between d, L, and f is given in a simple equation:

tanﬁ:ﬂL—d (1.9)

1.4.2 Coarse screw threads and fine screw threads

A threaded fastener is a kind of machine element in which fundamental shapes such as
triangle, trapezoid, and square are wound spirally around the outer or inner surface of a
cylinder or cone. In the case of a male taper pipe thread, for example, a triangle is
wound on the outer surface of a hollow cone. Screw threads are classified, in addition
to the thread forms shown in Fig. 1.1, by the size of thread pitch P and the number of
threads. With regard to thread pitch P, screw threads having the same nominal

7d

< d >
Fig. 1.5 Lead and lead angle of helix.
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Fig. 1.6 Coarse screw thread and fine screw thread.

diameter d are categorized into coarse screw thread and fine screw thread. As shown in
Fig. 1.6, coarse screw threads have a standard size of thread pitch and fine screw
threads have smaller pitches for the same nominal diameter. In the case of M16,
for example, thread pitch of coarse screw thread is 2mm, and those of fine screw
thread are 1.5 and 1 mm. Since fine screw threads have a relatively small lead angle,
they are considered to be more resistant to loosening. Therefore, fine screw threads are
often used for joints under severe service conditions. Basic profiles, shown in Fig. 1.2,
are identical in coarse and fine screw threads; the only difference is that they have
different thread pitches. Accordingly, the dimensions of each portion of screw thread,
such as fundamental triangle height H, etc., are calculated by using Eqs. (1.1)—(1.4).
As for thread strength, fine screw threads tend to give lower shear strength because
basic thread overlap H; is smaller due to small thread pitch. On the other hand, there
is no significant difference in the total area of pressure flank between coarse and fine
screw threads. This is explained in Section 1.4.4 using mathematical expressions.

1.4.3 Number of threads and lead angle

Lead L is the distance of linear motion with one turn of the screw thread, which cor-
responds to the symbol L in Fig. 1.5. In commonly used screw threads, lead L is equal
to thread pitch P. These screw threads are termed single-thread screw. In contrast,
screw threads moving two pitches and three pitches with one turn are termed
double-thread screw and triple-thread screw, respectively. They are collectively called
multiple-thread screws.

Fig. 1.7 shows the configuration of male threads with single-thread and double-
thread screws. Although both threads have an identical pitch size, the double-thread
screw has a larger lead angle  because doubling the number of threads doubles the
lead L. The inclined angle of thread surface is termed lead angle f, as shown in
Fig. 1.5. Since the lead L is equal to the product of thread pitch P times number of
threads i, lead angle $ can be calculated by an equation of the same form as Eq. (1.9):

iP
tan ff = s (1.10)



10 The Mechanics of Threaded Fasteners and Bolted Joints for Engineering and Design

single-thread screw double-thread serew

Fig. 1.7 Single-thread screw and double-thread screw.

As shown above, lead angle f is commonly calculated in terms of pitch diameter d».
The equation also suggests that lead angle increases radially inwards, although
slightly, from nominal diameter d to minor diameter . In order to rigorously consider
the thread geometry, therefore, it should be noted that lead angle  somewhat varies in
the radial direction. For example, in the case of M16 with coarse thread, thread pitch
P is 2mm. Therefore, the lead angles of a single-thread screw of M16, calculated on
nominal diameter d=16mm, pitch diameter d,=14.701 mm, and minor diameter
d;=13.835mm, are 2.28, 2.48, and 2.63 degrees, respectively. The assumption of
tanf~ f holds when S is small. Accordingly, lead angles of multiple-thread screw,
p, are almost proportional to number of threads i/, which means that multiple-thread
screws can provide large axial movements with small rotation of screw threads. By
utilizing these characteristics, multiple-thread screws are often used as feed screws
in the emergency shutdown valves of various plants, in which the quick stop of liquid
flow is demanded. They are also ingeniously applied to the bottle caps of cosmetics
because they provide quick opening and closing.

As explained above, multiple-thread screws have various specific features owing to
their large lead angle. Triangular screw threads are unlikely to loosen and have lower
thread efficiency compared to square and trapezoidal screw threads, the reason being
that the thread surface is inclined by 30 degrees to the plane perpendicular to the bolt
axis. This is discussed further in section 3.2.4. Regarding thread efficiencys, it becomes
higher with increasing lead angle. Making use of the high thread efficiency and mod-
erate antiloosening performance of multiple-thread triangular screws, it is expected to
be possible to develop a unique power transmission mechanism equipped with both
high efficiency and stable stationary performance.

— Learning by numerical example 1.1: Dimensions of each part of screw thread and lead angle

Table 1.2 gives examples of the dimensions of each part of a triangular screw thread,
i.e., nominal diameter d, thread pitch P, fundamental triangle height H, pitch diameter
d,, minor diameter d,, diameter of stress area d,, and lead angle . Tabulated are the
cases of M6, M10, M 12, and M 16 with coarse and fine threads, and M30 and M64 with
coarse thread.

— Learning by numerical example 1.2: Lead angle of multiple-thread screws

Table 1.3 shows lead angles of M10 and M 12 with coarse thread, ranging from single-
thread to septuple-thread screws, at the position of pitch diameter d,.



Thread standards and forms 11

Table 1.2 Relationship between nominal diameter and dimensions of each part of the screw
thread (unit: mm, degree only for f).

Mo M10 Mi12 Mi16 M30 Mo4
d 6 10 12 16 30 64
P (coarse) 1 1.5 1.75 2 3.5 6
H 0.866 1.299 1.516 1.732 3.031 5.196
d> 5.350 9.026 10.863 14.701 27.727 60.103
d; 4917 8.376 10.106 13.835 26.211 57.505
dg 5.062 8.593 10.358 14.124 26.716 58.371
g 3.405 3.028 2.935 2.480 2.301 1.820

M6 M10 Mi12 M16

d 6 10 10 12 12 16 16
P (fine) 0.75 1.25 1 1.5 1.25 1.5 1
H 0.650 1.083 0.866 1.299 1.083 1.299 0.866
d 5.513 9.188 9.350 11.026 11.188 15.026 15.350
d, 5.188 8.647 8.917 10.376 10.647 14.376 14.917
ds 5.296 8.827 9.062 10.593 10.827 14.593 15.062
s 2.480 2.480 1.950 2.480 2.037 1.820 1.188

Table 1.3 Relationship between number of threads and lead angle (unit: degree).

Number of

threads i 1 2 3 4 5 6 7

MI10 3.028 6.039 9.018 11.948 14.816 17.610 20.320
M16 2.480 4.950 7.402 9.827 12.217 14.565 16.864

1.4.4 Contact area between male and female threads

The two sides composing the thread triangle are termed the pressure flank and clear-
ance flank. Contact between male and female threads occurs only on the pressure flank
in the normal clamping state. There is no contact on the clearance flank, the other side
of thread triangle. Derived in this section is the equation to calculate the total contact
length between male and female threads. The contact area of mating threads, which is
equal to the total area of pressure flank, is also given in a mathematical formula, aimed
at considering the effect of thread pitch P and number of threads i on the thread
contact area.

Contact width wy between male and female threads is calculated in terms of basic
thread overlap H, given in Eq. (1.4), and flank angle a;, which is half the thread angle a:

wp =l _2p (111)
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The length of helix Ly on the cylindrical surface of diameter d, is expressed in the
following form using thickness of nut H,,,:

Ly =110 P + (ndo)? x i = 200 [(iP)? + () (1.12)

For simplicity, thread contact area Ag is calculated as the product of wp, times Lg:

2 Ho (iP)* + (ndy)* (1.13)

Afk:WkaLkaS

— Learning by numerical example 1.3: Contact area between male and female threads

Thread contact areas are compared between M16 with P=2mm (coarse thread) and
M16 with P=1.5 and 1mm (fine thread). Assuming H,,=13mm and using
Eq. (1.12), the length of helix Lg is calculated to be 300.5, 409.3, and 627.0mm,
respectively. This suggests that Ly increases almost inversely with P. Contact width
Wy increases in proportion to P, as found from Eq. (1.11). As a result, thread contact
areas Ay are calculated to be 375.6, 383.7, and 391.9 mmz, which means that Ag
slightly increases with decreasing P. Furthermore, thread contact areas of multiple-
thread screws are calculated to be 376.7mm? for double-thread screw and
378.4mm? for triple-thread screw. Even for septuple-thread screw, the amount of
Ap is 392.1 mm?, which indicates an insignificant effect of number of threads i.

It is found from the above calculation results that no significant difference is found
in thread contact area Ay between coarse and fine threads and between single- and
multiple-thread screws.

1.4.5 Nonsimilarity of threaded fasteners

Basic profiles of triangular screw threads are all similar regardless of nominal diam-
eters, as shown in Fig. 1.2. On the other hand, threaded fasteners, such as bolts and
nuts, are not similar in most cases for different nominal diameters. In Fig. 1.8, thread
profiles of male threads are compared for varying nominal diameters from M6 to M64
with coarse thread, in which thread pitches are drawn with the same dimension for
easy comparison. The ratio of thread pitch to nominal diameter P/d decreases with
larger nominal diameter. Accordingly, as shown in Table 1.2, lead angle f gets smaller
as nominal diameter d increases. In addition, the lead angle of the fine screw thread is
smaller, due to its small pitch, than that of the coarse screw thread of the same nominal
diameter. Therefore, comparing among coarse screw threads, it can be stated that
screw threads tend to have relatively finer thread pitch as nominal diameter increases.

In some cases, however, P/d is identical for different nominal diameters, e.g., the
value of P/d is 0.125 for M16, M20, and M24 with coarse thread. Fig. 1.8 shows the
complete similarity among threaded fasteners with these nominal diameters. Mean-
while, in the case of threaded fastener with screw thread of M12, its configuration
is fairly different from the foregoing three threaded fasteners, because P/d is 0.146.
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Fig. 1.8 Nonsimilarity among threaded fasteners with different nominal diameters.

For example, the effect appears as the difference in the expansion of the plastic region
in the bolt tightening process, which is explained in section 4.2.5.

1.5 Clamping configuration and various threaded
fasteners

1.5.1 Bolt-nut connection and stud

Bolts and nuts are the most widely used threaded fasteners. They are used in pairs in
order to clamp multiple parts inserted between the nut-bearing surface and bolt head-
bearing surface. The aggregate of the parts clamped by threaded fasteners is termed
the fastened plates, herein. The total thickness of the fastened plates is called the grip
length. Fig. 1.9 illustrates typical clamping configurations. When bolts and nuts are
used in pairs, as shown in Fig. 1.9A, the usage is called through bolt. Meanwhile, when
clamping thick plates within the body of large machines or structures, a combination
of bolt and nut is often inapplicable, due to various limitations of joint configuration.
In these cases, threaded fasteners called studs are used, which are geometrically cylin-
drical bars threaded at both ends. When using studs, the longer threaded portion is
screwed into the female thread processed in the body, and the shorter one is combined
with a nut to tighten by the torque control method. In some cases, an ordinary hexagon

[ 1 [ ] Fig. 1.9 Typical clamping
| configurations of threaded
fasteners. (A) Through bolt,

(B) stud, and (C) tap bolt.

(a) (b) ©
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head bolt is simply screwed into the female thread instead of studs, aiming at enhanc-
ing the workability. This type of clamping configuration is called tap bolt.

In this book, female threads processed in the main body are called body-side female
threads, and the engaged portion consisting of the stud and the body-side female
thread is termed body-side engaged threads. Body-side female threads involve a
processing difficulty because of high stiffness, which may lead to lower dimensional
accuracy and lower strength, compared to the female thread of a nut. As a counter-
measure, body-side engaged thread length is designed to be longer than that of a
bolt-nut connection. The thickness of nut H,,, is usually about 0.8 times the nominal
dimeter d. On the other hand, in the case of studs specified in JIS B 1173, the body-side
engaged length is recommended to be considerably longer than 0.8d. When the body is
made of carbon steel, cast steel, forged steel, stainless steel, or similar materials, the
recommended engaged length is about 1.25d. For cast iron and similar materials, the
engaged length is selected to be about 1.5d. For light alloys and other soft materials,
the engaged length is set to be about 2d. Studs and tap bolts are basically identical in
their applications. The selection between them should be determined considering their
advantages and disadvantages, as listed below.

1) Stud

Advantage: In the tightening process by applying torque to nut, the body-side engaged
threads are unlikely to be damaged because no slip occurs in the circumferential
direction.

Disadvantage: A stud must be lightly screwed into the main body prior to being ten-
sioned. Accordingly, the workability is lower than the case of tap bolt. In addition, to
avoid stud rotation in the disassembly process, the incomplete threaded portion of the
stud is sometimes screwed into the body-side female threads, which may produce high
stress concentration in the surrounding area. The use of bottoming studs, which is
explained in section 3.2.8, is an effective countermeasure to avoid this problem.

2) Tap bolt

Advantage: Workability is high because the tightening operation is carried out by
applying torque to bolt head using ordinary hexagon head bolts.

Disadvantage: The surface of body-side female threads may possibly be damaged due
to the relative slip occurring there.

1.5.2 Geometric factors affecting mechanical behavior
of threaded fasteners

Dimensions and shapes of hexagon head bolts and hexagon nuts are specified in JIS B
1180 and JIS B 1181, respectively. There are two types of hexagon nuts, i.e., Style 1
and Style 2, for both coarse and fine screw threads. Hexagon thin nuts having smaller
nut thickness are also specified. Regarding the bearing surface shape, two types as
illustrated in Fig. 1.10A and B are specified, i.e., double-chamfered type and
raised-face type. Comparing the characteristics of these two nuts to that of single-
chamfered type, shown in Fig. 1.10C, which was specified in the old JIS, it has been
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[ J [ ] Fig. 1.10 Shapes of nut-bearing
surfaces. (A) Double chamfered,
) (b) © (B) raised-face, and (C) single-
chamfered.

reported that the latter type tends to generate lower axial bolt force when applying the
same amount of torque. This is because imperfect contact inevitably occurs along the
outer edge of the nut-bearing surface. When performing the strength calculation or
numerical analysis of hexagon head bolts and hexagon nuts, the hexagonal geometry
can be expediently converted into an equivalent circle of dimeter B, which is the mean
value of width across flat s and width across corner e of the hexagon:

s+e
2

B— (1.14)

In the actual tightening operation using bolts and nuts, the mechanical properties of the
bolted joint are influenced by the degree of parallelism of nut- and bolt head-bearing
surfaces, the degree of perpendicularity of the side faces of nut and bolt head, bolt hole
diameters, etc., as illustrated in Fig. 1.11. Geometric errors of bolts and nuts are spec-
ified in the aforementioned JIS specifications, and bolt hole dimensions are standard-
ized in JIS B 1001. The errors in parallelism and perpendicularity are stipulated to be
less than 1 or 2 degrees, depending on the grade. Too large geometric errors cause
partial contact at the bearing surface, which may lead to surface damage and excessive
bending of the bolt body. Meanwhile, from the plastic working point of view, a small
taper is sometimes processed radially inwards on the nut-bearing surface. The exis-
tence of a taper changes the axial stiffness of the engaged thread portion, hence,
the stress concentration at the thread root is also changed. When the tightening oper-
ation is done by the torque control method, the center of friction force acting on the
nut-bearing surface tends to move radially outwards, because a small gap exists
around the inner part of the contact surface. Accordingly, the equivalent friction diam-
eter of nut-bearing surface is necessarily increased, which produces an unfavorable
result of smaller axial bolt force regardless of applying the same torque. Additionally,
since the actual contact area of the nut-bearing surface is increased with increasing
bolt force, the above phenomenon is nonlinearly related to axial bolt force. This prob-
lem is discussed in detail in section 3.2.3.

Regarding bolt hole diameter d, there are usually three choices from first grade to
third grade for a pair of bolt and nut with identical nominal diameter. In the case of

‘ Fig. 1.11 Parallelism of nut-
Ir T ] and bolt head-bearing surfaces
|

and bolt hole diameter. (A) Nut
bearing surface, (B) bolt head
bearing surface, and (C) bolt
L& hole idameter.

(a) (b) (©)
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third grade having a large bolt hole, it is easy to install a target bolt, and the stress
concentration at the first bolt thread root, which is adjacent to the nut-bearing surface,
becomes smaller. This is because the engaged thread portion deforms easily in the
axial direction due to its small stiffness. In the case of first grade, it provides precise
bolt positioning, while it produces higher stress concentration at the first bolt thread
root. In addition, when the joint is subjected to thermal load, the heat applied to fas-
tened plates is easily transferred to bolt and nut through the thin air layer existing
around the bolt hole. This subject is discussed in section 2.7.

1.5.3 Contact pressure distribution at plate interface and shape
of pressure cone

Fig. 1.12 shows the relationship between the contact pressure distribution at the plate
interface and the outer diameter of cylinder D,, for the case of two identical hollow
cylinders being clamped using a pair of bolt and nut. The case of Fig. 1.12A, in which
D, is small and nearly equal to mean diameter of nut or bolt head B, is called thin
cylinder. The contact pressure is distributed almost uniformly.

The case of Fig. 1.12C with large D, is called plate, in which the contact pressure
does not reach the outer edge of the interface. The contact area subjected to compres-
sion force is denoted by pressure cone angle 6., in the figure. The amount of .., is
found to be about 40 degrees [20] by finite element (FE) analysis. In this case, contact
pressure shows the peak around the bolt hole and decreases radially outwards in a
nearly triangular form. The case of Fig. 1.12B is the intermediate state between thin
cylinder and plate, called thick cylinder.

In the case of body-side engaged threads, female threads can be regarded as a nut
with infinite diameter, where the engaged thread portion and the interface consisting
of the clamped plate and the main body are in close proximity. Therefore, it generates
a characteristic distribution pattern of contact pressure, as shown in Fig. 1.13A. The
amount of 6., is nearly equal to the case of a bolt-nut connection. The contact pressure
becomes very high around the bolt hole and decreases radially outwards rather sharply
in an exponential fashion. Fig. 1.13B shows the contact pressure distribution obtained
by FE analysis, where 6., is about 42 degrees [20]. Numerical analyses were con-
ducted using helical thread models, as explained in section 2.5. The parameters that
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Fig. 1.13 Contact pressure distribution at plate interface adjacent to body-side engaged threads.

(A) Body-side engaged threads and (B) contact pressure distribution by FEM.

appear in the figure—O0, 90, 180, and 270 degrees—represent the positions at the inter-
face, which are 90 degrees apart from each other. No significant difference is observed
in the circumferential direction. It is predicted that the difference in the pressure dis-
tribution patterns, shown in Figs. 1.12 and 1.13, may be one of the major causes due to
which bolt-nut connections and body-side engaged threads exhibit different mechan-

ical behaviors under external force.
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1.6 Strength, thermal and mechanical properties
of threaded fastener materials

1.6.1 Materials used for threaded fasteners

A wide variety of materials are used for threaded fasteners, such as carbon steel, alloy
steel, stainless steel, aluminum alloy, brass, titanium, nickel-based heat-resistant
alloy, plastics, etc. When selecting materials suitable for the objective threaded fas-
teners, the judgement is usually made based on mechanical and thermal properties,
anticorrosion performance, etc.

Among the various materials, carbon steel and alloy steel are most commonly used.
Focusing the target material on carbon steel and alloy steel, Young’s modulus E,
which represents the material stiffness, is about 200 GPa and Poisson’s ratio, v, is
around 0.3, regardless of the content rates of carbon, nickel, chromium, and molyb-
denum. On the contrary, tensile strength o and yield stress oy show a wide variation;
op and oy are the indices for material strength, and they are represented by a single
value in threaded fasteners. Tensile strength op widely varies from about 400 MPa
for mild steel to 1200MPa for high-strength steel. For example, in the indication
“4.6” the first figure “4” means oz =400MPa and oy is calculated to be 240 MPa
by multiplying 400 MPa by another figure of “0.6.” Therefore, in the case of 4.8,
op is kept unchanged at 400 MPa, and oy becomes 320 MPa. In addition to 4.6 and
4.8, bolts with strength grades of 8.8 and 10.9 are frequently used in industrial appli-
cations. For a pair of bolt and nut, the recommendation in JIS B 1052 is the selection of
the same or a similar grade of bolt and nut.

Stainless steel is roughly classified into austenitic, martensitic, and precipitation
hardening type stainless steels, etc. Austenitic stainless steels typified by SUS304,
which is equivalent to ASTM S30400, are most commonly used in both elevated
and low temperature conditions, and they are also employed in corrosive environ-
ments due to their high anticorrosion performance. There exist no significant differ-
ences in Young’s modulus and Poisson’s ratio between carbon steels and austenitic
stainless steels. On the other hand, thermal conductivity 4, which governs the behavior
under thermal load, is as little as about one-third of that of carbon steel. In contrast, the
coefficient of linear expansion a,, is fairly large, about 1.5 times that of carbon steel.
The specific thermal properties stated above imply that stainless steels have some
essential problems under thermal load, i.e., high probability of troublesome phenom-
ena such as loosening of threaded fasteners, excessive bolt force, increase of contact
pressure at the nut-bearing surface, and seizure of thread surface and nut-bearing
surface.

Aluminum alloys are extensively used in industrial applications in order to com-
pensate the lack of strength of pure aluminum. Their density p,, is slightly larger than
one-third of that of carbon steel; thus, they are categorized as light alloys. Young’s
modulus E is fairly small—about 70 GPa—which is roughly one-third that of carbon
steel. Thermal conductivity is about 2.5 times and the coefficient of linear expansion is
about twice that of carbon steel, which means that they conduct heat and expand eas-
ily. Therefore, aluminum alloys behave in a specific manner under thermal load.
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A2024 and A7075 are representative aluminum alloys called duralumin. The former is
equivalent to ASTM 2024. They have the same level of tensile strength as carbon steel
at room temperature. When used at high temperature, however, care must be taken,
because the tensile strength significantly decreases.

Titanium and titanium alloy are classified as light metals because their density is
about 60% of that of carbon steel. Due to high anticorrosion performance and low sen-
sitivity to biological reactions, they are extensively used for eyeglass frames and var-
ious medical applications. On the other hand, since the raw materials are expensive
and difficult to process, the application purposes as threaded fasteners are limited.
Young’s moduli of titanium and titanium alloy are a little above 100 GPa, which is
about half that of carbon steel. Accordingly, when used as bolt materials, the bolt elon-
gation is approximately doubled compared to a bolt made of carbon steel having the
same configuration. This represents a specific mechanical property of titanium and
titanium alloy bolts—that is, smaller stress amplitudes would be produced under
the same repeated loading. In regard to thermal properties, coefficients of linear
expansion of titanium and titanium alloy at room temperature are very small, ranging
from 0.7 to 0.8 times that of carbon steel. Thermal conductivity of pure titanium at
room temperature is slightly greater than that of austenitic stainless steel. A widely
used titanium alloy, Ti-6Al-4V, has high strength and low thermal conductivity at
room temperature. The value of the latter is about one-third that of pure titanium.
However, its thermal conductivity has high temperature dependency and approaches
the value of austenitic stainless steel at room temperature as the service temperature is
increased. From the abovementioned properties, it is recognized that bolts made of
titanium or titanium alloy are further likely to seize than those made of austenitic
stainless steel. Nonetheless, if the specific properties of low Young’s modulus and
small coefficient of linear expansion are utilized in an ingenious manner, the appli-
cation range as threaded fasteners can be expanded.

An important point to remember when using threaded fasteners made of nonferrous
metals is that the strength of raw material is not necessarily consistent with the
strength when the same material is processed into threaded fasteners. It is reported
in Ref. [21] that when employing magnesium alloy or pure titanium as bolt materials,
the strength of a bolt made of magnesium alloy in the clamped state exceeds the one
made of pure titanium, although the tensile strength of pure titanium is about one and
half times higher than that of magnesium alloy.

In Table 1.4, the Young’s modulus E and Poisson’s ratio v of the representative
materials for threaded fasteners are shown, i.e., carbon steel, austenitic stainless steel,
titanium, and titanium alloy, involving their temperature dependency. In Table 1.5,
coefficient of linear expansion a,,, thermal conductivity A, density p,,, and specific
heat cy),, are tabulated in the same manner [22-25]. For reference, thermal properties
of aluminum alloy at room temperature are also shown. It will be explained in Learn-
ing by numerical examples 5.2 and 6.5 how the difference in coefficient of linear
expansion between bolt-nut and fastened plates affects the bolt force variation under
thermal load. As reference data for threaded fasteners made of carbon steel and alloy
steel used at high temperature, Appendix A of JIS B 1051 provides the values of 0.2%
proof stress over the range from room temperature to 300 °C, in which the strength
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Table 1.4 Mechanical properties of threaded fastener materials.

Carbon steel

Temperature (K) 293 373 473 573 673 773
E (MPa) 206,584 | 201,576 195,500 188,209 180,153 170,284
Vv 0.279 0.28 0.29 0.292 0.295 0.298

Austenitic stainless steel

Temperature (K) 297 422 533 583 755 866

E (MPa) 195,020 | 188,160 | 182,280 | 176,400 | 156,800 | 147,980
\% 0.25 0.27 0.32 0.32 0.27 0.29
Titanium

Temperature (K) 300 473 673 873

E (MPa) 110,000 | 98,067 86,299 71,589

\% 0.323 0.335 0.345 0.359

Titanium alloy

Temperature (K) 300 473 673 873
E (MPa) 112,210 | 104,931 | 93,163 78,453
\% 0.301 0.305 0.31 0.322

Aluminum alloy

Temperature (K) 300
E (MPa) 73,108
\% 0.331

grade of bolts is covered from 5.6 to 12.9. For pipe flanges used at high temperature,
bolts made of chrome-molybdenum-based alloy, SNB7, are widely used.

1.6.2 Factors to consider in selecting materials

When selecting materials of which threaded fasteners are made, the power of resistance
to the service environment, such as anticorrosion performance, is important in addition
to strength, stiffness, and thermal properties. Furthermore, workability sometimes
becomes an issue for threaded fasteners used in a normal environment. For instance,
when processing female threads into the main body, the dimensional accuracy of thread
form becomes lower than that of a bolt-nut connection, due to the difficulty in
processing. In particular, the case of the main body being made of high strength mate-
rials may generate large geometric errors in female threads. Accordingly, the overall
joint strength cannot be improved, regardless of employing high strength materials.
Threaded fasteners such as bolts and nuts are usually manufactured by rolling. Mean-
while, a cutting operation is often applied for manufacturing bolts with large nominal
diameter and bolts made of processing-resistant materials. The strength of threaded
fasteners formed by cutting is weaker than those formed by rolling.

When selecting materials for threaded fasteners, the amount of strain energy, which
is to be stored until the rupture occurs, must be taken into account from the mechanical
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Table 1.5 Thermal properties of threaded fastener materials.

Carbon steel

Temperature (K) 300 500 800

Aor (1/K) x 107° 11.8 12.3 14.2

A (W/mK) 51.5 47.2 36.8

pan (kg/m?) 7850 7800 7700

csp (J/kgK) 473 520 665

Austenitic stainless steel

Temperature (K) 300 400 600 800 1000
Aor (1/K) x 107° 17.3 17.4 17.8 18.4 19.1
A (W/mK) 16.0 16.5 19.0 22.5 25.7
Pan (kg/m?) 7920 7890 7810 7730 7640
csp (J/kgK) 499 511 556 620 644
Titanium

Temperature (K) 300 600 800 1000 1200
dor (1/K) x 107° 8.7 10.4 11.1 11.5 11.3
A (W/mK) 21.9 19.4 19.7 20.7 22
Pan (kg/m?) 4506 4467 4439 4409 4385
csp (J/kgK) 522 610 674 732 700
Titanium alloy

Temperature (K) 300 500 800

A, (1/K) x 107° 8.95 10.3 11.4

A (W/mK) 7.6 11.1 17.2

Pan (kg/m®) 4420 4340 4350

¢gp (I/kgK) 537 557 655

Aluminum alloy

Temperature (K) 300

Aor (1/K) x 107° 23.2

A (W/mK) 120

Pan (kg/m’) 2770

¢,y (I/kgK) 880

strength point of view, besides tensile strength and yield strength. The value is eval-
uated as the area in the stress-strain diagram integrated from the origin to the rupture
point. Threaded fasteners made of ductile materials can absorb a large amount of strain
energy, even if their yield stress and tensile strength are not so high, because the fas-
tener generally elongates until the rupture occurs. On the contrary, in the case of
threaded fasteners made of high strength materials, the strain energy that can be stored
may become smaller because the fasteners tend to break under fairly small strains.
From the above considerations, when subjected to unexpected large loads, threaded
fasteners made of ductile materials may stay within the joint, although producing large
plastic deformations. In contrast, threaded fasteners made of high strength materials
might be completely broken, resulting in the loss of joint function.
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2.1 Strength of threaded fasteners

2.1.1 Occurrence locations of rupture and failure of threaded
fasteners

Fig. 2.1 illustrates the locations where the rupture and failure of threaded fasteners are
likely to occur. In the case of bolt-nut connections, bolt ruptures occur in most cases at
the first bolt thread root adjacent to the nut-bearing surface and around thread runout
and root radius under the bolt head. In contrast, in the case of body-side engaged
threads, it is sometimes reported that the rupture initiates from the far end thread root
of female threads due to crack propagation. In any event, those accidents can be traced
to metal fatigue occurring under repeated external loads in service conditions.

Meanwhile, bolt failures occur during the tightening operation, especially by the
torque control method, due to over tightening by applying excessive torque. This pro-
duces large plastic deformations in the threaded portion, which may disable the target
joint or cause the joint to rupture. The plastic deformations usually initiate from
around the first bolt thread root, but the rupture often occurs in the central part of
the unengaged threads. This phenomenon can be explained by the expansion of plas-
tically deformed region, as discussed in section 4.2.5. Stress concentration and fatigue
failure of threaded fasteners are explained comprehensively in Chapter 4.

To attain the downsizing and lightweighting of jointed components, high strength
materials are increasingly used for threaded fasteners. In these cases, attention should
be paid not only to stress values in threaded fasteners but also to contact pressure at the
nut-bearing surface. Too high a contact pressure produces large plastic deformations
around the plate surface in contact with the nut. It causes a permanent set, here termed
depression, where the nut-bearing surface bites into the plate surface. Depression
could become a serious problem when the plate material is weaker than the threaded
fastener material. For jointed components made of carbon steel or chrome-molybde-
num-based alloy, the critical contact pressure allowable at the nut-bearing surface is
lower than the tensile strength. In contrast, the allowable contact pressure is higher
than the tensile strength in the case of cast iron. Concrete values of critical contact
pressure are given in [26] for various materials.

Multiplying the mean contact pressure at the nut-bearing surface—determined by
its critical contact pressure—by the ratio of bolt cylindrical area to nut-bearing surface
area, the amount of allowable bolt stress can be calculated based on the critical contact
pressure. The abovementioned area ratio considerably changes for varying nominal
diameters and bolt hole grades. It is given in graphical form in section 3.4.3, which
deals with the tightening process of direct tension method using hydraulic tensioners.

The Mechanics of Threaded Fasteners and Bolted Joints for Engineering and Design.
https://doi.org/10.1016/B978-0-323-95357-3.00003-4
Copyright © 2023 Elsevier Inc. All rights reserved.
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Fig. 2.1 Occurrence locations of rupture and failure in threaded fasteners. (A) Bolt-nut
connection and (B) body-side engaged threads.

2.1.2 Strength in tightening process

The target value in the tightening process of threaded fasteners is axial bolt force or
axial bolt stress. When tightening is conducted using a pair of bolt and nut, the bolt is
elongated by the tensile force and the fastened plates are contracted by the compres-
sion force, which is a reaction force. Threaded fasteners are tightened by a variety of
methods. For example, when using hydraulic tensioners, the tensile force applied in
the tightening process is somewhat larger than the target bolt force. The torque control
method is the most widely used because of its easy operation. In the tightening pro-
cess, however, a twisting moment unnecessary to generate bolt force is also exerted on
the bolt body. The twisting moment produces shear stress, which is harmful to bolt
strength. Accordingly, plastic deformations are more likely to be produced at the bolt
thread root where high stress concentrations occur, even if the bolt stress is relatively



Fundamentals of threaded fasteners 25

lower than the yield stress of the bolt material. That is because the von Mises stress is
increased due to the effect of the twisting moment. In this case, if the plastically
deformed area is limited around the thread root, the effect of plastic deformation
on the mechanical behavior of bolted joints can be negligible.

When applying tensile force directly to the target bolt, commonly employed
methods are direct tension, using hydraulic tensioners, or thermal expansion, using
bolt heaters. In the former method, the initial tension applied in the tightening pro-
cess is larger than the target bolt force. Specifically, when tightening a joint with
small grip length, a fairly large tensile force is required to achieve the objective bolt
force. Therefore, attention must be paid to not causing too large a plastic deforma-
tion. In the thermal expansion method, target bolts are hollow and they are heated
using bolt heaters until a prescribed amount of elongation is obtained in order to
attain the objective bolt force. The magnitude of the attained bolt force increases
as heating temperature is increased. Consequently, the upper limit of heating tem-
perature needs to be determined from the mechanical point of view, since too high a
heating temperature can significantly alter the material properties of threaded fas-
teners. Mechanics and problems of the tightening process of bolted joints are dis-
cussed in depth in Chapter 3.

2.1.3 Strength in service condition

Problems and accidents concerning threaded fasteners generally occur in service con-
ditions. They arise from a variety of causes, and in many cases multiple causes com-
bined result in fastener troubles. Important considerations to assess the strength of
threaded fasteners are described below.

(1) Fatigue strength against repeated loading
Large stress amplitude due to repeated loading sometimes causes fatigue failure of
threaded fasteners. Fatigue failure of threaded fasteners is explained in detail in section
4.4 and subsequent sections.
(2) Delayed fracture
Delayed fracture is a kind of brittle fracture, which occurs suddenly after some time
has passed from the completion of the tightening process. It becomes a problem in high
strength materials with tensile strength of 1200 MPa or higher. The primary cause is the
existence of hydrogen, which invades from the surrounding environment due to ele-
ctroplating and other factors. Accordingly, the upper limit of the material strength of
threaded fasteners is commonly grade 12.9. Delayed fracture can be mitigated by a dehy-
drogenation treatment called a baking process. Detailed discussions on delayed fracture
are found in [27].
(3) Loosening of threaded fasteners
Reduction of axial bolt force, due to vibration force and other factors, sometimes
induces falling-off of nuts and fatigue failure of bolts, the latter of which is caused by
the increase of stress amplitude exerted on threaded fasteners. The loosening phenomenon
of threaded fasteners is explained in Chapter 6, where it is categorized into two cases of
loosening, with and without rotation of threaded fasteners.
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Bolt force variation due to thermal load

When bolted joints are subjected to thermal load, axial bolt force varies due to the dif-
ference in thermal expansion among clamped parts and the variation of material properties
such as Young’s modulus. The amount of thermal expansion is calculated as the product of
the coefficient of linear expansion, temperature change, and length. A simple equation
derived from the foregoing relationship suggests that in bolted joints subjected to thermal
load, attention should be paid to the difference in the coefficient of linear expansion
between threaded fasteners and clamped plates. It also should be noted that the bolt force
significantly varies, particularly in bolted joints with large grip length under large temper-
ature changes. The difference in thermal expansion around the bolted joint is primarily cau-
sed by the differences in temperature and coefficient of linear expansion between bolt-nut
connections and clamped plates. The temperature difference reaches its peak in many cases
before the steady state has been established after the start of heating.

When combining different materials between bolt-nut connections and clamped plates,
particular attention must be paid. This is because the bolt force variation is directly propor-
tional to the difference in coefficient of linear expansion between the two materials,
according to the calculation examples by a simple equation given in section 5.1.3. Mean-
while, the amount of coefficient of linear expansion differs to some extent among the mate-
rials that belong to the carbon steel group. In this case, the bolt force changes under large
temperature variation, even if the difference is small.

Regarding thermal load, most bolted joints are subjected to high temperature thermal
load. In contrast, when subjected to low temperature thermal load, the bolt force variation
can be predicted with the same equation just by reversing the sign of temperature variation.
Thermal and mechanical behaviors of bolted joints under thermal load are discussed in
great detail in Chapter 5, including the effect of thermal contact resistance, explained in
Section 2.7.

Bolt force variation due to creep

Creep is a phenomenon wherein strain is increased over time under constant load. It is
particularly observed at high temperature, while it also becomes an issue at relatively low
temperature for low melting point materials. It is not easy to determine the threshold temper-
ature of the carbon steel commonly used for threaded fasteners beyond which the effect of
creep must be considered. In [28], it is pointed out that the effect of creep particularly appears
in carbon steel materials in the range beyond 350 or 400 °C, after which deformations may
progress in the stress condition even below the yield stress. There are some proposals regard-
ing the threshold temperature, e.g., the effect of creep must be considered beyond 500 °C and
could be negligible below 300 °C. There is also a proposal that in the range between 300 and
500 °C, the judgment should be made based on the method of applying thermal load and the
material.

VDI 2230 (2003) proposes a relationship between creep and embedment [29].
Embedment is a phenomenon wherein bolt force reduces with the progress of plastic
deformation of surface asperities. It is explained in detail how to formulate and analyze
creep phenomena by FEM in [30]. In [31], the creep phenomena in bolted joints are stud-
ied by conducting creep experiments at 600 °C, in which the bolt force variation with
time is compared to the one obtained by the evaluation formula for creep rate.
Corrosion and electrolytic corrosion induced by the surrounding environment

Strength and life of threaded fasteners are often significantly decreased due to the sur-
rounding environment, such as seawater and mist. In some cases, electrolytic corrosion
becomes a serious issue, which is caused by the difference in ionization tendency among
the joint materials. This problem can be prevented by introducing coating treatment or
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considering the combination of joint materials. In addition, corrosion fatigue sometimes
becomes a critical problem for threaded fasteners used in corrosive environments. The gen-
eration mechanisms and the prevention methods are explained in great detail in [32], in
which the theory of fracture mechanics is successfully applied for the purpose of estimating
the fatigue strength against corrosion fatigue.

2.1.4 Friction coefficients affecting mechanical behavior
of bolted joints

Bolted joints are composed of threaded fasteners, such as bolts and nuts, and fastened
plates. They are regarded as contact structures from the mechanical point of view.
Accordingly, it is necessary to analyze contact problems to clarify their mechanical
behavior. Contact problems are generally recognized as one of the most difficult
mechanical problems, even if the latest finite element theory is introduced [33].

When analyzing contact problems, numerical calculations are usually conducted in
an iterative manner to determine the contact conditions, considering the balance of
forces among contacting bodies. The contact conditions are typically categorized into
three states, i.e., stick, slip, and separation. In stick state, two contacting bodies are
regarded as one body. In slip state, relative motion exists at the interface between con-
tacting bodies in the tangential direction. In separation state, some clearance exists
between contacting bodies. When dealing with contact structures with complex geom-
etry, nonlinear problems need to be analyzed in most cases, because contact areas and
conditions are likely to change according to the increase or decrease of external force.

In three-dimensional structures, slip state is categorized into three patterns
depending on the definition of coordinates. They are the state of slip in x-direction
and stick in y-direction, the state of stick in x-direction and slip in y-direction, and
the state of slip in both x- and y-directions. Assuming that finite element method is
used and contact conditions are judged between n pairs of nodes placed on the mating
contact surfaces, there could be 5" combinations of contact conditions in all,
corresponding to five possible contact conditions such as stick, separation, and three
types of slip state, as explained above. It follows that numerical analyses are required
to find only one definite combination out of so many selections. In addition, contact
conditions are greatly influenced by the value of the coefficient of friction. Accord-
ingly, since bolted joints are contact structures including all the problems mentioned
above, it is tough and intractable, from the viewpoint of numerical analysis, to analyze
their mechanical behavior with high accuracy.

Fig. 2.2 shows coefficients of friction on the thread surface, nut-bearing surface, bolt
head-bearing surface, and plate interface, which affect the mechanical behavior of bol-
ted joints. p, and p in the figure represent friction coefficients in the radial and circum-
ferential directions, respectively. In any event, the amounts of y, and yy are different,
slightly or considerably, from each other because friction characteristics vary depending
on the direction of the relative motion of contacting bodies. This means that two kinds of
friction coefficient, u, and ug, must be considered on each contact surface to rigorously
evaluate the mechanical behavior of bolted joints. For instance, when tightening a pair
of bolt and nut by the torque control method, the relationship between applied torque
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and bolt force to be generated is determined by the amounts of u4 on thread surface and
nut-bearing surface. In the case of the tightening process of tap bolts, shown in Fig.1.9,
the relationship can be evaluated just by replacing the coefficient of friction on the nut-
bearing surface with that on the bolt head-bearing surface.

When machines, structures, and instruments, clamped by bolts and nuts, are put
into service conditions, coefficients of friction on thread surface, nut-bearing surface,
bolt head-bearing surface, and plate interface become an issue, because they affect the
slip phenomenon on each contact surface. Furthermore, loosening phenomena are
greatly influenced by u, when subjected to repeated loading perpendicular to the bolt
axis and also by ue when subjected to twisting moment around the bolt axis,
respectively.

2.2 Stiffness of threaded fasteners

2.2.1 Relationship between stiffness and mechanical behavior
in bolted joints

The stiffness of the engaged thread portion is closely related to the fatigue strength.
Some past disasters had been caused by improper designs ignoring the importance of
the stiffness. In this section, the stiffness of bolted joints is expressed by a simple one-
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dimensional spring model, by use of which it is explained how to evaluate various
mechanical properties of bolted joints, such as tightening characteristics of a variety
of methods, fatigue strength, propagation of applied force under impact loading, etc.

Stiffness of jointed components is an important factor to be considered in the
design step as well as strength. However, high stiffness is not always desirable, unlike
high strength. For example, the stiffness of bolt-nut connection is preferably low, to
enhance fatigue strength and mitigate the bolt force reduction due to the embedment at
the interface.

It is relatively easy to evaluate the stiffness of a bolt-nut connection under tensile
load in both the initial tightening process and the running condition. In the latter case,
external loads are applied. On the other hand, only compression force is exerted on the
fastened plates in the tightening process. Therefore, it is very difficult to accurately
evaluate the stiffness of fastened plates when they are subjected to tensile force
due to repeated loading in the running condition.

In general, fatigue strength of the jointed components becomes a problem when
subjected to tensile load. In that regard, it is a point of vital importance that the stiff-
ness of fastened plates can be significantly different between the tightening process
and in the running condition of the joint under tensile external load. This phenomenon
is the primary cause of the low evaluation accuracy of the fatigue strength of bolted
joints by means of bolted joint diagram. Detailed discussions of this are found in
section 4.5.

Joint stiffness changes with changes in the types of applied loads, such as axial
external force, bending, shear, and twisting, even if an identical pair of bolt and
nut is used in the joints of a variety of machines, structures, instruments, etc. Among
various stiffnesses, the stiffness in the axial direction, i.e., along the bolt axis, is of
primary importance. The axial stiffness is closely related to bolt force generation
in the tightening process and bolt force variation under repeated loading.

Supposing a straight bar of length L and area A is subjected to axial force F, as
shown in Fig. 2.3, the relationship between axial force F and axial displacement
u is given in the following equation, considering the definition of stress and Hooke’s
law:

=F

|y

2.1

N~ =

where E represents Young’s modulus.
Transforming Eq. (2.1), proportional factor AE/L between axial force F and dis-
placement u is set to be k:

F= Tu= ku (2.2)

_AE

k=T

(2.3)
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Fig. 2.3 Straight bar subjected to cross-sectional area

axial force. axial force

length L Young's modulus E

\

one-dimensional spring model

o /\/ O k="{"1L"E

where k represents the spring constant of the straight bar under axial force.

Fig. 2.4 shows a pipe flange connection clamped by multiple bolts, in which a gas-
ket is inserted between two flanges. The primary role of pipe flange connections is the
prevention of the leakage of contained fluids—Ileakage which can be traced to the
reduction of bolt force due to such factors as thermal expansion or shrinkage of flanges
and gaskets and changes in gasket stiffness, all of which are caused by high or low
temperature of contained fluids.

The stiffness of gaskets is generally much lower than that of metal flanges. For
instance, in the case of sheet gaskets, gasket compression stress is nonlinearly related
to gasket strain. If the relationship between stress and strain is tentatively expressed by
linear approximation within the range of normal use conditions, the stiffness evaluated
by the gradient of the straight line is usually less than hundredths of the Young’s mod-
ulus of carbon steel. Hence, a pipe flange connection is simply regarded as a structure
consisting of two high stiffness plates and a low stiffness gasket. Expressing each part
of the pipe flange connection by one-dimensional springs, the whole structure can be

Fig. 2.4 Stiffness of each {
part of a pipe flange
connection.
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expressed as an aggregate of elastic bodies, where one low stiffness spring is inserted
between two high stiffness springs and connected in series. Accordingly, when sub-
jected to external force or thermal load, large deformations occur intensively in the
gasket. It follows that the mechanical behavior of the whole joint is controlled by
the gasket stiffness. It is widely recognized that the mechanical behavior of a pipe
flange connection with an inserted sheet gasket is difficult to evaluate, regardless
of its widespread use. That is because the joint behavior is largely influenced by a
low stiffness sheet gasket that exhibits high nonlinearity and hysteresis loop in the
stress—strain curve.

2.2.2 Stiffness evaluation using one-dimensional spring elements

When tightening bolted joints, complex deformation patterns are observed around
engaged threads, bolt head, nut, and bolt head-bearing surfaces. In that case, the tight-
ening process is primarily affected by the axial deformation of the objective bolted
joint. Fatigue strength under external load and bolt force reduction due to nut loosen-
ing are also greatly influenced by the axial deformation of each part of the bolted joint.
From the above considerations, it follows that the stiffness in the axial direction is of
primary importance to evaluate tightening properties, fatigue strength, and loosening
phenomena of bolted joints. Axial stiffness of each part of a bolted joint can be
expressed by one-dimensional springs, as shown in Eq. (2.3).

A bolted joint can be replaced by five one-dimensional spring models connected in
series, i.e., engaged threads, unengaged threads, bolt cylindrical portion, bolt head,
and fastened plates, as shown in Fig. 2.5. Five spring constants appearing in the
figure—=ky;,, ks, kcyi, kg, and k—represent the stiffness of each part explained above,

N

\ engaged threads engaged threads
| <

unengaged threads ks
* Fastened
o | | Fastened plates bolt force kf lat
bolt cylindrical portion F 5 plates
—_— | |

| | bolt cylindrical portion kcyl
N

T | bolt head bolthead > kyq

Fig. 2.5 Stiffness of a bolted joint represented by five one-dimensional spring elements.
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respectively. Spring constant &, calculated by connecting the four spring constants of
kip, ks, keyr, and kjy in series, represents the entire stiffness of the bolt-nut connection:

1 1 1 1 1
— =+ — + + — 24
ky ko ks kew  kpa 24)

By connecting k;, and k;in series, spring constant k., is produced, which represents
the entire stiffness of a bolted joint:

1 1 1
1.1 25
kioar  kp  ky @)

The amount of &,,,,, significantly affects the accuracy of bolt force obtained by various
tightening methods, as introduced in Chapter 3. Since bolted joints with small grip
length have large k., the tightening accuracy is likely to decrease. The ratio of
ky, to ky greatly affects the fatigue strength of bolted joints. Among the five spring con-
stants introduced above, it is quite difficult to evaluate the amounts of &, and k; with
high accuracy, since they are significantly influenced by the processing and assembly
errors of threaded fasteners and the complexity of joint configuration. Particular atten-
tion should be paid when clamping thin plates with warping beyond a certain level,
because the amounts of &, and k; are changeable. Four spring constants, except for
ks, can be expressed in the same form as Eq. (2.3):

AgE), ke — AgE),

AE, . _AE,
Lth ’ ' Ls ’

ki = — hd =
Loy’ Lyq

keyt = 2.6)

where Aj is stress area and A is bolt cylindrical area calculated by nominal diameter d;
L and L., are the lengths of unengaged threads and bolt cylindrical portion, respec-
tively; E;, represents Young’s modulus of bolt and nut materials; and L, and L, are
equivalent lengths of engaged threads and bolt head, which are discussed in the next
section.

The relationship between the spring constant of an entire bolted joint k., and
nominal diameter d is very important when studying various mechanical properties
of bolted joints. In order to examine the relationship between nominal diameter
d and spring constant k, which represents the stiffness of a straight bar, Eq. (2.3) is
transformed as follows:

AE  nd?
k=T =7

| o
N
SN
e

=2 = 2.7)

Assuming that L is grip length and L/d is constant, which implies that the configura-
tions of target joints are approximately similar each other, it is found that the stiffness
of bolted joints with similar form is almost proportional to nominal diameter d. This
result is significantly important when considering the tightening characteristics and
the strength of bolted joints.
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2.2.3 Equivalent lengths of engaged threads and bolt head

Stiffnesses of engaged threads and bolt head are evaluated not by the actual lengths but
by the equivalent lengths of cylinders having the same amount of axial stiffness.
Fig. 2.6 explains the concept of equivalent length. L,, is the equivalent length for
engaged threads, which is replaced by a cylinder of diameter d;, diameter of stress
area. L;, is the equivalent length for the bolt head, which is replaced by a cylinder
of diameter d, nominal diameter of bolt. Several equations are proposed for L,, and
L;4. Sawa et al. proposed the following equation based on the theory of elasticity [6]:

Ly =0.7d, Lp=0.5d (2.8)

Fig. 2.7A and B shows the amounts of L,, and L, calculated by FEM [34], in which
equivalent lengths are normalized with respect to nominal diameter d. Analytical
objects are coarse screw threads of M12, M24, and M64. L, is evaluated under the
condition of bolt hole diameter d,, of first and second grades, while L, is evaluated
under dj, of second grade. The abscissa represents coefficient of friction u. Equal coef-
ficients of friction are assumed on the thread surface and nut-bearing surface. As y is
increased, L,, and L, are both decreased, because the relevant deformations are con-
strained more strongly on the contact surfaces and the stiffness becomes higher. The
effect of u appears more remarkably in L,,. That is because the contact on the bolt
head-bearing surface occurs along the horizontal plane, whereas contact on the pres-
sure flank of engaged threads occurs along the surface inclined at 30 degrees to the
horizontal plane. In the latter case, the amount of relative slip at the interface is liable
to change as u varies. As for the effect of bolt hole diameter d, on L,;,, the amount of L,;,
for first grade of d,, is a little smaller than that for second grade, because the deflection
of engaged threads is more constrained in the case of first bolt hole, due to the small
bolt hole diameter.

The effect of nominal diameter d on L, is insignificant, as found from Fig. 2.7A,
although the reduction rate of L, with increasing u slightly changes for varying nom-
inal diameters. Equivalent length of bolt head L,,, shown in Fig. 2.7B, also decreases
with increasing u, in which the effect of y is smaller than in L,, due to the reason
stated above.
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From the above considerations, when evaluating the mechanical behavior of bolted
joints by means of one-dimensional spring models, the following values are employed
in this book, unless otherwise stated:

Ly, =0.85d, Lps=0.55d (2.9)

The equivalent length of engaged threads L, is sensitive to geometric errors existing
between mating threads and at the nut-bearing surface, etc. The nut-bearing surface is
not always completely flat due to the difficulty in plastic working, as discussed in sec-
tion 1.5.2. In these cases, a small taper is processed radially inwards, as shown in
Fig. 2.8A. Therefore, when tightening a bolt with relatively low torque, the nut-
bearing surface might not come into perfect contact with the mating plate surface. This
produces an additional axial deflection around the nut bearing surface, leading to a
stiffness reduction of the engaged threads. Numerical results by axisymmetric
FEM (finite element method) are given in Fig. 2.8B in order to show how the incli-
nation angle existing at the nut-bearing surface 6,, affects L, where the contact length
defined in Fig. 2.8 A is set to zero [35]. Positive values of 8,, indicate that the clearance
increases toward the bolt axis, which is commonly encountered in actual nuts, while
negative values show that the clearance increases toward the outer surface of the nut.
Numerical analyses are performed for bolt-nut connections of M24 clamped with bolt
stress of 300 MPa. Bolt hole diameter d, is the second grade. Coefficient of friction u
is changed from 0 to 0.2. The amount of L, shows a minimum of 0.85d when u is 0.2
and the nut-bearing surface is initially in perfect contact, 8,, = 0. It is also found that
the stiffness of engaged threads, represented by the reciprocal of L, significantly
decreases due to the existence of a slight inclination, regardless of its direction.
Regarding the effect of u, L,;, increases and the stiffness of engaged threads is reduced
with decreasing u for the same reason as in Fig. 2.7A.

Fig. 2.8C shows the numerical results of the effect of bolt stress on L,;,, where a one-
seventh part of the nut-bearing surface is assumed to be in contact from the outer edge
of the nut under the condition of zero bolt stress. The bolt stress o, is changed from
100 MPa to 200 MPa and 300 MPa. When the nut-bearing surface is partially in con-
tact in the initial state, the effect of bolt stress is rather small and it almost saturates in
the region that 6,, exceeds plus or minus 1 degree, as shown in Fig. 2.8C. That is
because the contact area between the nut-bearing surface and the plate surface is
nearly unchanged beyond a certain value of 6,,, even if bolt stress is increased.

Summarizing the above results, it is concluded that with the existence of a slight
taper at the nut-bearing surface, the equivalent length of engaged threads L,, becomes
significantly larger than 0.85d for the perfect flat case, and L, is sometimes more than
twice the forgoing value. Meanwhile, in the case of body-side engaged threads
clamped by studs or tap bolts, the equivalent length L, is shorter than 0.85d owing
to its high stiffness [36]:

Ly = 0.75d (2.10)

The conclusion that equivalent length of engaged threads L, is changeable, deduced
from Figs. 2.7A and 2.8B and C, suggests that when evaluating the mechanical
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behavior of a bolted joint with small grip length, the analytical accuracy is greatly
influenced by what value is chosen for L,,. There is a concrete example on the tight-
ening accuracy, which is commonly encountered in the direct tension method, thermal
expansion method, and elastic angle control method. When clamping relatively thin
plates by one of these three methods, the accuracy of the generated bolt force could be
remarkably reduced due to error in relation to the selection of L,;,, compared to the case
of clamping thick plates. For the same reason, the decrease in evaluation accuracy
occurs when bolt force variation under repeated loading is predicted or bolt force
reduction due to embedment is estimated by use of a bolted joint diagram.

2.2.4 Compression stiffness of fastened plates

When tightening bolt-nut connections, tensile force is produced in bolts and compres-
sion force is exerted on fastened plates as the reaction force. The stiffness of fastened
plates under compression force is of critical importance to evaluate various mechan-
ical behaviors such as tightening characteristics and fatigue strength. It is determined
by the shapes, dimensions, and materials of the target fastened plates. Compression
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stiffness of fastened plates varies according to the contact pressure distribution pat-
terns at the interface, which are classified into thin cylinder, thick cylinder, and plate,
as depicted in fig. 1.12. When using bolts and nuts with identical nominal diameter
d for a constant grip length Ly, the stiffness of fastened plates increases in the order
of thin cylinder, thick cylinder, and plate. In the case of thin cylinder, where the outer
diameter of fastened plates Dy is slightly larger than the mean diameter B of nut or bolt
head, the plates are considered to be under uniform compression. Therefore, its spring
constant kycan be calculated by substituting the cross-sectional area of the hollow cyl-
inder and the grip length into A and L, respectively, in Eq. (2.3).

E(Doz — th) Ef
k= — I (2.11)
The above equation demonstrates that k;is proportional to Young’s modulus £ of the
plate material and is inversely proportional to the grip length L. That is, the stiffness is
increased with smaller grip length and is decreased when materials with low Young’s
modulus, like aluminum alloys, are used. Furthermore, the influences of Eand Lyon k¢
are qualitatively the same for the cases of thick cylinder and plate. Some evaluation
formulas for k; proposed so far are introduced in the following.

For instance, VDI 2230 (2003) proposes an equation for the clamping state of a
plate based on the numerical results by FEM, in which the geometry of bolt-nut con-
nection is replaced by a simple form:

E rdy tan 0.,

k= E pdp tan (2.12)

’ 2n (B +dy)(B +Lytan0.,—d))

(B—dy) (B + Ly tan O, + d))

where d), represents bolt hole diameter.
The pressure cone angle 8., can be calculated by the following equation:
tan @y, — 0.362 + 0.0321n (2L ) +0.153In (&) (2.13)
en = 0. . 3B . B .

The detailed calculation procedure of VDI 2230 (2003) is given in [37]. Compres-
sion force due to bolt force is not exerted outside the pressure cone at the interface, as
explained in section 1.5.3. Hence, no contact pressure exists there, despite mating
plates being geometrically in contact. It is pointed out in [38] that the amount of
kg evaluated by the above equation tends to give higher values, because the separa-
tion phenomenon outside the pressure cone is not considered in the finite element
analysis.

Three-dimensional elastic theory is also applied to derive the equation for k; by
some researchers [39,40]. Replacing the fastened plates by a hollow cylinder and
assuming uniform contact pressure distributions on nut- and bolt head-bearing sur-
faces due to bolt force, Shibahara proposed a simple equation that is applicable to
all three contact pressure distribution patterns [39], as shown in fig. 1.12:
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= : (2.14)

where

L _07 _12(Le_r
= 0.2{""T + 0.9} (1 —e lz(f’h f’)> (2.15)
dn

The amount of krobtained by the above equation also tends to be higher than it actually
is. It is presumed that the issue of insufficient accuracy is mainly caused by ignoring
the effect of separation at the interface and by assuming uniform contact pressure dis-
tributions on the bearing surface.

Although Eq. (2.14) gives somewhat higher values for spring constant of fastened
plates k; than those determined by FEM, it has the advantage of easy calculation and
produces a relatively small error for a certain range of joint configuration. Therefore, a
practical calculation procedure for & is proposed [34], which can be applied to all
three types of contact pressure distribution patterns, by combining Shibahara’s equa-
tions with the elementary theory of solid mechanics. The outline of the method is
introduced below, since it provides sufficient accuracy from the practical point
of view.

Fig. 2.9 shows three distribution patterns of contact pressure in bolt-nut connec-
tions, redrawn referring to fig. 1.12C. Assuming that pressure cone angle 4.,

" thin cylinder ' Fig. 2.9 Determination of clamping
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, B . . . nut connection.
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Fig. 2.10 An evaluation method of spring constant for thick cylinder.

is 45 degrees, the determination of clamping state between thick cylinder and plate can
be made by the dimensions of mean diameter of nut B, grip length Ly, and outer diam-
eter of fastened plates D,,. The case of the sum of B and L;being smaller than D,, rep-
resents the state of plate and the case of the sum being larger than D, reduces to the
state of thick cylinder. As a result, Shibahara’s equation, Eq. (2.14), is simply applied
to the case of the plate. In the case of thick cylinder, dividing the fastened plates into
three parts, as shown in Fig. 2.10, the aggregation of upper and lower truncated cones
is regarded as plate and the central part is assumed to be thin cylinder under uniform
compression. Therefore, calculating spring constants for plate k, and thin cylinder kg
by use of Egs. (2.14) and (2.11), the spring constant for thick cylinder k¢ is evaluated
by connecting k4 and kg in series:

e (2.16)

When Dy is slightly larger than B, the spring constant of fastened plates k¢ is simply
calculated by Eq. (2.11) as a thin cylinder. The applicable limit of Eq. (2.11) is dis-
cussed in the next section by comparing to the numerical results achieved by FEM.
The idea of dividing thick cylinder into thin cylinder and plate is basically the same
as the method proposed in VDI 2230 (2003), in which fastened plates are divided into
two truncated cones and a thin cylinder.

The values of &, and k, are constant regardless of grip length L. Those of k; and
kcy decrease in inverse proportion to Lyunder the condition of a constant ratio of L, to
L.y, Hence, the entire spring constant of bolt-nut connection, k,, decreases as Ly is
increased, and its reduction rate is slightly smaller than the increasing rate of Ly
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As a result, with increasing Ly, the mechanical behavior of bolted joints comes to be
less affected by the evaluation accuracy in equivalent length of engaged threads L,
shown in Fig. 2.8, since the influence of &, on the entire stiffness gets smaller. In con-
trast, in case of clamping thin plates whose grip length is as much as nominal diameter
d, it can be said that the amount of %, is determined mostly by that of L,;,, considering
that L, varies, possibly from 0.85d to 1.8d, as shown in Fig. 2.8.

— Learning by numerical example 2.1: Spring constants of each part of a bolted joint

Two hollow cylinders of 16 mm thickness are clamped by a pair of bolt and nut with
nominal diameter of M16. The outer diameter of hollow cylinder D,, is 28.8 mm, 1.8
times nominal diameter d, which corresponds to the state of the thin cylinder. The
inner diameter is 17.5 mm, which is equal to bolt hole diameter dj, of second grade.
Assuming equal lengths in L; and L, the amounts of five spring constants, Ky, ks, Ky,
kpa, and kg, are calculated. Young’s moduli of bolt, nut, and fastened plates are all
200 GPa. Diameter of stress area d is cited from Table 1.2. Unless otherwise stated,
as for the shape of fastened plates, D, is selected to be 1.8 times nominal diameter
d and bolt hole diameter of second grade is used in the following numerical examples.

From the above condition, grip length Ly is 32 mm. L,, and L, are obtained by
Eq. (2.9). Bolt cylindrical area A and stress area A, are easily calculated by use of
d and d,:

Ly =0.85d = 13.6(mm), L;=16(mm), L.y = 16(mm),
Lyg = 0.55d = 8.8(mm)
b

A= %dz = 201.06(mm?), Ay = §ds* = 156.67 (mm’)

Substituting the above values into Eq. (2.6), five spring constants are obtained as
follows:

kg = 2.304 x 10°(N/mm), k, = 1.958 x 10°(N/mm),
keyr = 2.513 x 10°(N/mm),
kna = 4.570 x 10°(N/mm), k= 2.568 x 10°(N/mm)

Then, the entire spring constant of bolt-nut connection %, is calculated by Eq. (2.4):

ky = 6.405 x 10° (N/mm)

2.2.5 Evaluation of spring constants composing a bolted joint
by FEM

Among five spring constants composing a bolted joint, those for unengaged threads &,
and bolt cylindrical portion k., shown in Eq. (2.6), are calculated using the elemen-
tary theory of solid mechanics. The other three spring constants, k, k4, and kg, can be
evaluated by axisymmetric FEM.
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The amounts of L, and L, obtained by FEM for evaluating k,, and k;,, are given in
Fig. 2.7. In [38], ks is evaluated by replacing engaged threads and bolt head with cyl-
inders of the same form. In actual bolted joints, however, the stiffness of engaged
threads is lower than that of the bolt head, as found from Eq. (2.9), which gives equiv-
alent lengths of those portions. This means that if a finite element analysis is per-
formed under the assumption of equal stiffness, it may produce nonnegligible
errors in deformations and contact pressure distributions around the nut-bearing sur-
face. In this section, therefore, a calculation method of spring constants of engaged
threads and bolt head, k,;, and k,,, is presented by means of finite element models con-
sidering engaged thread geometry, and how to evaluate spring constant of fastened
plates k¢is explained in detail.

(1) Spring constants of engaged threads and bolt head

Fig. 2.11 illustrates how to calculate spring constant of engaged threads. The finite
element model is axi-symmetric and composed of a bolt-nut pair and fastened plates.
The analytical procedure is as follows.

Step 1: Uniform displacement % is applied to the nodes located on the lower end of
the bolt model. As the sum of the reaction forces on the nodes, the applied bolt force F,
is calculated.

Step 2: Dividing the bolt force F;, by uniform displacement #, the spring constant
k that connects ki, k;, kcy, and kg in series is obtained:

Fy,
k=22 2.17
- (2.17)
[
|
| Nut
i Bolt
i - Nut mean width
‘L&i | <" deformed interface beicen oded
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L | Fastened plates
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d, 12 Fastened plates
tiifor M i >
displacement
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Fig. 2.11 Calculation method of spring constant of engaged threads. (A) Application of tensile
force to bolt cylinder by uniform displacement and (B) mean displacement at nut bearing
surface u,,,.
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el ovhd (2.18)

Step 3: In Eq. (2.18), the amounts of &, and k., are calculated by the second and third
equations in Eq. (2.6) using unengaged length L, and length of bolt cylindrical portion
L.y, of the analytical model.

Step 4: The deformed volume of fastened plates under nut-bearing surface V, by
compression force due to bolt force, is divided by its area A,. The calculated value
is designated as mean displacement under nut-bearing surface u,,. A, represents
the area of toroidal shape with outer diameter of B, nut mean diameter, and inner diam-
eter of d;,, bolt hole diameter. V corresponds to the volume of the rectangular gray area
under the nut-bearing surface shown in Fig. 2.11B. Other symbols are explained in the
figure.

V= E 2nriAriy; (2.19)
Vv Vv

iy = 5~ =~ (2.20)
A5 - a)

Step 5: Spring constant of fastened plates k¢ is calculated by dividing bolt force
Fh by Upy:

k= £y 2.21)

ﬁnu

It should be noted that the value of k;obtained by Eq. (2.21) corresponds to the spring
constant of fastened plates whose grip length is twice as large as the analytical model,
since the deformations of the fastened plates are completely constrained at the
lower end.

Step 6: Substituting the values of k, kg, k., and krinto Eq. (2.18), the spring con-
stant of engaged threads &, is obtained.

Spring constant of bolt head &, is obtained in the same manner just by replacing
engaged and unengaged thread portions of the analytical model, as depicted in
Fig. 2.11, with cylinder-shaped bolt head and the adjacent bolt cylindrical portion.

(2) Spring constant of fastened plates

Spring constant of fastened plates k is obtained in Step 5 together with &, as
explained above. However, when the shape of fastened plates is not in vertical sym-
metry, unlike the case of Fig. 2.11, the entire bolted joint model is required, as shown
in Fig. 2.12. The analytical procedure is as follows:

Step 1: The target bolted joint is wholly modeled, including engaged thread portion
and bolt head. A bolt model is divided into two parts at the cross-section sufficiently
away from both nut- and bolt head-bearing surfaces, as illustrated in Fig. 2.12.

Step 2: Uniform displacements, #,,, and &, are applied to the upper and lower
surfaces exposed by cutting the bolt’s cylindrical portion. The values of #,, and
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Fig. 2.12 Calculation method of spring constant of fastened plates.

ug, are close, but not exactly the same. The two values are selected and adjusted to
make the reaction force as close as possible to zero on the nodes placed around the
center of the outer surface of fastened plates, at which axial displacements are con-
strained. This operation is a countermeasure to conform the mechanical property of
the cut model introduced here to the noncut real model.

Step 3: Summing up the reaction forces on the nodes, to which %, or %4, is applied,
bolt force F, is calculated.

Step 4: Mean displacements under nut- and bolt-bearing surfaces, u,, and 4, are
calculated following the same procedure shown in Fig. 2.11.

Step 5: Finally, spring constant of fastened plates k;is obtained by dividing F, by
the sum of u,, and u,.

Numerical analyses are performed for M12 and M16 with coarse thread. Second
grade of bolt hole diameter dj, is selected in both cases, i.e., 13.5 and 17.5 mm. Mean
diameter of nut B is calculated to be 19.015 and 25.375 mm by Eq.(1.14). Grip length
L;and outer diameter of fastened plates D, are systematically changed based on the
value of nominal diameter d.

Fig. 2.13 represents the effect of D, on k¢by changing the ratio of Lyto d as a param-
eter. k¢ is given as a dimensionless quantity by dividing it by the product of nominal
diameter d times Young’s modulus of fastened plates £y The difference between M12
and M16 is quite small, which means that the spring constant of fastened plates k;can
be evaluated by Fig. 2.13 with sufficient accuracy, regardless of nominal diameter d.
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Fig. 2.13 Spring constant of fastened plates evaluated by FE analysis.

This result can be predicted from the statement given in Section 2.2.2 that the stiffness
of similar bolted joints is almost proportional to nominal diameter d. ksincreases as D,,
is increased and approaches a constant value beyond a certain value of D ,/d, at which
the clamping state is regarded as plate. Its threshold value is decreased with decreasing
grip length L. As for the effect of Ly, the reduction rate of krdecreases with increasing
Ly, as predicted from the formula for thin cylinder, Eq. (2.11), which shows that k¢
varies inversely with L.

In Fig. 2.14, the amounts of ks for M16 obtained by FEM are compared to those for
thin cylinder calculated by Eq. (2.11). The minimum value of D,/d used for Eq. (2.11)
corresponds to the case that the outer diameter of the nut is almost equal to that of the
fastened plates. It is found that the difference between the two results obtained by
FEM and Eq. (2.11) shows a rapid increase from around the value of
D,/d exceeding 2. In the case of small grip length, i.e., L/d = 2, the difference is very
large, even for D,/d = 2. The essential reason for the above difference is that fastened
plates deform into the shape of a barrel in actual practice, due to the action of friction
on contact surfaces, which is found from the numerical results by FEM. In contrast,
Eq. (2.11) assumes a completely uniform deformation of fastened plates without con-
sidering the effect of friction.

Meanwhile, in actual machines and structures, it is sometimes observed that a num-
ber of bolt-nut pairs are attached to the main body with high stiffness in the clamping
state of thin cylinder. A typical example is the casing of a steam turbine. In such cases,
the spring constant of fastened plates ks becomes higher than the values given in
Fig. 2.14, since the high stiffness of the main body prevents the deformation of the
thin cylinder. Accordingly, in order to evaluate the spring constant in such cases with
high accuracy, it is necessary to take into consideration how the thin cylinder is
attached to the main body.
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Fig. 2.14 Examination of accuracy of spring constant k; evaluated by simple equation.

Machines and structures are generally clamped by a lot of bolts. When multiple
bolts are uniformly spaced, as shown in Fig. 2.15, the spring constant of fastened
plates k; for a single bolt can be evaluated by constraining the displacements along
the symmetric planes between neighboring bolts, which are shown by dashed lines
in the figure. Fig. 2.16 shows the numerical results of ks for the case of symmetry con-
straints. Comparing to the results without constraints given in Fig. 2.13, the values of
kg are considerably higher in the range of small D /d. Then, the difference between the
two graphs gets smaller from around the value of D,/d exceeding six, since the influ-

ence of symmetry gradually disappears.
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Fig. 2.15 Multiple bolts spaced equidistantly.
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Fig. 2.16 Spring constant of fastened plates clamped by multiple bolts.

2.2.6 Relationship between mechanical behavior and spring
constant of each part of a bolted joint

Among various tightening methods (which will be introduced in Chapter 3), the tight-
ening accuracies of the elastic angle control method, direct tension method, and ther-
mal expansion method are greatly influenced by the stiffness of each part of the bolted
joint, in comparison with the torque control method. Based on the results discussed so
far, the relationships between the spring constants of each part of the bolted joint and
its mechanical behavior are summarized in the following.

(1) Among four spring constants composing a bolt-nut connection, the spring constant of
engaged threads k,, is most changeable due to processing and assembly errors, as shown
in Fig. 2.8.

(2) When clamping thin plates, the spring constant of engaged threads k,, may have a dominant
effect on the mechanical behavior of the target bolted joint. This is because the spring con-
stant of fastened plates k¢ is very large and the equivalent length of engaged threads L, is
changeable due to the warping or distortion of fastened plates.

(3) Itisrather difficult to precisely estimate the tightening characteristics, fatigue strength, and
loosening phenomena of thin plates that involve the problem of warping or distortion,
because the contact areas and relevant contact conditions vary with increasing bolt force
and then & is significantly changed.
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(4) When parts with low stiffness and hysteresis characteristics, such as gaskets, are involved in
the fastened plates, their stiffness may have a dominant effect on the mechanical behavior
of the whole joint. The hysteresis phenomena of gaskets are discussed in Chapter 7.

2.3 True profile of cross-section of screw threads

2.3.1 Cross-section of triangular screw threads [41]

Fig. 2.17 depicts the cross-section of triangular screw threads along the axis of the
male thread, and the detailed geometry around the thread root is shown in
Fig. 2.18A and B. In the figures, p is thread root radius and d, is thread root diameter.
Other symbols are defined in section 1.3.2. In Fig. 2.17, the axial position of the
thread ridge with one pitch height is indicated by the circumferential angle of € from
—7x to + &, in which A-B, B-C, and C-D represent thread root, flank, and crest,
respectively. The shape of the thread ridge is symmetric about 8 = 0.

The cross-section geometry of the above three parts can be expressed using the dis-
tance from the axis r:

d 7 , P
Z_= - - <9<
3 8H+2p 172 0<6<6))
r={Hy,d Ty (01 <0<0))
T 2 8 (2.23)
i (0:<0<n
V3z 7 V3 V3
=Yz =L < Y2 .
0, A 0, g™ P=7 P, H 2P
The geometry of female threads can be expressed in the same manner:
Fig. 2.17 Cross-section of
triangular screw threads e g=T
along the male thread axis. 6y
2
;|
--0=0

P : thread pitch

LY. 9= -1
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(b)
Fig. 2.18 Detailed geometry around the thread root. (A) Details of thread root geometry and

(B) in case of p = prax-

% 0<6<6)
r= g9+%—%H (0, <0<6,)
P s (2.24)
b L, 2_ L (o n\?
5t g2t \/pn 12 ®=0)" (0<0<7)

0, = 7r<1 - \/gp")

0, = P

r
2
In Eq. (2.24), p,, represents the radius of the female thread root. Because of the geo-
metric limitation, to avoid the interference between thread ridge crest and root radius,
there exist maximum values for p and p,,, Pmax, and pP,jmax, shown below:

V3 p 01443 x P

p
ez (2.25)

V3,
pn‘max :ﬁp >~ (0.07217 x P
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Fig. 2.19 Cross-section of male major diameter of male thread
thread perpendicular to axis. d

cross section
perpendicular to axis

In Fig. 2.18B, the radius of the male thread root p is set to be py.x. Considering the
geometric symmetry of € between from —z to 0 and from O to +z, shown in Fig. 2.17,
the contour line of male thread with one pitch height is expanded into a plane by use of
Eq. (2.23). Fig. 2.19 shows the cross-section of male thread perpendicular to the axis.
Contour lines of A-B, B—C, and C-D in the figure correspond to those in Fig. 2.17. Ay,
A,, and Aj are areas of each part.

Illustrated in Fig. 2.20A are the cross-sections of male threads, perpendicular to the
axis, of M3, M8, M12, M20, M30, M48, and M64 with coarse thread, in which
Eq. (2.23) is used for drawing. The contour lines correspond to the upper half of
Fig. 2.19. The radius of male thread root p is set to be 0.125P. In the figure, the right
end and left end of each contour line represent the thread root and crest of the thread
ridge. Solid lines depict the contour of the thread cross-section and dashed lines show
a semicircle whose diameter is equal to nominal diameter d. It turns out from the
figures that the geometry of a true cross-section of triangular screw threads deviates
from the circle whose diameter is equal to nominal diameter d, particularly around the
thread root. The tendency is more remarkably observed as nominal diameter is
decreased. This is because the ratio of thread pitch P to nominal diameter d, P/d,
increases as d is decreased, which is explained in section 1.4.5. Fig. 2.20B illustrates
the relationship between the thread pitch size and the contour of cross-section for fine
screw threads of M20, M30, M48, and M64. Since the thread ridge size is small, the
shape of the true cross-section is relatively close to the circle of diameter d, comparing
to the case of coarse screw threads.

— Learning by numerical example 2.2: Maximum diameter of thread root

Maximum values of male thread root diameter d,. are calculated for M16 with coarse
and fine threads. Substituting € =0, H = 0.8660P and the maximum thread root
radius of p = 0.1443P into the first equation of Eq. (2.23), the maximum value of
d, is found to be (d — 1.227P). Since thread pitch P of coarse thread is 2 mm and those
of fine threads are 1.5 and 1 mm, d,. is calculated to be 13.546 mm for coarse thread,
14.160 mm for P = 1.5 mm, and 14.773 mm for P = 1 mm, respectively.
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Fig. 2.20 True cross-section geometry of male thread perpendicular to axis. (A) Coarse screw
thread and (B) fine screw thread.

2.3.2 Cross-section of screw threads of various shapes [42]

Using the distance from the axis r, cross-section geometry of various types of screw
threads can be expressed by mathematical formulas. In the case of single-thread screw,
the cross-section is symmetric about 8 between from — z to 0 and from O to +z. Cross-
section of double-thread screw is symmetric between from — /2 to 0 and from O to
+ /2. The symmetry in triple-thread screw exists between from — /3 to 0 and from 0
to +7/3. Accordingly, the symmetry of cross-section is comprehensively expressed by
use of number of threads i. Supposing that the region from 0 to /i is the basic profile,
the same profile with line symmetry appears next to it. The two profiles form a pair,
and this is repeated i times. For example, the cross-section geometry of male thread
with triple-thread screw is expressed as follows:
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The cross-section geometry of male thread of trapezoidal screw threads is expressed in
like manner:

d P
E_E_p (0§9§91)
d P , P? 2
a_ L _ e 9_p 0, <0<0
. 621 2H . 477:;1( D 2) (2.27)
5_(7+71)+;9 (0, <6< 03)
%’ (6: <0 <n)

Cross-section geometry of female threads is also expressed in a similar manner.
Cross-section geometries of multiple-thread screws, trapezoidal screw threads,
and parallel pipe threads are discussed in detail in [42]. The formulas derived for
parallel and taper pipe threads, whose thread angle is 55 degrees, are similar to those
for triangular screw threads. The formulas for taper pipe threads are slightly more
complicated because the threads are processed on the surface along one sixteenth of
the taper [43].

Fig. 2.21A and B shows the cross-sections of male threads of triple-thread screw
and trapezoidal screw threads in the same form as Fig. 2.20. The parameters in the
figures are nominal diameter d. In the case of triple-thread screw, the region from
0 to /3 is the basic profile and the region from /3 to 27/3 shows its line symmetric
profile. The cross-section of the trapezoidal screw thread looks a bit distorted due to its
small thread angle of 30 degrees.
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2.4 True cross-sectional area of screw threads

True cross-sectional area of male thread of triangular screw threads, A,, is obtained as
the sum of three areas, as shown in Fig. 2.19 [41]:

A, =2 % (A] + A, +A3)

01 (r 0y r _ 2.28
=2x (J J rdrd6 + J J vdrdo+ ™ 7 92) 2:28)
0 Jo 0, Jo 4 2r

The first and second terms can be integrated analytically. The resulting formulas are
shown below:
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C d2
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(2.29)

Calculating true cross-sectional area A, by Eq. (2.29) and supposing a circle whose
area is equal to A,, true pitch diameter d, is defined as follows:

4A,
r

d, = (2.30)

The true cross-sectional area of female threads can be calculated in a similar manner.
First, the area of a hexagon that represents the nut shape is calculated. The true cross-
sectional area is obtained by subtracting the area of spatial domain inside the female
thread, A;,, from the area of the hexagon. The resulting expression for A, is given
below:

C
Ains = (Cln2 + C2n)(7r - 02) - 73(71’ — 92)3

3
+CiaV/Cs| (7 — 62) Con _ (r—6,)% + Con in—1( /&3 (7 —6,)
G Cs Cy,
C4 3 2 2 2 d12
+ 53 (0° = 00°) + CaCs (02° — 00%) + C5%(02 — 01) + =0

where Cy, :g + %17 2p,, Coy = ,on2

2.31)

Three constants, C3, C4, and Cs, appearing in Eq. (2.31) are common with Eq. (2.29).
Eq. (2.31) represents A;,, for triangular screw threads with single-thread screw. The
expressions of A;,, for other types of screw threads are given in [42].

In Table 2.1, some calculation examples are given for true cross-sectional area A,
and true pitch diameter d, of metric coarse threads [41]. For comparison, the diameter
of stress area d, is shown, and the differences between d, and d, and between pitch
dimeter d and d, are also evaluated by dividing each difference by d,. It is found that
d, is about 3%—10% larger than d,, and the tendency becomes more remarkable as
nominal diameter decreases. Regarding pitch diameter d5, it is naturally closer to
d, comparing to d,, and d, is about 0.2%—1.1% larger than d,. The difference between
d, and d, increases as nominal diameter decreases. True cross-sectional area A, of fine
threads, though not shown here, is larger than that of coarse threads because of its
small pitch. The difference between d, and d; in fine threads is about 0.7%—4.4%.



Table 2.1 True cross-sectional area and true pitch diameter of metric coarse threads.

Coarse

thread M1 M1.2 M1.6 M2 M2.5 M3 M4 M5 Meé M8 M10

A, (mm?) 0.564 0.859 1.505 2412 3.872 5.677 9.980 15.911 22.708 40.939 64.504

d, (mm) 0.847 1.046 1.384 1.753 2.220 2.689 3.565 4.501 5.377 7.220 9.063

dg (mm) 0.765 0.965 1.272 1.625 2.078 2.531 3.343 4.249 5.062 6.827 8.593

(dy — d,)/ —9.633 —7.667 —8.143 —7.294 —6.424 —5.864 —6.212 —5.589 —5.864 —5.436 —5.184
d, (%)

(dr — d,)/ —1.113 —0.765 —0.844 —0.705 —0.574 —0.495 —0.543 —0.458 —0.495 —0.438 —0.406
d, (%)

Coarse

thread M12 M16 M20 M24 M30 M36 M42 M48 MS56 Mo64

A, (mm?) 93.406 170.735 266.773 384.153 606.926 880.441 1204.697 1579.696 2167.137 2847.287

d, (mm) 10.905 14.744 18.430 22.116 27.799 33.482 39.165 44.848 52.529 60.210

d, (mm) 10.358 14.124 17.655 21.185 26.716 32.247 37.778 43.309 50.840 58.371

(ds — d,)/ —-5.018 —4.208 —4.208 —4.208 —3.893 —3.687 —3.540 —3.431 —3.215 —3.055
d. (%)

(dy — d,)/ —0.386 —-0.292 —0.292 —-0.292 —0.259 —0.238 —0.223 —0.213 —0.193 —0.178

de (%)
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In addition, since the difference between d, and d, is very small, they can be regarded
as almost equal in fine threads with large nominal diameter. True pitch diameter d, can
be expressed as a function of nominal diameter d and thread pitch P with the help of
the least squares method:

d, ~0.9985d — 0.6128P (2.32)

True cross-sectional area A, and true pitch diameter d, of unified threads are calcu-
lated in [41]. In [42], theoretical formulas are derived in a similar manner for calcu-
lating true cross-sectional areas of triangular screw threads with multiple-thread
screw, trapezoidal screw threads, and pipe threads.

2.5 Finite element models with helical shape of screw
threads

2.5.1 Previous modeling schemes of helical thread model

A variety of mechanical properties of bolted joints are traced to the helical geometry
of screw threads. Therefore, in order to rigorously analyze the mechanical behavior, it
is necessary to introduce finite element models of bolted joints that take the effect of
helical thread geometry into consideration. For example, it is vital to consider the
effect of lead angle for analyzing the tightening process of the torque control method.
On the other hand, when evaluating the stress concentration at the thread root, load
distributions along engaged threads, and joint stiffness of a bolted joint under tensile
force, helical thread geometry can be replaced by axisymmetric abacus-shaped FE
models, as shown in Fig. 2.22A. Because of using two-dimensional mesh patterns,
axisymmetric analysis by FEM provides high computational efficiency. Axisymmet-
ric models also work well to evaluate the stress amplitude occurring at the thread root
when subjected to axisymmetric repeated loading. In contrast, to analyze the tighten-
ing process or loosening mechanism of bolted joints, three-dimensional models con-
sidering helical thread geometry are required, as shown in Fig. 2.22B.

Meanwhile, when subjected to asymmetric external forces, FE models with axi-
symmetric thread geometry, as shown in Fig. 2.22A, are of practical use except for
the case that the research objective is loosening of threaded fasteners with rotation.

Use of a helical thread model is essential to analyze the loosening phenomena and
the tightening process by the torque control method. Some research papers have been

Fig. 2.22 Axisymmetric thread
model and helical thread model.
(A) Axi-symmetric model and
(B) helical thread model.




Fundamentals of threaded fasteners 57

'®_  one-pitch model

" small hole

Fig. 2.23 Construction of helical thread model by rotating one-pitch thread cross-section along
the helix.

published on the study of loosening mechanisms, such that fastened plates are sub-
jected to repeated shear loading [44—46]. Concerning the tightening process, a notable
numerical approach is proposed [47,48], by which the tightening process of the torque
control method can be analyzed as elastic or elastic-plastic problems using two-
dimensional mesh patterns with each node having three degrees of freedom, instead
of using helical thread models. Modeling methods proposed so far that take account of
helical thread geometry are classified as follows.

Method-1

Thread cross-section with one pitch height is modeled, which is placed only slightly
apart from the axis, as shown in Fig. 2.23. The one-pitch model is rotated along the
helix to construct a helical thread model. Although a small hole is produced around the
axis, it has a negligible influence on the related mechanical behavior.

Method-2

The center portion of the engaged threads is modeled as a cylinder. The thread portion
is separately modeled in the same manner as Method- 1, in which the inner diameter of
the thread portion is equal to the outer diameter of the above-mentioned cylinder.
Then, the two models are combined with the help of a function provided by commer-
cial FEM software. This method is relatively widely used due to its rather simple pro-
cedure, although the mesh patterns do not match at the interface between the cylinder
and the helical thread model.

Method-3

A solid model considering helical thread geometry is constructed for the entire
threaded fastener. The inside of the solid model is properly meshed using a function
of automatic mesh generation provided by FEM software.
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Method-4

True profiles of cross-sections of screw threads, shown in Figs. 2.20 and 2.21, are
meshed using two-dimensional finite elements. The point of this method is to repeat
the stacking and rotation of the objective true cross-section, after which the
corresponding nodes are connected. Detailed explanation of the procedure is
given later.

In Method-1, finite element models to be constructed are inevitably distorted
around the far end of the bolt thread and the region that connects thread runout and
bolt cylindrical portion. This also becomes a problem in Method-2.

Problems to be tackled when employing Method-1, -2, and -3 are discussed in more
detail below. Regarding the meshing of the bolt thread portion, by adding an appro-
priate number of elements to both sides of the engaged threads to form unengaged
threads, the engaged thread portion that governs the joint strength could be meshed
into a proper pattern. In contrast, the meshing of the nut thread portion involves a more
serious problem. To rigorously model the helical geometry around the nut-bearing
surface, where female threads gradually disappear, finite elements with extreme
aspect ratio need to be used, which may lead to poor analytical accuracy. Method-
3 can accurately reproduce the helical thread geometry using a function of automatic
mesh generation. However, it is quite difficult to place small elements, aiming at high
analytical accuracy, around the areas under high stress concentration.

For the above reasons, it is considered that helical thread models produced by
Method-1, Method-2, and Method-3 cannot necessarily provide sufficient accuracy
for the purpose of evaluating the stress concentration at thread root and the distribu-
tions of stress and stress amplitude along the thread root on a practical level. In the
next section, a modeling scheme of Method-4 is introduced, which can accurately
reproduce helical thread geometry by constructing one-pitch thread models
successively.

2.5.2 Helical thread modeling using mathematical expressions
of cross-section [49]

Utilizing the characteristic that cross-section geometry of screw threads perpendicular
to bolt axis is identical at any position, it is possible to construct helical thread models
for FE analysis in units of one pitch height, by which fine meshes can be placed around
the region under high stress concentration. Using the expressions derived in
Section 2.3 that represent true cross-section geometry of screw threads, FE models
can be constructed for various types of screw threads, in addition to triangular and
trapezoidal screw threads. In the following, it is explained how to model male threads
with one pitch height, in which one thread ridge is divided into 7, segments of equal
size in the axial direction.

Step 1: Cross-section of male thread with accurate geometry, as shown in
Fig. 2.24A, is properly meshed using two-dimensional elements. This is a basic
mesh model.

Step 2: The basic model is placed at the reference position, z = 0.
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Fig. 2.24 Mesh patterns of cross-sections perpendicular to and along the axis. (A) True cross
section perpendicular to axis and (B) one-pitch model of cross section along axis.

Step 3: Rotating the basic model anticlockwise by an amount of 27/n,,, it is placed
at the position of z = P/n,,.

Step 4: Connecting the corresponding nodes of the two basic models placed at
z =0 and z = P/n,, a three-dimensional model with P/n, thickness is obtained.

Step 5: The one-pitch helical thread model is completed by repeating Steps 3 and 4
n, times.

Step 6: An appropriate number of one-pitch models obtained in Step 5 are stacked,
according to the number of threads of the objective bolted joint.

If the number of circumferential divisions in the basic mesh model is set to 7,
coarse meshes are inevitably produced around the thread root and crest. As a result,
finite elements with extreme aspect ratio, whose side length in the circumferential
direction is considerably longer than the other, are to be used, thereby the analytical
accuracy being significantly lowered. To cope with the problem, the outside area
around the thread portion is modeled by fairly fine meshes and the bolt core portion
is simply modeled as a cylinder, from the viewpoints of numerical accuracy and com-
putational efficiency.

The inside area, indicated by an arrow in Fig. 2.24B, corresponds to the bolt core
portion, and it is modeled as a cylinder with one pitch height. Then, the one-pitch heli-
cal thread model is bonded outside the cylinder. In this case, the mesh patterns are
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Fig. 2.25 One-pitch helical thread model of male thread.

perfectly matched between the outer surface of the cylinder and the inner surface of
the helical thread model. Four arrows in Fig. 2.24A indicate the border between the
two models. Fig. 2.25 shows a one-pitch helical thread model of male thread con-
structed according to the above procedure.

Helical thread models of female threads are constructed in the same manner. Using
the method proposed here, well-balanced FE models can be formed, because finite
elements with proper aspect ratio can be placed around the nut-bearing surface.
For the modeling of thread runout, the depth of thread root of the helical thread model
is gradually decreased so as to coincide with the real shape, and then it is connected
smoothly to the bolt cylindrical portion.

Fig. 2.26A shows an example of an entire bolted joint model. The nominal diameter
is M16 with coarse thread. Fig. 2.26B depicts the mesh pattern of the nut model. It is

Fig. 2.26 Finite element model of
an entire bolted joint and nut
model. (A) Entire bolted joint
model and (B) mesh pattern of
nut model.
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Fig. 2.27 Helical thread models of double- and triple-thread screws. (A) Double-thread screw,
(B) triple-thread screw, and (C) cross section of double-thread screw.

found that the heights of the first ridge at two points, 180 degrees apart from one
another, are one pitch and a half pitch, which indicates that helical thread geometry
is accurately modeled. Although the nut is simply modeled as a round-shaped nut in
the figure, it is possible to form a hexagonal nut. In the case of a multiple-thread screw
with number of threads 7, a helical thread model corresponding to one lead is com-
pleted using the height equal to the product of i times thread pitch P. Finite element
models of bolts with double-thread and triple-thread screws [42] are shown in
Fig. 2.27A and B, respectively. Fig. 2.27C represents the mesh pattern of the
cross-section of double-thread screw along the axis. The two positions of thread ridge,
180 degrees apart from one another, of single-thread screw are deviated by a half
pitch. In the case of double-thread screw, however, left and right ridges of the first
and the second helices are symmetric about the axis. Although a bit difficult to dis-
criminate, it is found from the figures that two helices exist in double-thread screw and
three helices exist in triple-thread screw in the same cross-section perpendicular to the
axis. Helical thread models of body-side engaged threads [20] and parallel and taper
pipe threads [43,50] can be constructed in the same manner, by which their specific
mechanical behaviors have been analyzed and reported.

2.6 Interface stiffness in bolted joints

2.6.1 Interface stiffness at mating surfaces

Microscopically, a limitless number of microprojections exist on surfaces even if they
appear to be flat. Such surface conditions are commonly evaluated by surface roughness
and waviness. In Fig. 2.28 A, the relationship between compression force and displace-
ment is shown for the cases of a single cylinder and two cylinders with total height being
equal to the former, both of which are under compression [51]. When two cylinders are
pressed together, the microprojections existing on the surface, whose stiffness is much
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lower comparing to the cylinder body, deform plastically even under low contact pres-
sure, thereby exhibiting the nonlinear behavior shown in the figure. The stiffness due to
the plastic deformation of microprojections is called interface stiffness.

Surface roughness greatly affects the interface stiffness. The nonlinearity between
compression force and displacement becomes more noticeable as surface roughness
increases. In the case of two cylinders being pressed, almost only the deformation of
microprojections becomes an issue in the region O—A under low contact pressure.
In the region A—B, as the compression force increases, the displacement of the cylin-
der body gradually governs the total deformation. Since the cylinder body deforms
according to Hooke’s law, compression force is almost linearly related to displace-
ment in the region A-B. Fig. 2.28B represents a single cylinder and two cylinders
pressed together by spring models. In the latter, interface stiffness is represented
by a nonlinear spring.

Fig. 2.29 shows an enlarged view around the interface. As the compression force is
increased from the initial condition, microprojections deform so as to get the mating
surfaces closer. The amount of the deformation is designated the approach of interface
herein. Fig. 2.30 shows a typical relationship between approach of interface ¢ and con-
tact pressure p,,. Ostrovskii et al. proposed the following equation between ¢ (pm) and
Pn (MPa) [52]:
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Fig. 2.30 Relationship between approach of interface and contact pressure.

¢ = cop,™ (2.33)

where ¢y and my are constants.

Taniguchi et al. evaluated ¢, and mg by systematic experiments, and the values
were related to surface roughness [53]. Applying the least squares method to the
experimental results, the values of ¢y and m can be related to the sum of maximum
height roughness Rz of the mating surfaces, Rzt (um) [54]:

o = 0.0674Rzt + 0.413

(2.34)
m, = 0.0155Rzt + 0.155

Back et al. [55] proposed the maximum value of my as 0.5. There are four kinds of
contact surfaces in a bolted joint, i.e., thread surface, nut-bearing surface, bolt
head-bearing surface, and plate interface. Therefore, measuring the surface roughness
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of each contact surface, ¢ and m can be calculated by Eq. (2.34). Substituting the
values of ¢y and my into Eq. (2.33), it becomes possible to evaluate the amount of
approach of interface { as a function of contact pressure p,. It is worth noting here
that interface stiffness influences the accuracy of various tightening methods, dis-
cussed in Chapter 3, and it is also the major cause for the loosening phenomena with-
out rotation of threaded fasteners.

2.6.2 Interface stiffness in normal and tangential directions [56]

Using Eq. (2.33), spring constant in the normal direction k,,, due to interface stiffness,
can be expressed by means of normal force F,, acting on the contact surface and con-
tact area A.,;:

_ an — Acn 1—m,
dé’ C()m()pn

ky (2.35)

Spring constant in the tangential direction k, can be related to k, by introducing the
equation proposed by Kirsanova and Back. Kirsanova suggested that the displacement
in the tangential direction ¢, is expressed as the product of the stress p, times the com-
pliance 1/k; [57], both of which are in the tangential direction:

5 =" (2.36)
t
Back expressed the relationship between k, and p,, by using two constants, R and S,
determined by the kind of material [55]:

1_R

LT3 (2.37)

The equation for spring constant in the tangential direction %, is derived by differen-
tiating p, with respect to £, and then multiplying it by contact area A,.,,. Then, following
the above procedure, , is calculated by use of Eqs. (2.36) and (2.37). Assuming £, is
independent of p,, the equation for %, is derived by calculating the ratio of £, to k,;:

k= 00];"0 p," S Xk, (2.38)

Accordingly, it is summarized that the amount of &, can be calculated by Eq. (2.38)
once k, and p,, and four constants of ¢, mg, R, and S are given. Back insisted that S can
be regarded as 0.5 and R is calculated by the following equation:

R

ColMy

—2(1+1) (2.39)
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where v denotes Poisson’s ratio.

As a result, it is concluded that k,, and k, can be calculated when three factors are
given, i.e., the sum of maximum height roughness Rz, contact pressure p,,, and contact
area A.,,.

2.6.3 Simple formula for evaluating interface stiffness in normal
direction

Interface stiffness influences the mechanical behavior of bolted joints in various ways.
For instance, in tightening by the direct tension method using hydraulic tensioners,
interface stiffness in the normal direction becomes an issue. In those cases, contact
pressures at thread surface and nut-bearing surface, which affect the tightening char-
acteristics, are very high; that is, Eq. (2.33) is to be used in the range where the var-
iation of approach of interface ¢ is rather small against contact pressure p,.
Considering the above situation, it is possible to estimate the amount of k,, with prac-
tical accuracy under the condition of high contact pressure, by using a relatively sim-
ple method. Taniguchi et al. obtained the experimental result that { is almost linearly
related to p, when exceeding a certain value [53]:

C = blP,, + bz (240)

According to their experimental results, constant b; is very small and constant
b, depends largely on the maximum value of approach of interface {,,.x, and the latter
constant increases as the sum of maximum height roughness Rzt is increased. Refer-
ring to the above experimental result, the relationship between £, and Rzt is approx-
imated as follows:

Cmax = 0.25Rzt (241)

Using Eq. (2.41), interface stiffness at the thread surface, nut-bearing surface, and bolt
head-bearing surface can be evaluated by the spring constant K,,:

Fy

Cmax

Ken (2.42)

where F/, is bolt force exerting on each contact surface.

Accordingly, K, is a nonlinear spring constant that varies depending on F,. Spring
constants of each contact surface are denoted as K, K,,,,, and K;,;, which are identified
by subscripts. At the interface between fastened plates, contact pressure decreases
radially outwards from the periphery of bolt hole, as shown in Fig.1.12. The mean
approach of interface can be calculated by using the deformed volume around the plate
surface subjected to contact pressure. Then, spring constant K, of plate interface, due
to interface stiffness, is calculated [36] just by substituting the mean approach of inter-
face into .« in Eq. (2.42).
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2.7 Thermal contact resistance in bolted joints

When a bolted joint is subjected to thermal load, axial bolt force varies more or less
because of the difference in the elongation or shrinkage between threaded fasteners
and fastened plates. Factors that significantly influence the bolt force variation are
joint geometry, temperature distributions, coefficient of linear expansion, thermal
conductivity, elastic moduli of joint materials, etc. Contact surfaces existing in a bol-
ted joint sometimes significantly affect the temperature distributions in the joint,
because they play a role in thermal resistance. Accordingly, in order to evaluate
the temperature distributions with high accuracys, it is necessary to estimate the ther-
mal resistance as accurately as possible at four kinds of contact surfaces existing in a
bolted joint, i.e., thread surface, nut-bearing surface, bolt head-bearing surface, and
plate interface. Furthermore, there exist small clearances between the bolt cylindrical
portion and bolt hole surface of fastened plates and around the clearance flank of
engaged threads, where a certain amount of heat is transmitted through a thin air layer.
Thermal conductivity of air is very small and is about one two-thousandth of carbon
steel. However, a fair amount of heat flows between the mating surfaces through small
gaps by the action of heat conduction, convection, and radiation.

Thermal resistance due to the existence of contact surface is termed thermal contact
resistance. Fig. 2.31 schematically depicts the temperature distribution around the
interface in steady state, in which the heat flows from left to right and thermal con-
ductivity of the left material is lower than the right one. Around the interface con-
sisting of two contacting bodies, complex temperature distributions are produced
owing to surface asperities and waviness. For simplicity, assuming that there exists
a temperature difference of AT at the interface, thermal contact resistance R, is
expressed by the following equation:

AT 1

+ interfuce

Metal A Metal B

temperature
distribution "
q—» l AT
heat flux o temperature
fl T\é\filgf\?’ence

—_

Fig. 2.31 Temperature distribution and thermal contact resistance around the interface.
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where ¢ (W/mz) represents heat flux, and 4. (W/mzK) is the reciprocal of R, called
the thermal contact coefficient, which can be treated like the coefficient of heat trans-
fer from the viewpoint of heat transfer engineering.

In Fig. 2.31, the temperature gradient in the left body is larger, due to its lower
thermal conductivity, than the right one. The thermal contact coefficient is influenced
by such factors as contact pressure, surface roughness, thermal conductivity, and hard-
ness of the materials composing the interface.

The mechanism of heat transfer is classified into heat conduction, convection, and
radiation. Heat exchange between two surfaces separated by air is usually neglected
when there exists a certain amount of gap. However, in the case of very small gaps,
e.g., less than a few millimeters, it is empirically known that a certain amount of heat
flows through. Heat flow through a small gap can be quantitatively evaluated by
apparent thermal contact coefficient 4,, defined below:

_ 4
h, = AT, (2.44)

where AT, represents the temperature difference between the mating surfaces.

Although changing somewhat with nominal diameter, the gap size around the
clearance flank of engaged threads is commonly less than 1 mm and the one around
the bolt hole is less than a few millimeters.

In JIS, four grades of bolt hole diameter d,, are specified from first to fourth grade.
The fourth grade is for cast holes. The gap size increases from first to fourth grade. For
bolts with nominal diameters from M6 to M64, the gap size of first grade ranges from
about 0.2 to 1 mm, that of second grade from 0.3 to 3 mm, and it ranges from 0.5 to
5 mm in third grade. The heat flowing through small gaps of this degree cannot be
ignored from the engineering point of view.

In sections 5.2 and 5.3, it is shown how to measure thermal contact coefficient /.
and apparent thermal contact coefficient /.. Concrete values and evaluation formulas
for h. and h, are also presented. In section 5.5, numerical analyses are carried out by
incorporating /. and #, into finite element formulation. Then, numerical results are
presented on the specific thermal and mechanical behaviors of bolted joints when sub-
jected to thermal load in commonly encountered manners.



This page intentionally left blank



Mechanics of the tightening 3
process of threaded fasteners

3.1 Summary of various tightening methods
and comparison of tightening characteristics

When tightening threaded fasteners, various tightening methods are used depending
on the shape and dimensions of the fasteners, desired accuracy in bolt force, type of
external force exerted on the target joint, etc. In this section, a summary of represen-
tative tightening methods is presented, starting with the most commonly used torque
control method.

(1) Torque control method

Torque applied by a torque wrench or spanner is converted into axial bolt force uti-
lizing the action of the thread’s inclined plane. The torque is usually applied to a nut or
bolt head. This is the most widely used tightening method, because the tightening
operation is simple and it can be done by human power using inexpensive tools.
Hydraulic or pneumatic drive wrenches and impact wrenches utilizing the impact
force of air are also tightening tools that follow the principle of the torque control
method. It should be pointed out here that a fairly large scatter in bolt force is a major
drawback of the torque control method. Even if tightening with the same amount of
torque, it is said that the bolt force generated inevitably scatters from 25% to 35%
[58,59] due to the scatter in coefficients of friction on the thread surface and nut-
bearing surface. The amount of scatter in bolt force is largely influenced by the con-
dition of contact surfaces and the properties of any lubricants used.

(2) Torque gradient method

When tightening threaded fasteners with the torque control method, local plastic
deformations occur around the thread root as bolt force is increased. As a result,
the relationship between torque and nut rotation angle becomes nonlinear beyond a
certain level of bolt force. Hence, the point at which the rate of torque change relative
to nut rotation angle starts to decrease distinctly is used as an index for the tightening
operation. This tightening procedure is called the torque gradient method and,
although higher accuracy is achieved compared to the torque control method, it
requires the use of exclusive tools.

(3) Angle control method

The objective bolt force is achieved by controlling the nut rotation angle. The angle
control method is classified into elastic angle control method and plastic angle control
method. In the former method, the tightening operation is carried out under conditions
where the threaded fasteners remain within the elastic region of the stress—strain
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curve; whereas, in the latter, the body of the target bolt enters the plastic region and is
considerably deformed. The plastic angle control method [60,61] utilizes the charac-
teristics that the rate at which the bolt force changes relative to the nut rotation angle
becomes smaller as the bolt force is increased, due to the spread of the plastic region in
the bolt body. In this method, bolt force control is relatively easy because the rotation
angle used as an index is very large. Therefore, the plastic angle control method is
often applied to high strength bolts with small nominal diameter in automobile indus-
tries, etc. In the elastic angle control method, by first applying an amount of torque
called snug torque, aiming to suppress the negative effects of surface roughness
and waviness, the relating contact surfaces, such as thread surface and nut- and bolt
head-bearing surfaces, are brought into close contact. Then, the successive tightening
operation is carried out by considering that the bolt force is almost in proportion to the
nut rotation angle. This method is widely used when tightening critical parts in the
marine engineering field [62], etc.

(4) Direct tension method

Bolt force is generated by directly applying tension to the target bolt using hydraulic
tensioners. Fig. 3.1 shows a small-sized hydraulic tensioner. Because of it being
hardly affected by friction on contact surfaces, it is possible to suppress the bolt force
scatter within a few percent; therefore, this method is widely used in industries where
high accuracy in bolt force is required. On the other hand, the tightening apparatus is
expensive and some space is necessary around the target bolt to install a hydraulic
tensioner. Therefore, this method is not applicable to joints where multiple bolts
are closely placed. Moreover, in the case of clamping thin plates or fastened plates
including low stiffness objects like sheet gaskets, whose compression characteristic
is difficult to evaluate, the tightening accuracy may be significantly lowered. When
employing the direct tension method, the initially applied tension is higher than the
objective bolt force. It follows that care must be taken when the objective bolt stress
is set near the yield point of the bolt material.

Fig. 3.1 Hydraulic tensioner.
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(5) Thermal expansion method

In this method, bolt force is generated in a similar manner to the direct tension method,
in which, instead of a hydraulic tensioner, a bolt heater is used together with a bolt with
a concentric hole. The heater is installed into the bolt hole and heated, causing the
target bolt to become elongated in the axial direction. Next, the bolt head is brought
into contact with the surface of the fastened plates by rotating a nut. Then, the bolt
force is generated upon cooling due to the shrinkage of the bolt body. The applicable
bolt size is virtually unlimited, and since the tightening apparatus is small-sized and
inexpensive, it is possible to tighten multiple bolts located in a small area.

The thermal expansion method has the drawback of requiring fairly long heating
time; nevertheless, it is effectively applied in cases where many bolts need to be tight-
ened simultaneously with identical bolt force, for example, the many large bolts used
to tighten the casing of large-scale steam turbines in a power plant. In actual applica-
tions, to attain high tightening accuracy, it is necessary to preliminarily carry out a
precise evaluation of the relationship between heating time and bolt force to be gen-
erated. Fig. 3.2 shows an example of a bolt heater. The rod of the bolt heater is inserted
into the bolt hole. The rod temperature is raised by Joule heat generated in the coils.
Then, the heat is transferred to the bolt body and produces the bolt elongation.
Recently, ultrasonic wave bolt heaters, which aim at reducing the heating time, have
become commercially available.

There are many common aspects among the angle control, direct tension, and ther-
mal expansion methods. In the direct tension and thermal expansion methods, bolt
force is generated by directly applying tension to the bolt, in which the accuracy of
bolt force is largely influenced by the stiffness of the joined components. High accu-
racy is expected in a bolted joint with large grip length and low stiffness. In the angle
control method, the tightening operation is carried out by applying torque. However,
unlike the torque control method, high tightening accuracy is expected due to its
tightening characteristics when the method is applied to bolted joints with large grip
length. Meanwhile, the tightening accuracy of the torque control method is generally
lower than the direct tension method. However, it has the great advantage that the

Fig. 3.2 Bolt heater.
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relationship between applied torque and bolt force is not influenced by grip length and
Young’s modulus of joint materials, both of which affect the joint stiffness.

3.2 Torque control method

3.2.1 Relationship between tightening torque and axial bolt force

The torque control method is the most widely used among the various tightening
methods because it can produce large bolt force with small applied force, in addition
to easy operation. On the other hand, it has been reported that many problems occur
due to insufficient or excessive bolt force, because the tightening characteristics are
not fully understood. When using the method, the most important point is that even if
applying the same torque to the bolts with identical nominal diameter, the produced
bolt force significantly varies depending on coefficients of friction on related contact
surfaces. It can be expressed in other words that tightening torque is just an index to
achieve the objective bolt force, and the relationship between the applied torque and
bolt force significantly changes according to coefficients of friction. Tightening tor-
que applied to nut T, is consumed in the engaged thread portion and nut-bearing sur-
face. Let the two torques be T and T5; then, the following equation holds:

T, =T, +T> (3.1)

First, the equation for nut-bearing torque 75 is derived, in which axial bolt force pro-
duced by tightening torque 7, is denoted as F,. T5 is all consumed as friction work on
the nut-bearing surface. Fig .3.3A shows a typical distribution pattern of the contact
pressure p,, on the nut-bearing surface. Integrating the compression force, due to the
action of p,,,, over the contacting area on the nut-bearing surface, the calculated value
is equal to axial bolt force F:

ﬂnuFb

N
p nu
conlact pressure
d  :equivalent friction diameter
Fastened Plates ™"  of nut bearing surface

(a) (b)
Fig. 3.3 Contact pressure distribution on the nut-bearing surface. (A) Contact pressure
distribution pattern and (B) Equivalent friction diameter.
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Fy = J 2 - p,dr (3.2)

r

Multiplying the compression force by the coefficient of friction on the nut-bearing
surface u,, and the distance from bolt axis r and integrating the value, the
equation for 75 is derived as follows:

5
T, = J 221D AT = %uWF,,d,m (3.3)

i

where d,,, in Eq. (3.3) represents an imaginary diameter, at which the friction force
distributing on the nut-bearing surface is replaced by a concentrated force, as shown
in Fig. 3.3B. It is an equivalent diameter of the friction circle on the nut-bearing sur-
face, termed equivalent friction diameter of nut-bearing surface in this book. Yama-
moto proposed that d,,, is about 1.3 times nominal diameter d [63]. Introducing the
concept of equivalent friction diameter, T» is equal to the product of friction force
Un 'y acting on the nut-bearing surface times 1/2d,,,,.

The relationship between thread torque T and bolt force F;, can be derived from
the equilibrium of the forces acting on the thread surface. Fig. 3.4A and B show the
equilibrium of the forces in square screw threads. f is lead angle and Uy is the cir-
cumferential force resulting from T';. Assuming that Uy acts circumferentially on the
circle of pitch diameter d,, T is calculated as the product of Urtimes the arm length
of 1/2d,:

1

T =3

dU; (3.4)

Let coefficient of friction on the thread surface be y,,; the equilibrium equation of the
forces along the thread surface is as follows:

Uycosf—Fpsinf = p,, (Fpcos p+ Uy sinf) (3.5)

In the left side of Eq. (3.5), the sign of the forces that act in the direction to go up the
inclined plane is set to be positive. The term in the parenthesis of the right side rep-
resents the force acting perpendicular to the thread surface. That is, Eq. (3.5) indicates
that the force to go up the inclined thread surface is equal to the friction force acting on
the thread surface. Denoting friction angle of thread surface as p,, and rearranging
Eq. (3.5), the following equation is obtained:

Uy = Fytan (p,, + ) (3.6)
where

tanp,, = py (3.7
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Fig. 3.4 Equilibrium of forces on thread surface in square screw threads. (A) Forces exerted on
thread surface and (B) equilibrium of forces along and perpendicular to thread surface.

Substituting Eq. (3.6) into Eq. (3.4), T} is related to F;:
1
T, = zdez tan (pth + ﬂ) (3.8)

Next, the substitution of Egs. (3.8) and (3.3) for T, into Eq. (3.1) yields the
equation that relates tightening torque to axial bolt force for square screw threads:

1
Tf = EFb{d2 tan (pth + ﬁ) + ﬂ;zudﬂu} (39)

In the cases of triangular and trapezoidal screw threads, the equation for T is different
from that for square screw threads, since thread surface is inclined at flank angle a; to
the horizontal plane. In this case, friction forces must be evaluated in terms of the force
components perpendicular to the pressure flank. Fig. 3.5A shows the equilibrium of
the forces acting on the thread surface of a triangular screw thread.
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Fig. 3.5 Equilibrium of forces
on thread surface in triangular
screw threads. (A) Equilibrium
of forces on thread surface,
(B) relationship between cross
sections along axis and
perpendicular to helix, and

(C) equilibrium of forces on
cross section perpendicular

to helix.
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Flank angle in the plane perpendicular to helix o is only slightly smaller than
a; due to the effect of lead angle f. The relationship between o' and a; is derived
by comparing the side lengths of the triangles in the planes along the axis and perpen-
dicular to the helix, as shown in Fig. 3.5B:

tana, = tana; - cosf (3.10)
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For commonly used triangular screw threads, the assumption that o' ; ~ a; is allowable
with sufficient accuracy. However, when dealing with the thread geometry rigorously,
Eq. (3.10) should be considered. In the case of square screw threads, «; is zero, and
therefore, o is also zero. Meanwhile, in the case of triangular screw threads, the force
acting perpendicular to the thread surface is obtained by dividing F,cosf by cosd’y, as
shown in Fig. 3.5C. Therefore, the equilibrium of the forces in triangular screw threads
along the thread surface is expressed as follows, corresponding to Eq. (3.5):

. cosf} sin #
Ufcos[)'—F;,sm/)’_y,h<F;, cosd +Uy cosa’1> (3.11)
where
tan p}, = —£2 (3.12)

cos @)

where p';;, represents friction angle of thread surface for triangular screw threads. Sup-
posing flank angle a; to be 30 degrees, it can be interpreted that the coefficient of fric-
tion p, is virtually increased as much as 15%, because i, is multiplied by 1/cosd’;.
Collecting the terms relevant to Uy and F), in Eq. (3.11) and rearranging them, an
expression of the same form as Eq. (3.6) is derived:

B tanp), + tanf ,
Ur=Fop— ot = Frtan (Pl + P) (3.13)

Then, thread torque T can be expressed in the same form as Eq. (3.8):
1
T, = Ethz tan (p;h + ﬁ) (3.14)

Since nut-bearing torque 7, is identical to that of square screw threads,
the torque-bolt force relationship for triangular screw threads is expressed in the
following form:

T, = %F;,{dz tan (ply, + ) + pudn } (3.13)

The above equation assumes that the tightening torque is applied to the nut, which is
the general procedure when tightening bolt-nut connections. However, the tightening
torque is sometimes applied to the bolt head on account of workability and other on-
site issues. This problem is solved by simply substituting the coefficient of friction on
the bolt head-bearing surface u;, into y,,,. As for equivalent friction diameter d,, it
can be regarded as 1.3 times nominal diameter d, as in the case of the nut-bearing sur-
face, unless the flatness of the bolt head-bearing surface becomes a problem. The
effect of the flatness on equivalent friction diameter is discussed in Section 3.2.3,
referring to the numerical results by FEM.
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— Learning by numerical example 3.1: Coefficient of friction and friction angle

Eq. (3.10) suggests that the effect of lead angle § on flank angle in the plane perpen-
dicular to helix | is very small. It means that although 8 decreases as nominal diam-
eter d increases, o is hardly influenced by d. Therefore the friction angle of thread
surface p’,;, calculated by Eq. (3.12), increases almost in proportion to the coefficient
of friction on thread surface p,;,. Calculating friction angle p’,, for M16 with coarse
thread of P=2mm by changing u, to 0.05, 0.1, 0.15, and 0.2, it becomes 3.30,
6.59, 9.82, and 13.0 degrees, respectively. In this case, f is 2.48 degrees. Referring
to Eq. (3.15), it is found that in the range of small u,, # and u,;, affect the torque-bolt
force relationship to the same extent. However, as y,, is increased, the relationship is
almost solely governed by p,,.

3.2.2 Simple equation relating tightening torque to axial bolt
force through the friction coefficient

The amount of torque to attain the objective bolt force F, is calculated by Eq. (3.15)
for triangular screw threads. However, since the calculation requires some time and
effort, a simpler equation is frequently used, in which nut factor K is introduced:

T, = KF,d (3.16)

Once the nominal diameter of bolt d and the objective bolt force F, are determined, the
required tightening torque T, is calculated by Eq. (3.16). It is a common practice that
K is set to be 0.2. This value corresponds to the tightening operation of coarse screw
threads with coefficients of friction on thread surface and nut-bearing surface both of
0.15. To clarify the meaning of nut factor, Eq. (3.15) is transformed as follows:

1 d dnu
T, =3 {72 tan (p)), + B) + fy, 7}de (3.17)

Comparing to Eq. (3.16), it is found that the formula in the brace multiplied by 1/2
corresponds to nut factor K. Supposing that d,,,, is 1.3d [63] and substituting the dimen-
sions of coarse and fine screw threads up to M64, then applying the least squares
method to the foregoing values, nut factor K can be expressed as a linear function
of coefficients of friction on thread surface y,; and nut-bearing surface y,,, [64]:

K = 0.556p,, + 0.65u,,, + 0.019(coarse thread)

K = 0.565u,, + 0.65u,, + 0.011(fine thread) ©-18)
In the case of coarse screw threads, the error in axial bolt force calculated by use of
Egs. (3.16) and (3.18) is very small, comparing to the results obtained by the rigorous
equation of Eq. (3.15). Meanwhile, in the case of fine screw threads, somewhat larger
errors arise because multiple pitch sizes are specified for the same nominal diameter.
However, the proposed simple equation is still sufficiently practical, considering that
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the effect of scatter in coefficients of friction is significant. To summarize the above,
the amount of coefficient of friction is first estimated by taking account of the type of
lubricant to be used and the surface roughness of the jointed components, etc., and
then, nut factor K is calculated by the substitution of those values into Eq. (3.18). Con-
sequently, it is possible to control the amount of axial bolt force with higher accuracy
compared to the past.

Next, how the tightening torque 7, applied to the nut acts on the bolted joint is
examined by using Eq. (3.18). The three terms of the right side of Eq. (3.18) are related
to friction on thread surface, friction on nut-bearing surface, and lead angle, respec-
tively. The last term, which is given as a constant, represents the component that is
transferred into axial bolt force. Assuming coefficients of friction on thread surface
Uy, and nut-bearing surface u,,, as being identical, nut factor K is comprehensively
calculated [65] in Table 3.1. The percentages of the three terms are shown in the table.

In the case of coarse screw threads with coefficient of friction of 0.15, it is found
that about 40% of the applied torque is consumed as friction work on the thread sur-
face, about 50% is consumed as friction work on the nut-bearing surface, and only the

Table 3.1 Nut factor and coefficient of friction.

Hens Thread Nut-bearing Lead angle
Hnu K (Coarse) surface (%) surface (%) (%)
0.05 0.079 35.1 41.0 24.0
0.075 0.109 38.1 44.5 17.4
0.1 0.140 39.8 46.6 13.6
0.125 0.170 40.9 47.9 11.2
0.15 0.200 41.7 48.8 9.5
0.175 0.230 42.3 49.4 8.3
0.2 0.260 42.7 50.0 7.3
0.25 0.321 43.4 50.7 5.9
0.3 0.381 43.8 51.2 5.0
0.35 0.441 44.1 51.6 4.3
0.4 0.501 44.4 51.9 3.8
Hens Thread Nut-bearing Lead angle
Hnu K (fine) surface (%) surface (%) (%)
0.05 0.072 394 45.3 15.3
0.075 0.102 41.5 47.7 10.8
0.1 0.133 42.6 49.1 8.3
0.125 0.163 43.4 49.9 6.8
0.15 0.193 43.9 50.5 5.7
0.175 0.224 44.2 50.9 4.9
0.2 0.254 44.5 51.2 4.3
0.25 0.315 44.9 51.6 3.5
0.3 0.376 45.1 51.9 2.9
0.35 0.436 45.3 52.1 2.5
0.4 0.497 45.5 52.3 2.2
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remaining 10% is used for climbing up the lead angle to generate axial bolt force. The
percentage of T, transferred into bolt force decreases as the coefficient of friction
increases. Next, the percentage is compared between coarse and fine screw threads.
When coefficient of friction is 0.15, nut factors are 0.200 and 0.193, respectively,
which means that nut factor is slightly smaller in fine screw threads. The difference
in K is due to the difference in lead angle. This indicates that when tightening the two
types of screw threads by the same torque under identical coefficients of friction, axial
bolt force produced in fine screw threads is about 3% larger than that in coarse screw
threads. In actual practice, however, the opposite tendency is sometimes observed.
The cause of this is discussed in Section 3.8.

The relationships between coefficient of friction and bolt force to be generated
and between the scatters in coefficient of friction and bolt force are of crucial impor-
tance from the viewpoint of joint safety. When applying the same torque to bolts
with identical nominal diameter, the generated bolt force F;, becomes larger with
decreasing nut factor K, as evident from Eq. (3.16). Eq. (3.18) indicates that with
decreasing coefficients of friction on thread surface yu,, and nut-bearing surface
Unus K 1s decreased correspondingly. In the tightening operation of threaded fas-
teners, it is desirable to produce large bolt force with small torque and to suppress
the scatter in bolt force at the same time. Accordingly, it is desirable for lubricants to
be used in the tightening operation to provide the coefficients of friction with small
values and scatters.

For example, when using molybdenum disulfide as a lubricant, the coefficient of
friction is usually less than 0.1. Its value changes to some extent, depending on the
elapsed time until the start of tightening operation after applying the lubricants If
the tightening operation is carried out just after applying lubricants, coefficients of
friction tend to be somewhat larger but the scatter is smaller, because the condition
of lubricant is in paste form. On the other hand, when the tightening operation is done
after a short interval, under the condition of lubricants in dried form, coefficients of
friction tend to be smaller but the scatter is somewhat larger. The phenomenon has
been verified by experiments.

From the above results comes the conclusion that it is very difficult to lower both
the absolute value and the scatter of coefficients of friction. Measured data of coef-
ficients of friction and the scatter of nut factor, obtained by using various lubricants,
are given in [59,66-68].

— Learning by numerical example 3.2: Relationship between axial bolt force and coefficient
of friction

The magnitude of axial bolt force produced in M16 with coarse thread is compared for
coefficients of friction of 0.15 and 0.30 when applying the same torque. Assuming y,,
and u,,, are equal and calculating nut factor K by use of the first equation of Eq. (3.18),
K becomes 0.200 and 0.381, respectively. The ratio of the two values is about 52%.
This means that axial bolt force is reduced to about half when coefficients of friction
are doubled under the same tightening torque. Alternatively, this can be expressed as
follows: axial bolt force obtained by the same torque is almost inversely proportional
to coefficients of friction.
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3.2.3 Advantages of the torque control method and influencing
factors on tightening accuracy

The largest advantage of the torque control method is the ease of tightening operation.
Another important advantage is that the tightening accuracy is not influenced by the
joint stiffness. The equation relating torque to bolt force, Eq. (3.15), has been derived
by considering the equilibrium of forces and moments on the thread surface and nut-
bearing surface. Therefore, such factors as grip length and Young’s modulus of joint
materials, which affect the joint stiffness, are not included in the equation. In contrast,
the tightening accuracies of the elastic angle control, direct tension, and thermal
expansion methods are considerably affected by the joint stiffness, owing to the
mechanical properties of the tightening process. Specifically, when tightening bolts
with identical nominal diameter to achieve the same bolt force, the tightening accu-
racy could be significantly reduced in joints with small grip length, due to small bolt
elongations. Furthermore, the accuracy is likely to remarkably decrease in joints
where a low stiffness object, like sheet gaskets, exhibiting nonlinear and hysteresis
behaviors, is inserted between fastened plates.

As stated in the preceding section, the largest cause for the bolt force scatter in the
torque control method is the scatter of coefficients of friction on thread surface yu,;, and
nut-bearing surface y,,,. In addition, when the nut-bearing surface or bolt head-bearing
surface is not parallel to the mating plate surface, coefficients of friction show a sub-
stantial variation due to the nonuniform contact between the mating surfaces. In the
following, it is explained how the bolt force scatter occurs due to various factors appe-
aring in torque-bolt force relationship, as given in Eq. (3.15):

1
T, =5Fy{dytan (py, + f) + pydu} (3.19)

(1) Lead angle g

As is evident from Eq. (3.19), when tightening with a constant torque 77, axial bolt force
F;, decreases with larger lead angle. Thus, when tightening bolts with coarse and fine
threads with an identical torque, axial bolt force produced in fine screw threads is
slightly larger, if coefficients of friction are also the same. The amount of lead angle
is generally evaluated on the circle of pitch diameter d,. In other words, even if the
corresponding male and female surfaces are not uniformly in contact and the contact
position varies between nominal diameter d and minor diameter d;, the difference in
lead angle f at each position is not substantial, as discussed in section 1.4.3.

(2) Flank angle o

In Eq. (3.12), which calculates friction angle p’,;, the flank angle in the plane perpen-
dicular to helix ¢ is involved. However, the effect of flank angle «; is negligible even
if a; deviates slightly from its standard value of 30 degrees.

(3) Coefficient of friction on thread surface

The amount of coefficient of friction varies depending on the surface condition and the
type of lubricant used. The values of y,, are practically changed due to the nonuniform
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contact on thread surface, which is caused by the difference in flank angles between
male and female threads induced by manufacturing errors. Attention should be paid to
the above phenomenon when dealing with large bolts or body-side female threads with
large nominal diameter, in which processing accuracy is likely to be lowered.

(4) Coefficient of friction on nut-bearing surface y,,,

As in the case of y,;,, the amount of u,,, is largely influenced by the surface condition
and the type of lubricant. When the nut-bearing surface is not sufficiently parallel to
the plate surface to be in contact, u,,, is changed substantially, which causes scatter in
axial bolt force. In addition, when clamping thin plates with warping beyond a certain
level, a similar problem occurs due to the nonuniform contact.

(5) Equivalent friction diameter of nut-bearing surface d,,,,

d,, 1s commonly regarded as 1.3 times nominal diameter d [63]. Aiming at easy
processing of nuts, a slight inclination is sometimes added inwards at the nut-bearing
surface, resulting in the axial bolt force produced tending to be lowered even if apply-
ing the same amount of torque, because the center of contact moves outwards and d,,,
becomes larger than 1.3d. When using hexagon nuts with flange, d,,, is necessarily
larger than 1.3d due to larger bearing surface area. Accordingly, the axial bolt force
is reduced even if applying identical tightening torque under the same coefficient of
friction, u,,. However, those nuts require larger loosening torque at disassembly,
which also provides the advantage of high antiloosening performance. In the follow-
ing, what factors affect the amount of d,,, is discussed in detail, because d,,, is an
important value that affects the bolt force scatter besides p,,,.

Inclination of nut- or bolt head-bearing surface [69]

Assuming the perfect flatness of bearing surface, the equivalent friction diameter of
nut-bearing surface d,,, has been evaluated systematically by axisymmetric FEM,
where d,, is found to be about 1.3 times nominal diameter d, as already shown in
[63]. In actual nuts, however, a slight inclination is sometimes added inwards, as
stated above. According to JIS, the inclination angle must be less than one degree
or two degrees, depending on the type of nut. The same standard is also specified
for bolt head-bearing surface.

Fig. 3.6 shows the measured results for M 16, where each curved line represents the
shape of nut-bearing surface. Thread pitch P of fine screw threads is 1.5 mm here. The
measurements were conducted in the six directions indicated by arrows. The four
curved lines correspond to the nuts supplied by four different manufacturers. The
shape measurement was performed for six nuts supplied by each manufacturer, and
the results averaged. The scatter among the nuts supplied by the same manufacturer
was negligible. The maximum inclination angle is found to be about one degree.
Accordingly, with the progress of tightening operation, the contact area expands radi-
ally inwards, starting from the outer edge of the nut-bearing surface. The existence of
such an inclination on the nut-bearing surface, as shown in Fig. 3.6, increases the
amount of d,,,, from the standard value of 1.3d. Hence, in the actual tightening oper-
ation, axial bolt force achieved by the same torque is decreased. To make matters more
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Fig. 3.6 Flatness deviation measured on nut-bearing surface.

complicated, d,, changes with changes in axial bolt force. This can be explained by
the phenomenon that the contact area varies nonlinearly with increasing bolt force.
Fig. 3.7 shows the calculated results of d,,, for M16 by axisymmetric FEM. The axial
bolt stress is set to be 100 MPa. The figure indicates that d,,,, increases rather sharply as
the inclination angle 0,,, is increased, and it becomes about 1.6d when 8,,, reaches 0.6
degrees.

Meanwhile, it is empirically known that the bolt head-bearing surface is sometimes
inclined to some extent as well. In this case, the inclination angle usually exists radi-
ally outwards as opposed to the nut-bearing surface. Fig. 3.8 shows the measured
results of the inclination angle for M16 on bolt head-bearing surface. Two kinds of
products, Type-A and Type-B, were selected and the measurements were conducted
in the four directions indicated by arrows. Comparing to the nut-bearing surface, the
inclination angles are relatively small, in addition to the direction of inclination being
opposite. This means that the equivalent friction diameter of the bolt head-bearing
surface dj,; is decreased with increasing inclination angle.

Fig. 3.9 shows the effect of bolt stress on d,,. As bolt stress is increased, the
increase of d,,, gets smaller for the same inclination angle 6,,,. This is due to the
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increase of contact area when applying larger bolt stress. In Fig. 3.10, it is shown how
bolt forces are decreased or increased due to the existence of inclination angle on the
bearing surfaces of nut and bolt head. Bolt force F, is normalized with respect to bolt
force Fo for the case without inclination. The parameters in the figure represent
bolt stress. Coefficients of friction, u,, and u,,, are set to be 0.15. It is found
that the bolt forces achieved by the same torque under identical contact conditions
may be decreased or increased by up to 10% of the objective bolt force. The effect
of the inclination of bearing surfaces is summarized as follows.

a. Bearing surfaces of nut and bolt head are sometimes inclined radially inwards and outwards,
respectively.

b. The existence of inclination increases the amount of d,, on nut-bearing surface and
decreases that of dj,; on bolt head-bearing surface.

¢. The increase of d,,, and decrease of d,,; cause the reduction and increase of bolt forces even if
applying the same torque under identical contact conditions.

d. The extents of increase in d,,, and decrease in d,,, significantly change with changes in incli-
nation angle and also to some extent with changes in axial bolt stress.

e. Due to the existence of inclination, the reduction and increase rates of bolt forces reach up to
about plus—minus 10% of the target bolt force.
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Warping and flatness on plate surface

Equivalent friction diameters, d,,,, and d;,, change significantly due to the warping and
deviation of the flatness of the plate surface. It is particularly observed when clamping
thin plates that are liable to involve processing problems. With the existence of
warping, nonuniform contact occurs between nut and plate surface, hence, d,,, may
change significantly. In such cases, as the bolt force is increased with increasing tight-
ening torque, it causes the changes in contact conditions and equivalent friction diam-
eters, thereby varying the friction coefficients substantially. In other words, the
relationship between torque and bolt force is regarded as a highly nonlinear problem,
where d,,,, and coefficients of friction y,,, and p,, vary as a function of contact stress.
However, it is practically impossible to evaluate d,,,, by FEM for each case of clamping
thin plates. As a countermeasure, it is recommended to measure the actual values of
the coefficient of friction corresponding to the predicted range of axial bolt stress,
using the method introduced in Section 3.2.5, and estimate nut factor K in order to
employ Eq. (3.16), which relates tightening torque to bolt force by K.

— Learning by numerical example 3.3: Relationship between axial bolt force and equivalent
friction diameter



Mechanics of the tightening process of threaded fasteners 85

1.7

Mi16

1.6 |~ = r—-.'r"'.f

/d

1.5

nu

d

bolt stress o, 1

—@&— 100MPa
—O— 200MPa
—Z5— 300MPa
—— 400MPa
—— 500MPa
—>%— 600MPa

14

0 0.2 0.4 0.6 0.8 1

Inclination Angle 6 (deg)
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The magnitude of axial bolt force of M16 with coarse thread, achieved by the same
torque, is compared when d,,, is changed to 1.3d, 1.4d, 1.5d, 1.6d, and 1.7d. Coeffi-
cients of friction, y,, and u,,, are assumed to be 0.15. Considering that coefficients of
the second term in Eq. (3.18) are changed as 0.65, 0.70, 0.75, 0.80, and 0.85 for the
equivalent friction diameters selected above, nut factors are calculated to be 0.200,
0.207, 0.215, 0.222, and 0.230, respectively.

For instance, the ratio of nut factors between the cases of d,,, being 1.3d and 1.6d is
about 0.9. That is, if d,,,, is increased to 1.6d, axial bolt force would be decreased by as
much as 10% even if applying the same torque. The calculation results indicate that
the geometric errors existing on bearing surfaces of nut and bolt head significantly
affect the tightening accuracy of bolted joints.

3.2.4 Self-locking criteria and efficiency of screw threads

In Section 3.2.1, the equation that relates tightening torque to axial bolt force was
derived. When loosening threaded fasteners to disassemble the joint, male threads
go down the thread surface as opposed to the tightening operation. Thus, the
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equation relating loosening torque 7; to axial bolt force F;, can be obtained by chang-
ing the sign of lead angle $ in Eq. (3.15).

1
T, = §Fb{d2 tan (p), — B) + Hpudnu } (3.20)

Assuming that coefficients of friction remain unchanged, loosening torque 7; is
smaller than tightening torque 7, as evident from Eq. (3.20). Paying attention to
the term of “tan()” in both equations, the difference is 2 and is larger in coarse screw
threads due to larger $. In case of multiple-thread screws having large f, the difference
between T, and T, becomes even larger. Accordingly, it is usual that the loosening tor-
que T, is smaller than the tightening torque T,. If T; becomes larger than T, it is prob-
able that coefficients of friction are increased because of the change of surface
conditions or the occurrence of seizure of threaded fasteners.

When coefficient of friction u,;, on the thread surface is large, large tightening tor-
que is required. Meanwhile, after the completion of the tightening operation, in order
prevent loosening without external force, the first term in a brace of Eq. (3.20) must be
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positive. That is, to prevent the loosening due to nut rotation under conditions without
external force, friction angle p’,, must be larger than lead angle f.

py, > P (triangular thread) 321)
Pum > P (square thread) ’

Eq. (3.21) is called the self-nonloosening condition. When coefficient of friction
on the thread surface is identical, p’,, is about 15% larger than p,;, due to the effect of
o1 in Eq. (3.12). This means that triangular screw threads are unlikely to loosen com-
paring to trapezoidal and square screw threads. Incidentally, when rotating a screw
thread one turn, it moves one pitch in the axial direction in the case of a single-screw
thread. When the tightening operation is carried out by torque control method, effi-
ciency of screw thread is defined as the ratio of the work done by one pitch movement
of screw thread to the work required to rotate a screw thread one turn. Efficiencies of
triangular and square screw threads, 3 and 74, are expressed by the following
equations:

0 = FyP tan

7 ady Uy tan (p), + ) (322)
tan '

Ny =

tan (pth + /)))

In order to derive the third equation of 75 from the second one, eq. (1.10), which cal-
culates f, and Eq. (3.13) are used. It is found that 7, is larger than #; under the con-
dition of identical u,;, because py;, is smaller than p’,;. To summarize the above:

a. Triangular screw threads are suitable for the purpose of fastening because of high self-
nonloosening performance.

b. Trapezoidal and square screw threads are suitable for movement transmission, because the
efficiency of the screw thread is high due to small flank angle.

c. Multiple-thread screws provide higher efficiency of screw thread than single-thread screws,
due to large lead angle.

— Learning by numerical example 3.4: Effect of coefficient of friction and nominal diameter
on efficiency of screw thread

According to Eq. (3.22), efficiency of screw thread 13 becomes 100% when y, is zero,
and it rapidly decreases as pu,, is increased. Paying attention to the effect of f,
n5 increases with smaller nominal diameter due to larger 3, and 75 of coarse screw
threads is higher than that of fine screw threads. Calculation examples of #5 are tab-
ulated in Table 3.2.

— Learning by numerical example 3.5: Relationship between tightening torque 7, and loosen-
ing torque T

The ratio of T, to T, varies with changes in lead angle $ and coefficients of friction,
and p,,,. The difference between T; and T, increases with lager # and smaller y,;, and
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Table 3.2 Effect of coefficient of friction and nominal diameter on efficiency
of screw thread (%).

Hien 0.05 0.07 0.1 0.12 0.15 0.2 0.3
Mi16 42.8 34.8 27.1 23.7 19.9 15.6 10.9
Mi12 46.9 38.7 30.6 26.8 22.6 18 12.7
M16 (P=1) 26.4 204 15.2 13 10.7 8.2 5.6

Table 3.3 Ratio of loosening torque to tightening torque (%).

Hens Pnu 0.05 0.07 0.1 0.12 0.15 0.2 0.3
Mi16 49.5 61 70.8 75 79.3 83.7 88.2
Mi12 43.2 55.7 66.6 71.2 76.1 81.1 86.3
M16 (P=1) 71.6 78.8 84.6 86.9 89.3 91.7 94

U Thus, the difference gets larger as nominal diameter decreases. It is also larger in
coarse screw threads than in fine screw threads. Assuming that axial bolt stress is
100 MPa and coefficients of friction remain unchanged between tightening and loos-
ening operations, the ratio 7,/T, can be calculated using Egs. (3.19) and (3.20). The
calculations are conducted for M16 with coarse and fine threads and M 12 with coarse
thread. The results, given in Table 3.3, indicate that in the cases of small nominal
diameter and low coefficients of friction, the loosening process requires a consider-
ably smaller torque compared to the tightening process.

3.2.5 Measuring method of axial bolt force, tightening torque,
and friction coefficient

For the case of tightening bolt-nut connections by the torque control method, a simple
testing method is introduced, by which axial bolt force F;, and thread torque T, can be
relatively easily measured. Furthermore, it is explained how to calculate coefficients
of friction on thread surface u,;, and on nut-bearing surface y,,,, by using the measured
values of F;, and T;. The magnitude of tightening torque 7, applied to nut is read from
the scale of a torque wrench.

(1) Measurement of bolt force F;, and thread torque T

Fig. 3.11 shows an example of bolt specimen, to which strain gages and crossed gages
are glued on the bolt cylindrical surface to measure F,, and T, respectively. Thread
torque T is defined as the torque exerted on thread surface in the tightening process,
and it is transmitted to the bolt body. Therefore, T is measured on the bolt cylindrical
portion to simplify the experiment. Two strain gages are located 180 degrees apart
from one another. Bolt force F, is obtained by averaging the two measured values.
The bending moment exerting on the bolt is calculated by use of a simple theory
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of solid mechanics, in which the difference of the two values is divided by two. Two
strain gages can be replaced by a strain gage for the exclusive use of bolt force mea-
surement. The special gage has a cylindrical shape and is inserted into a hole machined
along the bolt axis. Although it is impossible to measure the bending moment, it has a
great advantage of easy handling of lead wires. A crossed gage consists of two strain
gages arranged at right angles to each other, which enables the measurement of shear
strains induced by thread torque 7. Calculating T, using the measured shear strains,
nut-bearing torque 7T, is obtained by the equation 7, =T, — T, which is transformed
from Eq. (3.1). Thus, four quantities of F, T,, T1, and T, are all obtained.

(2) Measurement of y,;, and p,, separately [70]
Transforming Eq. (3.3) and substituting d,,, = 1.3d, the amount of 4, is calculated as

follows:

2T,

Hou = m (3.23)

The formula for calculating y,, is derived from Egs. (3.12) and (3.14):

Wy = tan{tam1 <%) —ﬁ} - cosay’ (3.24)

If the measurement of T} is possible instead of T, u,;, and p,,,, are calculated in a similar
manner, using the relationship T, =T, — T5.

(3) Case of assuming p,;, and p,,, as being identical

If the purpose is to find the average value of y;, and u,,,, under the assumption of two
values being identical, it is enough to just measure F, and T,. In this case, the
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experiment is quite simple, because the installation of crossed gages is not required.
Substituting Eq. (3.12) into Eq. (3.15) and putting u,,=u,,,=u, the following
equation is derived.

T, = %Fb [dz tan { tan ! <L> +ﬁ} Tux 1~3d] (3.25)

cos @

In Eq. (3.25), since T, and F, are measured values, the average coefficient of friction y
is found using a trial-and-error procedure by changing u systematically. Evaluation of
u corresponds to obtain nut factor K in Eq. (3.16).

(4) Test equipment with simple structure for measuring bolt force and coefficient of friction

In order to measure coefficients of friction with high accuracy by repeating the
experiments using a lot of speciments, it is considered that the installation accuracy
of strain gages on the bolt cylindrical surface significantly affects the measurement
accuracy. In particular, if the direction of strain gages deviates from the bolt axis, it
necessarily leads to a decrease in the measurement accuracy of the bolt force.
Fig. 3.12 shows test equipment manufactured to solve the problem. Fig. 3.12A illus-
trates the construction and the measurement principle. Fig. 3.12B illustrates the
three parts composing the test equipment. Strain gages and crossed gages are
attached not to each test specimen, but to Part-I of the testing equipment. Therefore,
bolt force F;, and thread torque T can be simultaneously measured [71] in each test
with constant measurement accuracy. The experimental procedure and measure-
ment principle are as follows.

Attaching a bolt, a nut, and a fastened plate to the test equipment, tightening tor-
que T, is applied to the nut, then the bolt force F, is generated. The fastened plate is
thin and is carefully machined so that the top and bottom surfaces are completely
parallel. During the tightening operation, nut-bearing torque 7, is consumed as
friction work and the remaining torque, Ty =T, — T, is transmitted to the bolt body
as a twisting moment. Inside the top and bottom of Part-II, two grooves are machined
so as to insert the bolt head and the top portion of Part-I, by which Part-II can trans-
mit bolt force F;, and thread torque T to Part-I. The amounts of F;, and T are mea-
sured by strain gages and crossed gages mounted on Part-I, respectively. This test
equipment makes it possible to measure F;, and T without attaching strain gages
to the bolt body. The amount of tightening torque T, is directly read from the scale
of a torque wrench. The calculation procedure of u,, and y,, have already been
explained in (2).

3.2.6 Behavior of torque and axial bolt force after releasing
tightening torque

In this section, how torque and bolt force behave after the completion of tightening
operation in the torque control method is discussed. Completing the tightening work
and releasing the hand from a torque wrench, the wrench slightly rotates in the oppo-
site direction, and then the tightening torque T, becomes zero [72,73]. As shown in
Eq. (3.1), the tightening torque applied to nut 7} is the sum of thread torque T, which
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Tightening torque Tt = TI + T2

Thread torque T f)

4 crossed gage for
| measuring thread torque

e

Part-1 Part-11 Part-II1

(b)

Fig. 3.12 Test equipment with simple structure for measuring bolt force and coefficient of
friction. (A) Construction and measurement principle of test equipment and (B) three parts
composing test equipment.

is transmitted to the bolt body, and nut-bearing torque 7, consumed as friction work.
In Fig. 3.13, it is schematically shown how the torques exerted on each part vary dur-
ing a very short period between the achievement of the objective tightening torque 7T,
and the disappearance of T, after releasing the grip of the wrench [74].
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Just before releasing 7, Reduction of T'; and T, T, becomes zero

S
O
<+ [T 7]
T,<0
I, = L,+T,

Completion of Sign of T, is reversed
tightening operation

Fig. 3.13 Behavior of torques exerted on each part during the whole tightening process.

As tightening torque T, starts to reduce, thread torque 7 and nut-bearing torque
T, also decrease correspondingly. Eq. (3.1) holds true during this time. Eventually,
T, becomes negative past zero. The reversal of the sign implies that the direction
of friction force is reversed on the nut-bearing surface. After that, T, continuously
decreases and becomes zero. At that moment, 7 and 7, are in balance. In other words,
the two torques are equal and opposite and satisfy the following equation:

T,+T,=0 (3.26)

Fig. 3.14 shows the results of experiments conducted to verify the phenomenon. A
bolt-nut connection with nominal diameter of M16 is used and the grip length L, is
35mm. Two ordinates represent bolt force F;,, and coefficients of friction, y,, and
Hn The abscissa represents the elapsed time concerning the tightening operation.
As the tightening torque T, is increased, u,, and u,,, decrease and approach constant
values. When the grip of the wrench is released and T, approaches zero, the sign of y,,,
is changed, because the sliding direction on the nut-bearing surface is reversed.
Although not shown here, the magnitudes of T and T, drop to about 70%—-80% of
the values at the completion of tightening operation. As for F,, it increases only
slightly by showing a tiny peak just after releasing the hand, and then F,, becomes
a constant value. This specific behavior is presumably caused by the release of the
twisting deformation of the bolt body. That is, when letting go of the wrench,
T, decreases and the bolt body rotates only slightly so as to release the twisting defor-
mation, and the rotation occurs in the direction to climb the thread surface.



Mechanics of the tightening process of threaded fasteners 93

0.4 : : 7
(L M16
2 03 )
S >
s 1s %
SN =
= 02 ool
= 4 9
'E —
‘: ?
= 01 3 g
- &
ey
= 42
) o>
-a 0 —
= ~
< -
(=]
O -0
-0
-0.2 : : ‘ -1
0 2 4 [ 8 10 12

Time (s)
Fig. 3.14 Variations of bolt force and coefficient of friction with time during the tightening
operation.

3.2.7 Simple strategy for reducing bolt force scatter [75]

It is of critical importance to reduce the scatter in bolt force when employing the tor-
que control method. Referring to Eq. (3.16), once the objective bolt force F, and nom-
inal diameter of bolt d to be used are determined, the amount of tightening torque 7} is
calculated by assuming nut factor K. This means that high accuracy in bolt force can
be achieved by choosing an appropriate value of K. Meanwhile, as found from
Eq. (3.18), K can be expressed as a function of coefficients of friction y,, on thread
surface and yu,,,, on nut-bearing surface. Accordingly, the point is to reduce the scatters
in Hin and Hnu-

Incidentally, it is a common practice to apply an identical surface treatment to a
pair of bolt and nut, which means the thread surface is composed of two surfaces hav-
ing a similar surface condition. On the other hand, the nut-bearing surface is generally
composed of two surfaces subjected to different surface treatments. As a result, it is
presumed that the scatter in y,,, is usually larger than that in y,,. Use of flat washers, to
which the same surface treatment is applied, is a simple solution to lower the scatter in
U, The strategy is that the flat washer is used to make the nut-bearing surface being
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Fig. 3.15 Test specimen consisting of
bolt, nut, flat washer, and plate.

o

flat wash

nut

composed of two surfaces under the same treatment. The validity of the use of such
flat washers is examined by tightening experiments using the test equipment shown in
Fig. 3.12.

100 pairs of bolt and nut are prepared together with 50 flat washers. Test bolts and
nuts are M16 with coarse thread and are made of carbon steel with strength grade of
8.8. Flat washers are also made of the same material. The surfaces of bolt and nut
threads and flat washers are all processed using black oxide film and antirust oil.
Fig. 3.15 shows a set of test specimens consisting of a bolt, a nut, a flat washer,
and a fastened plate. To examine the effectiveness of the flat washer, tightening exper-
iments are conducted 100 times, using 50 sets of test specimens with flat washer and
50 without flat washer. Fig. 3.16A and B represent the measured results of yu,;, and u,,,
for the cases with or without flat washers. Noticeable differences are not observed in
U, between the cases with and without flat washers. However, the scatter in g, is
significantly reduced by use of flat washers. Next, the scatter in bolt force F, is eval-
uated using nut factor K, where the measured values of y,;, and y,,, are substituted into
Eq. (3.18). Tightening experiments corresponding to Fig. 3.16 are repeated five times.
It is shown in Fig. 3.17 how much scatter in bolt force is predicted using the standard
deviation ¢ of nut factor K. Supposing that the range represented by 2¢, which
involves about 95% of the total data, is an index for the scatter, the bolt force scatter
ranges from about 15% to a little over 20% without flat washers. In contrast, the scatter
is wholly kept around 10% with the use of flat washers. Additionally, antiloosening
performance of flat washer is discussed in Chapter 6.

3.2.8 Tightening characteristics and strength of bottoming studs

When clamping studs, the thread runout portion is sometimes screwed into body-side
female threads to prevent the falling off from the main body in the disassembly pro-
cess, caused by the co-rotation with a nut. In that case, high stress concentration occurs
around the thread runout. Instead of screwing into the female threads, there is an
intriguing countermeasure: the far end of the stud is pushed onto the bottom surface
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Fig. 3.17 Bolt force scatter predicted by use of standard deviation of nut factor.

of the bolt hole. This type of stud is called a bottoming stud. When a bottoming stud is
pushed onto the bottom surface by applying a torque above a certain level, it never
falls off in the disassembly process caused by co-rotation. Therefore, it has been said
that bottoming studs are superior to ordinary studs in both workability and strength.

In Fig. 3.18, the shape of a bottoming stud is schematically shown. The end of the
projection part with a diameter of d.. has a conical shape so as to be smoothly in contact
with the bottom surface. The tip of the projection is often machined to be hollow, as
shown in the figure, to prevent crack initiation. Fig. 3.19 shows the assembly and dis-
assembly processes of bottoming studs [64]. When applying the bottoming torque T,
a certain amount of compression force F, is generated between the lower engaged
threads and the bottom surface of bolt hole, thereby subjecting the engaged thread por-
tion to compression stress. Next, a nut is attached to the top of the stud and the tight-
ening torque 7, is applied to produce the objective bolt force F';,. The absolute value of
F), is larger than that of F,,. Accordingly, the application of tightening torque
decreases the compression force occurring around the lower engaged threads in the
bottoming process and changes the compression force into a positive value past zero.
At the same time, it reduces the compression force F, acting on the bottom surface of
the bolt hole.
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From the above consideration, it is found that at the completion of the total tight-
ening process, the objective bolt force F), the axial force generated in the lower
engaged threads F,,, and the compression force acting on the bottom surface F,,
are related by the following equation:

Fi=Fp+Fey (3.27)
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Fig. 3.20 Tensile stresses locally produced around thread root in bottoming process.

Since the bottoming operation produces a compression force in the lower engaged
threads, the tensile force occurring there, at the completion of the tightening operation,
is necessarily smaller comparing to the case without bottoming. Therefore, it is
predicted that the maximum stress is decreased and the strength of the engaged threads
increased. However, it has been reported that although its static strength is higher than
the studs used without bottoming, the fatigue strength is likely to be lower [76]. These
two phenomena are contradictory from the engineering point of view. The apparently
conflicting consequences can be explained by examining the stress distributions
around the engaged threads in the bottoming process.

In Fig. 3.20, the regions under compression and tension in the bottoming process
are indicated by dark gray and light gray, respectively [64]. The engaged thread por-
tion of the bottoming stud is almost entirely under compression. However, tensile
stresses are locally produced in the vicinity of the thread root. This means that in
the bottoming process, a certain amount of tensile stress is already produced around
the thread root and its magnitude is further increased when tightening a nut. From the
above considerations, it is presumed that the static and fatigue strengths of bottoming
studs are both likely to be lower than those of ordinary studs. It is shown in [64], based
on the numerical results by FEM, that the maximum stress occurring at thread root is
slightly raised by the bottoming operation.

In order to take advantage of bottoming studs, therefore, it is necessary to obtain the
minimum bottoming torque 7, that won’t cause the co-rotation and falling-off of the
bottoming stud in the disassembly process. The condition needed to prevent the co-
rotation is given in a simple form, using the symbols in Fig. 3.19:

Ty < Ty (3.28)

In actual application, it is important to predict how much bottoming torque T}, is
required against the tightening torque 7, to be applied for achieving the target bolt
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force F,. Fessler et al. evaluated the mechanical behavior of bottoming studs by means
of photo-elastic experiments [77]. They recommend that 7, should be as large as three
times thread torque 7. Such a large bottoming torque probably degrades the strength
of engaged threads in the bottoming process. Hence, aiming at providing a guideline
for the bottoming operation, the minimum value of T,,/T, has been evaluated by
FEM [64].

In Fig. 3.21, the ordinate represents the minimum ratio of T}, to T, that won’t cause
co-rotation and the abscissa represents the coefficient of friction. The relationship
between torque and bolt force in the bottoming process is evaluated by FEM, and
the equation relating 7, to F, in the tightening process is also taken into account.
The value of T},/T, is changed according to the diameter of the projection part d,.
and the tip shape, which is solid or hollow. As a result, 7},/T, is less than 0.5 overall.
It is therefore concluded that to prevent the co-rotation of bottoming studs in the dis-
assembly process, the magnitude of bottoming torque T, should be more than 50% of
the tightening torque 7.

3.2.9 Bolt strength in tightening process

When tightening a bolt-nut connection with the torque control method, the threaded
portion of the bolt is subjected to tensile stress o, and shear stress z,,, due to bolt force
F;, and thread torque T, respectively. Calculations of ¢,, and 7, are performed with
the use of diameter of stress area d,.
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4F,
=2 3.29
Ot ﬂdsz ( )
16T,
= 3.30
Tth ﬂds3 ( )

In the case of a bolt-nut connection made of ductile materials, by applying shear strain
energy theory, the strength of engaged threads can be evaluated by von Mises stress &
defined below:

5 = JouZ ¥ 32 (3.31)

When & reaches the yield stress oy in the simple tension test, it can be judged as the
start of plastic deformations. Yamamoto proposed that Eq. (3.31) agrees well with the
experimental results by changing the coefficient of z,;, from 3 to 1.8 [78]. The value of
1.8 corresponds to the case that 7, is replaced by 0.78z,, in Eq. (3.31). It is worth not-
ing that the value of 0.78 is nearly equal to the residual rate of thread torque T at the
completion of tightening operation, ranging from 70% to 80%, as discussed in
Section 3.2.6. von Mises stress, defined by Eq. (3.31), represents the mean stress
of engaged threads. To evaluate the strength with higher accuracy, the stress concen-
tration around thread root must be considered, which is explained in section 4.2. In the
finite element analyses discussed in later sections, von Mises stress ¢ is evaluated by
the equation using three components of principal stress, o1, 6,, and o3:

G = %\/{(61 —62)* + (62— 03)" + (63 — 0'1)2} (3.32)

— Learning by numerical example 3.6: Relationship between von Mises stress and coefficient
of friction (part 1)

Assuming the objective bolt stress o, to be 100 MPa for M16 and M12 with coarse
thread, von Mises stresses & in the engaged threads are calculated for coefficient of
friction p,, on thread surface, ranging from 0.05 to 0.30. First, bolt force F, for
0,=100MPa is calculated. Then, thread torque T, is obtained by use of Eq. (3.14).
Tensile stress o, and shear stress 7, produced in the engaged threads are calculated
by Egs. (3.29) and (3.30), then von Mises stress Gis obtained by substituting o, and 7,
into Eq. (3.31). The results are given in Table 3.4. As u,, is increased, shear stress 7,
increases due to the increase of thread torque 7. When u,;, exceeds 0.25, in either case,
von Mises stress ¢ becomes more than twice as large as the objective bolt stress o,

— Learning by numerical example 3.7: Relationship between von Mises stress and coefficient
of friction (part 2)

Assuming that the objective bolt stress ¢}, is 300 MPa for M16 with coarse thread and
uy, and p,, are both 0.12, the required tightening torque 7, is calculated to be
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Table 3.4 Relationship between coefficient of friction and von Mises stress (MPa) in engaged
threads.

Hien 0.05 0.07 0.1 0.12 0.15 0.2 0.3
Mi16 136.6 140.7 148.1 153.7 163.3 181.4 223.6
Mi12 144.4 149.0 157.2 163.4 173.8 193.4 238.7

Table 3.5 Variations of bolt stress under constant torque for varying u,, and p,,,.

Hens Pnu 0.05 0.07 0.1 0.12 0.15 0.2 0.3

Boltstress (MPa) | 615.1 | 4733 | 351.5 | 300.0 | 2459 | 189.0 | 129.0
von Mises stress | 8404 | 665.8 | 5204 | 4612 | 401.5 | 342.8 | 288.5
(MPa)

156.4Nm. In the actual application, the torque value is commonly used as a guideline
for the tightening operation. However, the bolt stress to be produced changes
according to the variation of coefficients of friction, even if applying a constant tor-
que. Table 3.5 shows the bolt stress ¢, and von Mises stress & in the engaged threads
calculated for coefficients of friction varying from 0.05 to 0.30. In the calculations, the
tightening torque 7, is supposed to be a constant value of 156.4 Nm. Using Eqs. (3.15)
and (3.14), bolt force F, and thread torque T are calculated for each coefficient of
friction. The subsequent calculation procedure is the same as numerical example
3.6. It is found from Table 3.5 that if coefficients of friction substantially deviate from
the expected values, bolt stress ¢, and von Mises stress significantly deviate from the
objective values.

3.3 Elastic angle control method

3.3.1 Tightening principle

In this section, the tightening process of the elastic angle control method is explained
from the mechanical point of view. It is commonly used for clamping critical large
bolts, such as crank pin bolts of large-scale marine diesel engines. Among the various
types of joints clamped by threaded fasteners, some joints are disassembled periodi-
cally after a certain period of running time. The necessity of the repetition of assembly
and disassembly is determined by the type and function of the target machines and
structures.

The elastic angle control method is mainly used for critical joints, in which a failure
or rupture of a single threaded fastener can lead to a catastrophic accident of structures
or machines. For example, crank pin bolts, which are used to tighten a connecting rod
and a crank shaft in large diesel engines, need to be inspected regularly. Since the
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Fig. 3.22 Relationship between
bolt force and nut rotation angle in
the elastic angle control method.
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assembly and disassembly operations are repeated, crank pin bolts are supposed to be
reused. In those cases, the target bolts are basically tightened within an elastic range to
avoid excessive plastic deformations.

Fig. 3.22 shows the relationship between bolt force F;, and nut rotation angle ¢ in
the elastic angle control method. According to JIS B 1083 “General rules for tighten-
ing screw threads,” the objective screw thread is first tightened by the torque control
method to the point termed snug point, where the linear relationship between F, and ¢
is almost established. It is recommended that the value of snug torque T, should be
selected to generate a bolt force as small as possible, in order not to introduce the dis-
advantage of the torque control method.

The relationship between F;, and ¢ is expressed by the gradient # in the region that
is assumed linear in Fig. 3.22, using spring constants k, ks, k., and kj,; of a bolt-nut
connection and k of fastened plates. The formula relating ¢ to F), is shown below:

2n 1 1 1 1 1 2n 1 1

_ 2z Fp
P ktalal

(3.33)

where P is thread pitch, and &, and k&,,,,;, respectively, represent the stiffness of bolt-
nut connection and the entire stiffness of bolted joint given in eqgs. (2.4) and (2.5).

Eq. (3.33) is derived by considering the relationship that when tightening a bolt by
rotating a nut, one rotation (2) produces a one-pitch movement in the axial direction,
which is equal to the sum of the axial displacements obtained by dividing bolt force F,
by the spring constants corresponding to each part of the bolted joint. It is found from
Eq. (3.33) that the rotation angle ¢, required for producing the same amount of F,
increases with smaller thread pitch P and lower stiffness of the jointed portion. Since
higher tightening accuracy is expected as the required rotation angle becomes larger,
the elastic angle control method is suited for joints with large grip length. In other
words, the method is not suitable for clamping thin plates.
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According to Eq. (3.33), the bolt force F, to be produced increases in proportion to
nut rotation angle ¢. In the actual application, however, the relationship between F,
and ¢ is not perfectly linear, owing to the effects of surface roughness, warping, and
geometric errors of the jointed portion. Among the foregoing influencing factors, it is
considered that the effect of interface stiffness due to surface roughness, discussed in
section 2.6, is fairly large. Consequently, the rotation angle ¢ required to achieve the
objective bolt force F, is considerably larger in some cases than the angle calculated
by Eq. (3.33). To cope with this problem, it is recommended in JIS that after making a
complete contact on the nut-bearing surface by applying snug torque Ty,,, the target
bolt force should be generated by controlling the nut rotation angle ¢. In that sense, it
is interpreted that Eq. (3.33) represents the relationship between nut rotation angle ¢
and bolt force F, in the tightening operation after applying snug torque T,,,. However,
no concrete guideline is given in JIS for the amount of snug torque. From the above
considerations, it is concluded that the following information is required in order to
perform the elastic angle control method with high accuracy in application:

(1) Evaluation method of spring constants composing a bolted joint, which are involved in
Eq. (3.33), and its accuracy.

(2) Evaluation method of interface stiffness due to surface roughness.

(3) Guideline for an appropriate amount of snug torque.

In the next section, an equation relating nut rotation angle to bolt force is derived by
considering the effect of interface stiffness. Furthermore, in Section 3.3.3, a guideline
for the elastic angle control method is proposed, in which a concrete procedure to
determine the amount of snug torque is explained.

Next, to examine the effect of nominal diameter d, the nut rotation angle ¢ required
to produce the bolt stress of 100 MPa is calculated for the case of the ratio of grip
length L to d being 6. For bolted joints with similar forms tightened by a bolt-nut pair
of M12, M16, M24, and M36, the amounts of ¢ are calculated to be 14.5, 16.5, 16.4,
and 18.2 degrees, respectively. This result implies that the rotation angle required to
produce the same bolt stress slightly increases as nominal diameter is increased.

The relationship between nut rotation angle ¢ and nominal diameter d can be
explained using Eq. (3.33) by focusing on the mutual relationship among nominal
diameter d, thread pitch P, and spring constants k;, and k. Regarding the effect of joint
materials, the required rotation angle increases in inverse proportion to Young’s mod-
ulus, since the amounts of &, and krare proportional to Young’s modulus. For example,
when applying the elastic angle control method to the joints made of titanium or alu-
minum alloy, the required rotation angles become almost twice or three times as large
as that of carbon steel joints.

— Learning by numerical example 3.8: Effect of grip length and nominal diameter in the elas-
tic angle control method

For a bolt-nut connection of M16 with coarse thread, nut rotation angles required to
produce bolt stress of 100 MPa are calculated using Eq. (3.33), where L/d is changed
to 2,4, 6, 8, and 10. Other conditions are supposed to be the same as numerical exam-
ple 2.1. The required rotation angles ¢ are calculated to be 7.1, 11.8, 16.5, 21.2, and
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25.9 degrees, respectively, for each value of Ly/d. These results indicate that the nut
rotation angle required to produce the same bolt stress increases with larger grip
length, but the rate of increase is smaller compared to the rate of increase in grip
length. This nonlinear behavior between ¢ and Ly can be explained in Eq. (3.33) by
considering the relationship between spring constants, &, and kg and grip length Ly,
which is discussed in numerical example 2.1.

3.3.2 Equation relating axial bolt force to nut rotation angle
by taking account of surface roughness

Considering the approach of interface ¢ due to surface roughness of each contact sur-
face, Eq. (3.33) is rewritten in the following form [54]:

b= (i i+ o Gt + cf) (3.34)

k!utal

where {y, {nus Cna» and represent the approaches of interface on thread surface, nut-
bearing surface, bolt head-bearing surface, and plate interface, respectively.

The relationship between surface roughness and approach of interface is explained
in section 2.6, and detailed discussions are given in [54]. In the case of surface rough-
ness of each contact surface being sufficiently small, the nut rotation angle ¢ required
for the objective bolt force F, can be calculated by Eq. (3.33) with practical accuracy,
because the effect of interface stiffness is negligible.

Fig. 3.23 shows an experimental setup for measuring the relationship between nut
rotation angle ¢ and bolt stress o;,. Nut rotation angle is measured using a potentiom-
eter. Some measurement results of the relationship between o, and ¢ are given in
Fig. 3.24. The experiments are conducted using bolt-nut connections of M12. The
experimental results show a considerable scatter, despite using test specimens of
the same specifications. However, by moving the reference points for measuring ¢,
as shown in the figure, three experimental results are in approximate agreement. It
is found from the measurement results that the relationship between o, and ¢ shows
a noticeable nonlinearity in the region of low ;. Accordingly, when tightening oper-
ation is performed based on Eq. (3.33) or Eq. (3.34), it is vital that snug torque T, is
first applied in order to make close contact on thread surface, nut bearing-surface, and
bolt head-bearing surface. Hence, the target bolt force is achieved with sufficient
accuracy:

In Fig. 3.25, the experimental results given in Fig. 3.24 are compared to three types
of numerical results, which are obtained by Eq. (3.33), represented by linear spring
models and finite element analysis, and Eq. (3.34), which accounts for interface stiff-
ness. The gradients given in the figure represent the bolt stress produced by one degree
of rotation angle, which are obtained by connecting the measurement results of
op=100MPa and ¢, =400 MPa with a straight line. The experimental results suggest
that the relationship between o, and ¢ is still somewhat nonlinear even under high bolt
stress, and the numerical results obtained by Eq. (3.34), in which interface stiffness is
taken into account, agree well with the experimental ones.
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Fig. 3.25 Comparison of experimental results with three types of numerical results.

3.3.3 Application range and tightening guidelines

In Fig. 3.26, the relationship between bolt stress o, and nut rotation angle ¢ calculated
by Eq. (3.34) are presented, in which the sum of maximum height roughness Rz of the
mating surfaces, Rzt, is systematically changed. The grip length L, is set to be eight
times the nominal diameter d. The nut rotation angle ¢ required to produce the same
bolt stress o), increases with increasing Rzt. Fig. 3.27 represents the effect of grip
length L, on the relationship between o), and ¢. As in the case of Rzt, the rotation angle
required for the same bolt stress increases as Lyd is increased. In other words, the
required rotation angle for the objective bolt stress increases when using longer bolts,
and then the effect of Rzt relatively gets smaller, thereby reducing the scatter in bolt
stress.

In the following, the types of bolted joints appropriate for the elastic angle control
method are discussed, and some guidelines are given to take advantage of its tighten-
ing characteristics. The tightening accuracy is basically enhanced as larger rotation
angle is required for the same target bolt stress.

Suitable application range
(1) Jointed portions clamped with high bolt stress

In the case of bolt stress o, being low, surface roughness shows a large effect on the
relationship between bolt stress and nut rotation angle. Therefore, due to the difficulty
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Fig. 3.26 Effect of surface roughness on the relationship between bolt stress and nut
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in determining the appropriate snug torque T, the tightening accuracy is necessarily
lowered. The preferable objective bolt stress oy, is, for instance, above 300 MPa.

(2) Jointed portions with large grip length

Since a large rotation angle is required for the objective bolt force F,, the effect of
engaged threads, whose stiffness is difficult to evaluate with high accuracy, becomes
relatively small.

(3) Jointed portions clamped by threaded fasteners with fine thread

The rotation angle ¢ required to produce the same bolt force is inversely proportional
to thread pitch P. Accordingly, when using fine screw threads, higher tightening accu-
racy is expected than using coarse screw threads, since larger ¢ is required.

(4) Jointed portions with small surface roughness

Since surface roughness has a small or negligible effect on the relationship between
bolt force and nut rotation angle, high tightening accuracy is expected.

(5) Jointed portions composed of materials with low stiffness

When Young’s modulus of joint materials is low, the required rotation angle becomes
large, as explained in numerical example 3.8. Hence, high tightening accuracy is
expected due to the same reason as in (2) and (3).

In relation to (2), it is predicted that bolt force shows a considerable scatter with
smaller grip length because of the effect of surface roughness and geometric errors
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Fig. 3.27 Effect of grip length on the relationship between bolt stress and nut rotation angle.

of the jointed portion. Specifically, it is fairly difficult to evaluate the spring constant
of engaged threads &, with high accuracy, as shown in fig. 2.8. That is, the existence of
only small geometric errors can significantly reduce the stiffness, and the amount of
k., may drop to the low value of stiffness comparable to the spring constant of fastened
plates k. Therefore, the geometric errors can greatly affect the tightening accuracy of
elastic angle control method. As a countermeasure, for instance, grip length Ly is
increased by devising the joint geometry to lower the stiffness of fastened plates
and then k¢ is decreased. In any event, it is important that the elastic angle control
method should not be applied to joints with very small grip length.

Guidelines for tightening operation

(1) Snug torque Ty, is selected to generate axial bolt stress oy, say, from 50 to 100 MPa. Then,
the target bolt stress oy, is converted to bolt force F,. The magnitude of T,,, is determined by
Eq. (3.15) or Eq. (3.16), with which the jointed portion is tightened. When the effect of
surface roughness and geometric errors does not matter too much, snug torque can be lower
than the above recommended value, because the accuracy in bolt stress achieved by nut
angle control is essentially high.

(2) Next, the target bolt is tightened until the objective bolt force F), is attained, based on the
equation relating F, to ¢. The required rotation angle is calculated by Eq. (3.34). When
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surface roughness and geometric errors are both small, Eq. (3.33) can be used instead of
Eq. (3.34). Attention must be paid that the amount of bolt force substituted into
Eq. (3.33) or Eq. (3.34) is obtained by subtracting the bolt force generated by snug tor-
que from the objective bolt force. The tightening guideline is explained in more detail
in [54].

3.4 Direct tension method using hydraulic tensioner

3.4.1 Tightening principle

The direct tension method using hydraulic tensioners is widely applied to the joints in
large diesel engines, nuclear power plants, chemical plants, etc., where bolt force
needs to be controlled with high accuracy. It is said that by use of the direct tension
method, the bolt forces can be controlled within an error of a few percent.

In the direct tension method, a hydraulic pump is connected to a tensioner, shown in
Fig. 3.1, and the tensile force is directly applied to the target bolt. Fig. 3.28 illustrates
the construction of a hydraulic tensioner. A grip nut is attached to the thread tip of the
target bolt to apply tensile force. The grip nut is pushed up by a piston subjected to
hydraulic oil pressure and generates an axial force in the target bolt. In the figure,
the piston and the grip nut are movable parts. The tightening process using a hydraulic
tensioner consists of four steps, as shown in Fig. 3.29.

Step 1: A pair of bolt and nut is attached to the jointed components and the nut is
tightened finger tight. Next, a hydraulic tensioner is installed around the target bolt
and the grip nut is attached to the tip of the bolt thread. No bolt force is generated
in this state.

Step 2: The hydraulic pump is started. When a piston pushes up the grip nut by the
action of hydraulic oil pressure, initial tension F, is generated in the bolt. At that
moment, the nut-bearing surface moves away from the plate surface due to bolt
elongation.

Step 3: An appropriate amount of torque, which is termed nut rundown torque, is
applied to the nut in order to bring the nut-bearing surface and plate surface into close
contact. In the case of tightening not very large bolts, bolt force may be slightly
increased due to nut rundown torque. However, when tightening large bolts, the
increase in bolt force due to nut rundown torque is almost negligible compared to ini-
tial tension F,.

Step 4: Removing hydraulic oil pressure, the tightening operation is completed.
Then, the bolt force is decreased from initial tension F, to final bolt force Fy, since
the nut-bearing surface deforms downward by compressing the plate surface.

Fycorresponds to the objective bolt force F';,. Therefore, initial tension F, is larger
than F. The ratio of Fto F,is the most important value in the tightening operation by
hydraulic tensioners. The amount of nut rundown torque, explained in Step 3, is also a
major factor controlling the tightening accuracy. If the contact pressure on the nut-
bearing surface is too low because of a small nut rundown torque, the deformation
of microprojections existing on the surface significantly affects the tightening process
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in Step 4. As a result, the bolt force obtained is sometimes noticeably lower than the
objective one.

3.4.2 Effective tensile coefficient

The ratio of objective bolt force F;to initial tension F,, which is applied in advance by
using a hydraulic tensioner, is defined as effective tensile coefficient y herein:

_Fy

r=7 (3.35)
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where y is less than unity as a natural consequence. Deformations of each part in the
initial tension process and the tightening completion process can be expressed by
means of one-dimensional spring models, explained in fig. 2.5. The equation for effec-
tive tensile coefficient y can be derived by the equilibrium of the deformations of each
part, in Step 2 and Step 4, using spring constants composing the target bolted joint
[34]. By use of the five spring constants introduced in section 2.2.2, ky, kg, keyy,
kna, ks, effective tensile coefficient y is given in the following formula:
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In the above equation, the numerator and denominator in the right side are related to
the initial tension and the tightening completion processes, respectively. The spring
constant of engaged threads &, appears only in the denominator. The mating surface
consisting of nut and fastened plates, which is apart in the initial tension process,
comes into contact for the first time in the tightening completion process after
removing the hydraulic oil pressure. Therefore, the deformations of engaged threads
only affect the tightening completion process. k/* in the numerator represents the
spring constant of fastened plates in the initial tension process. The stiffness of a
hydraulic tensioner is commonly very high. In addition, the deformation of fastened
plates is strongly constrained by the ring-shaped tensioner base, whose area is con-
siderably larger than that of the nut-bearing surface. As aresult, it is assumed that k¢*
is related to ks by kf* =2ks. Egs. (3.36) and (3.37) in the next section are simple for-
mulas derived under some assumptions. Although the effect of the outer diameter of
fastened plates D, on y is thought to be limited, it has been demonstrated that exper-
imental results and numerical ones by FEM, performed for the joints having com-
paratively large D,, correlate fairly closely with the values of y calculated by
Egs. (3.36) and (3.37).

Fig. 3.30 shows the effect of grip length L, on effective tensile coefficient y. Lyis
normalized with respect to nominal diameter d. Two curves in the figure show the
upper and lower limits of y obtained experimentally by a tensioner manufacturer
[79], and the numerical results by FEM are also presented [80]. The values of y
obtained by Eq. (3.36) agree well with those of FEM and they are located almost
in the middle between the upper and lower limits provided by the tensioner manufac-
turer. The figure also suggests that effective tensile coefficient y is simply determined
by the ratio of grip length L,to nominal diameter d. That is, the amount of y is almost
independent of nominal diameter. This can be explained by the statement in section
2.2.2 that the stiffness of bolted joints with similar form is almost proportional to nom-
inal diameter. Threaded fasteners are not similar in most cases for different nominal
diameters, as depicted in fig. 1.8. However, since the nonlinearity is limited to the
engaged thread portion, nominal diameter d scarcely affects the amount of y. It is
determined by the ratios among the stiffnesses of each part of a bolted joint in the axial
direction, as shown in Eq. (3.36).

3.4.3 Effects of surface roughness and nut rundown torque

As surface roughness increases, the effective tensile coefficient y decreases even if the
joint geometry is the same. Interface stiffness due to surface roughness can be
expressed by nonlinear spring models whose stiffness increases with increasing bolt
force. Expressing the interface stiffness on thread surface, nut-bearing surface, bolt
head-bearing surface, and plate interface by four spring constants, K,;,, K,,, K4,
and K, effective tensile coefficient y is calculated by the following equation:
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The derivation process of Eq. (3.37) is explained in detail in [36]. In Fig. 3.31, the
effect of surface roughness on y is presented, where bolt stress o, is set to be
200MPa. Rzt is the sum of maximum height roughness Rz of the mating surfaces,
as in the elastic angle control method. The amount of y decreases as Rzt is increased.
The tendency is more clearly observed with smaller grip length Lrand smaller nominal
diameter d. Although not shown in the figure, the rate of decrease in y gets larger as
bolt stress o, is decreased.

The amount of y in the actual application is largely influenced by the magnitude of
nut rundown torque given in Step 3 of the tightening process, explained in
Section 3.4.1. This suggests the necessity of a guideline for nut rundown torque to
produce the bolt force with sufficient practical accuracy. In relation to the interface
stiffness explained in section 2.6, a guideline has been proposed on the relationship
between contact pressure p,, and approach of interface { under compression force,
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by conducting the experiments for varying nut rundown torque. The recommended
guideline is that the amount of nut rundown torque should be selected so as to generate
contact pressure of 10 MPa or higher on the nut-bearing surface [81]. This guideline is
based on the view that there exists a critical contact pressure, above which surface
roughness has little effect on the interface stiffness, because of the microprojections
on the contact surface being crushed by the action of rundown torque. Explained
below is a concrete method to determine the amount of nut rundown torque.

Bolt stress generated by nut rundown torque is calculated by the ratio of bolt cylin-
drical area A to nut-bearing surface area A,,. Fig. 3.32 shows the relationship between
the ratio A/A,, and nominal diameter d. In the calculations, bolt holes of first grade to
third grade are covered, in which the effect of chamfering around bolt hole is
neglected. As a natural consequence, A/A,, shows the highest value in the case of third
grade bolt hole. It is important that the effect of nominal diameter is quite noticeable.
In the cases of first and second grade bolt holes, A/A,, reaches a peak approximately
between M12 and M20, and then starts to decrease. Then, A/A,, increases again beyond
around M48 and distributes roughly between 0.6 and 0.8. In the case of third grade, A/
A, becomes even larger, although showing a similar tendency. It is worth pointing out
that A/A,, sharply decreases in the range below M10.

In the following, it is shown how to calculate the amount of nut rundown torque
based on the foregoing consideration. The bolt force F;, generated by nut rundown
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torque can be calculated with use of Fig. 3.32. Assuming A/A, as being 0.7, for
instance, when applying the nut rundown torque that generates the contact pressure
of 10 MPa for bolts with large nominal diameter, the corresponding bolt stress is found
to be about 14 MPa by dividing 10 MPa by 0.7. Then, the bolt force F;, by nut rundown
torque is obtained by multiplying 14 MPa by bolt cylindrical area A. Next, nut factor
K is calculated by use of Eq. (3.18). Finally, the amount of nut rundown torque is eval-
uated by substituting F, and K into Eq. (3.16). The area ratio A/A,,, presented in
Fig. 3.32, is also important when considering the relationship between the bolt stress
and the critical contact pressure allowable on the nut-bearing surface, as discussed in
section 2.1.1.

Geometric errors of the jointed components are another factor influencing effective
tensile coefficient y besides surface roughness. Specifically, they are the flatness
between nut-bearing surface and plate surface, pitch error existing in engaged threads,
etc. More detailed discussions on geometric errors and an expression for calculating y
by taking account of geometric errors are given in [35].
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3.4.4 Application range and tightening guidelines

When applying the direct tension method, care should be taken that the initial tension
F, is larger than the objective or final bolt force F. If initial tension F, is too high,
plastic deformations start from thread roots and spread widely. These may signifi-
cantly impair the joint strength or lower the accuracy of final bolt force, due to the
unloading after the completion of tightening process.

Suitable application range
(1) Jointed portions requiring high tightening accuracy

The direct tension method provides high accuracy in bolt force because its tightening
process is basically not influenced by coefficients of friction on contact surfaces.

(2) Jointed portions with large grip length

Among the five spring constants in Eq. (3.36) for calculating y, spring constant of
engaged threads &, is likely to be evaluated with insufficient accuracy, as shown
in fig. 2.8. In the case of the grip length being large, however, the entire joint stiffness
is small and the effect of &, is relatively small. Hence, the amount of y can probably be
predicted with high accuracy.

(3) Jointed portions whose stiffness can be accurately evaluated

When the dimensional accuracy of the members composing a bolted joint is high and
its surface roughness is small, high tightening accuracy is expected because the spring
constants in Eq. (3.36) can be evaluated accurately.

(4) Jointed portions clamped with not too high bolt stress

Direct tension method is basically applied to the tightening operation in the elastic
range, and the initial tension F, is higher than the objective bolt force F. Therefore,
it is favorable to apply the method to bolted joints, in which plastic deformations do
not spread too much.

In relation to the recommended application rages from (1) to (4), there are cases in
which the application of direct tension method should be avoided or particular atten-
tion must be paid. Regarding (2), this method is not suitable for joints with small grip
length, because the evaluation accuracy becomes too small for all spring constants
besides k. In particular, it should not be applied to joints with very small grip length.
In the case of plate warping being a problem, the use of direct tension method should
be avoided. It is explained in the following why the method is not suitable for joints
with small grip length.

First, it is difficult to accurately evaluate the spring constant of fastened plates k.
Second, the effect of spring constant of engaged threads k,, becomes relatively large.
Finally, in the initial tension process, plastic deformations easily occur in a bolt-nut con-
nection and fastened plates. That is because the effective tensile coefficient is fairly
small, which leads to an excessive initial bolt force. In the case of clamping plates with
fairly small grip length, although being thicker than so-called thin plates, the tightening
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accuracy could be improved by making the grip length larger through design ingenuity.
Additionally, regarding (3), this method is not suitable for joints in which nonmetal
materials with low stiffness, like gaskets, are inserted. Sheet gaskets, for example, show
nonlinear and hysteresis characteristics in the stress—strain relationship.

Therefore, spring constant of the fastened plates krchanges as bolt force is varied. It
follows that the joint stiffness significantly changes between the initial tension process
and the tightening completion process. When external forces are loaded in the running
condition, the stiffness is further changed. Another important point is that the stiffness
of sheet gaskets is extremely low compared to that of metals. Hence, it has a dominant
influence on the accuracy of effective tensile coefficient, which results in a significant
reduction of tightening accuracy. Mechanical behavior of gaskets is explained in more
detail in Chapter 7, where pipe flange connections are treated. If direct tension method
is unavoidably applied to those joints discussed above, the amount of effective tensile
coefficient must be measured in advance by attaching strain gages to the target bolt.

Guidelines for tightening operation

(1) Using the dimensions of each part of the target joint, effective tensile coefficient y is cal-
culated by Eq. (3.36). The value of y is located almost in the middle of the two lines
obtained experimentally, as shown in Fig. 3.30. In actual application, the value may become
slightly or much smaller due to the effect of surface roughness and other factors.

(2) The amount of initial tension F, is calculated by dividing the objective bolt force Fy by y.
The tensile force of F, is applied to the target bolt using a hydraulic tensioner.

(3) Calculating the amount of nut rundown torque that generates the contact pressure of 10 MPa
or higher on nut-bearing surface, the target nut is firmly seated on the plate surface by
applying the torque. Removing the hydraulic oil pressure, the tightening operation is
completed.

Two equations, Eqgs. (3.36) and (3.37), are proposed to calculate y here. If surface
roughness is small and geometric errors and warping existing in the joint are negligi-
bly small, Eq. (3.36) can be used to calculate y with practical accuracy. That is because
the spring constants in Eq. (3.37) associated with interface stiffness, K, K,,.,, K4, and
K, can be regarded as infinite.

3.5 Thermal expansion method using bolt heater

3.5.1 Tightening principle [81]

The thermal expansion method is applied to large bolts that cannot be tightened by any
other means. In addition, this method is commonly used to simultaneously tighten
multiple bolts. Target bolts are hollow so as to insert a rod-shaped heater and are elon-
gated by heating. Fig. 3.33 illustrates a bolt heater being inserted into a hollow bolt to
perform tightening experiments. The target bolt is usually aligned vertically, with the
engaged thread portion upwards, and the bolt heater is placed in the middle of the bolt
hole. The tightening process using a bolt heater consists of four steps, as shown in
Fig. 3.34.
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Fig. 3.33 Bolt heater inserted into a hollow bolt for tightening operation.

Step 1: The target hollow bolt is attached to fastened plates and a bolt heater is
inserted.

Step 2: The bolt heater is turned on and the heating is continued until the objective
elongation is reached. Then, a clearance equal to the bolt elongation is generated
around the bolt head-bearing surface.

Step 3: Applying an appropriate amount of nut rundown torque, the bolt head-
bearing surface is brought into close contact with the mating plate surface.

Step 4: By shrinking the bolt by natural cooling or forced cooling, the objective bolt
force is generated.

Regarding the nut rundown torque, as in the direct tension method, the objective
bolt force is produced with sufficient accuracy by applying the torque that generates
contact pressure of 10MPa or higher on the nut-bearing surface [81].
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Fig. 3.34 Tightening process of thermal expansion method consisting of four steps.

(A) Insertion of bolt heater, (B) elongation due to heating, (C) applying nut rundown torque, and
(D) completion of tightening operation.

3.5.2 Simplified model for evaluating tightening process

Tightening process with a bolt heater is a complex problem that temperature and stress
fields are coupled. With reference to Fig. 3.33, it is found that some percentage of the
heat supplied to a hollow bolt by the heater is transferred to fastened plates through
engaged threads and the nut-bearing surface or bolt head-bearing surface. In that case,
the amount of heat transferred through a thin air layer, from bolt cylindrical surface to
bolt hole surface of fastened plates, also cannot be ignored. By taking account of this
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phenomenon, a finite element approach, which can provide a fairly high accuracy, is
proposed to evaluate the temperature distributions of bolted joint and the bolt force
variations in the tightening process [81].

On the other hand, when the primary purpose is to simply obtain the required
heating time and the relationship between heating temperature and bolt force to be
generated with practical accuracy, a more simple method is effective—basic theories
in solid mechanics and heat transfer engineering can be applied for solving the
abovementioned problems.

According to the finite element analyses in [81], in joints with sufficiently large
grip length, the heat transferred from bolt cylindrical surface to bolt hole surface,
through small gap, accounts for a dominant percentage of the total heat transferred
from bolt to fastened plates. Hence, ignoring the heat transferred into fastened plates
through nut and bolt head-bearing surfaces, a bolted joint is replaced by a one-
dimensional model with simple geometry [82], shown in Fig. 3.35. Model 1 consists
of a hollow bolt and fastened plates. In Model 2, only a hollow bolt is modeled.

3.5.3 Equation relating axial bolt force to heating
temperature [82]

Once the temperature distribution of a hollow bolt T=T(r) in the radial direction is
known, the amount of bolt elongation § generated by a bolt heater can be obtained.
Replacing a hollow bolt with a hollow cylinder with inner radius a and outer radius
b, 6 is expressed by the following formula using the theory of thermal stress:
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Fig. 3.35 One-dimensional numerical models for evaluating tightening process. (A) Heating by
bolt heater, (B) bolt-fastened plates model (Model 1), and (C) bolt model (Model 2).
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2apL s (P
= bzai ;ZJ Trdr (3.38)

where a, is coefficient of linear expansion of bolt materials.
Considering that the grip length L;is the sum of the lengths of unengaged threads L
and bolt cylindrical portion L., Eq. (3.38) is rewritten in the following form:

L. ds/2 Ley d/2
6= 8ay zibj Trdr + 7J Trdr (3.39)
ds — 4a® a d 4q?

where b is set to be half the diameter of stress area d, and nominal diameter d for
unengaged threads and bolt cylindrical portion, respectively.

Egs. (3.38) and (3.39) are applicable to an entirely hollow bolt.

In the case of long bolts, however, the target bolt is partially hollow because the
maximum heater length is limited. The temperature distributions, bolt elongations,
and bolt forces to be generated in those cases have been analyzed by FEM [81]. When
heating an entirely hollow bolt, the temperature gradient in the radial direction is small
and the bolt temperature can be regarded as wholly uniform, excluding the case that
the diameter of heater insertion hole 2a is much smaller than the bolt nominal diam-
eter. Let the mean temperature increase of the target bolt from the ambient tempera-
ture be AT,; the bolt elongation ¢ for the grip length portion is the product of
coefficient of linear expansion of the bolt material a;, AT}, and grip length Ls:

o= a;,ATbLf (340)

When the heating is completed and the bolt is cooled down to the ambient temperature
again, bolt force F, is generated due to the bolt shrinkage equal to 6. Considering the
relationship that the bolt elongation by heating is equal to the sum of axial displace-
ments of each part, produced by bolt force F,, and the approaches of interface on each
contact surface, the following equation is derived [82]:

1 1 1 1 1
abAT;,Lj =F, <kth ks + kc;l khd + E) + 8+ S+ Cha + é:f

+ é‘rh + Cnu + ghd + é‘f (341)

krota

where {;,, (i {na» and are the approaches of interface on thread surface, nut-bearing
surface, bolt head-bearing surface, and plate interface, respectively.

The right side of Eq. (3.41) is equal to the equation that the term 27/P is removed
from Eq. (3.34), which represents the relationship between nut rotation angle and bolt
force in the elastic angle control method [54].

Fig. 3.36 compares the bolt force F),, evaluated by the numerical analysis to
the corresponding experimental results. In the numerical calculations, using the
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Fig. 3.36 Relationship between heating time and bolt force evaluated by numerical analysis and
experiment.

temperature distributions obtained by one-dimensional finite difference method, the
bolt elongation 6 is calculated by Eq. (3.39), and then the bolt force is evaluated by
substituting 6 into the left side of Eq. (3.41) instead of a,AT, Ly Nominal diameter of
bolt and nut is M36. In [82], the joint geometry, heating conditions, and the numerical
calculation procedure are explained in detail. The amount of heat transferred through
bolt hole clearance between the bolt cylindrical surface and bolt hole surface is eval-
uated by apparent thermal contact coefficient /,, discussed in section 2.7. Regarding
the boundary conditions of Model 2, shown in Fig. 3.35C, the coefficient of heat trans-
fer on the bolt cylindrical surface is equated to ., corresponding to the coefficient for
the bolt hole clearance. The comparison between the numerical and experimental
results shows that Model 2 gives a better approximation than Model 1, regardless
of more assumptions being made.

— Learning by numerical example 3.9: Effect of grip length and nominal diameter on the tight-
ening characteristics of the thermal expansion method

The effect of grip length and nominal diameter on the relationship between heating
time and bolt stress to be generated is examined using Eq. (3.41), where the effect
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of approach of interface is not considered. For a pair of bolt and nut of M16 with
coarse thread, changing the ratio of grip length L, to nominal diameter d, L/d, to 2,
4, 6, 8, and 10, numerical calculations are performed to estimate the heating temper-
ature AT, required to produce a bolt stress of 100 MPa. Assuming that the other con-
ditions are identical with those in numerical example 2.1, the heating temperatures are
calculated to be 104, 87, 81, 78, and 76 °C for each case of L//d.

The calculation results indicate that when using bolts with identical nominal diam-
eter, the heating temperature required to produce a constant bolt stress decreases as
grip length is increased. The relationship between heating temperature AT}, and grip
length L;can be explained by the relationship between two spring constants &, ks, and
Lyin Eq. (3.41).

In order to examine the effect of nominal diameter d, heating temperature AT,
required to produce a bolt stress of 100MPa is calculated for the case of L/d=6.
The target joints are all geometrically similar and are clamped by a pair of bolt
and nut with nominal diameter of M12, M16, M24, and M36. The calculation results
of AT, are 83, 81, 81, and 80 °C, respectively. It is interesting that the amount of AT}, is
scarcely influenced by nominal diameter. The reason can be explained by considering
the relationship among two spring constants kj, ks, grip length Ly, and nominal diam-
eter d, discussed in section 2.2.

3.5.4 Application range and tightening guidelines

The most important information in the tightening operation by thermal expansion
method is the relationship between heating time and bolt force to be generated. Using
FEM, the relationship can be evaluated regardless of the joint geometry [81]. How-
ever, it is not practical to perform complicated finite element analysis for each bolted
joint. Meanwhile, the bolts clamped by thermal expansion method are usually hollow
over the entire length. Hence, simple formulas, derived in Section 3.5.3, are conve-
niently applied to those bolts. In the following, the suitable application range of
the thermal expansion method and its tightening guidelines are summarized for
entirely hollow bolts.

Suitable application range
(1) Jointed portions clamped with large bolts

Since no limitation exists for the maximum applicable bolt size, thermal expansion
method is the only means to clamp very large or huge bolts. On the other hand, the
lower limit of the applicable bolt size is determined by the heater diameter. In
relation to the strength of hollow bolt used in the thermal expansion method, it
has been reported that when the heater hole diameter is less than half the nominal
diameter, no significant effect is observed in the load distributions along
engaged threads [83]. Bolt heaters actually used generally satisfy the dimensional
limitation.



124 The Mechanics of Threaded Fasteners and Bolted Joints for Engineering and Design

(2) Jointed components to be clamped simultaneously by many bolts

Preparing the same number of bolt heaters as the target bolts, it becomes possible to
clamp a lot of large bolts simultaneously. In that case, the scatter in bolt forces due to
elastic interaction, which is a serious problem occurring when multiple bolts are
sequentially tightened, can be excluded. The mechanism of elastic interaction is
expounded in Section 3.7.

(3) Jointed portions with large grip length

The thermal expansion method utilizes the difference in the deformations of grip
length portion between the elongation by heating and the shrinkage by cooling to
ambient temperature. Therefore, high tightening accuracy is expected in joints with
large grip length, for the same reason as in the elastic angle control method and direct
tension method. In other words, this method is not suitable for joints with small grip
length.

Guidelines for tightening operation

(1) Using the dimensions of each part of the target joint, heating temperature T}, required to
produce objective bolt force F, is calculated by Eq. (3.41). In the case of surface roughness
being not so large, the terms relating to approach of interface in Eq. (3.41) can be omitted.
From the viewpoint of working guidelines, it is necessary to obtain the heating time until
AT), is reached. In relation to the temperature distributions in a hollow bolt heated by a bolt
heater, an exact solution exists for the transient temperature field of a hollow cylinder, in
which the inner surface is subjected to uniform heat flux and the outer surface is exposed to
convection heat transfer. However, the actual calculation is quite difficult. Therefore, if
possible, it is recommended to calculate the approximate heating time by a simple numer-
ical analysis such as one-dimensional finite difference method.

(2) Bolt elongation ¢ induced by heating temperature AT}, is calculated by Eq. (3.40). Dividing
6 by thread pitch P and multiplying it by 360 degrees, the amount of nut rotation angle ¢ is
determined as a tightening guideline.

(3) Attaching the bolt to the jointed portion, heating is started. Measuring the temperature of a
specific point of the bolt, e.g., the tip of the bolt thread, nut rundown operation is started as
the temperature increase of the selected point approaches AT,

(4) Keeping the heater in the bolt hole, the nut is rotated and firmly run down onto the plate
surface until the rotation angle ¢ obtained in (2) is reached. The amount of nut rundown
torque is determined so as to generate contact pressure of 10 MPa or higher on the nut-
bearing surface.

If the nut rundown operation is started after removing the bolt heater, a nonnegligible
amount of bolt shrinkage occurs due to rapid cooling, and the generated bolt force may
be significantly smaller than the objective value. It should be pointed out here that AT},
is used for reference only, since a certain amount of error inevitably occurs depending
on the measurement position. That is, the working guideline should be determined in
terms of nut rotation angle ¢ or bolt elongation d. Regarding the heating temperature,
although larger bolt force is produced as AT}, is higher, AT}, should be selected so as not
to cause material degradation. The above guideline is based on the nut rotation angle
¢. On the other hand, when skilled workers are in charge, it is common practice to
directly measure the bolt elongation using dial gages, etc.
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The guidelines explained so far all correspond to the case of bolt heaters being
placed vertically. To take advantage of the tightening characteristics of the thermal
expansion method, it is necessary to establish a guideline for the cases of bolt heaters
being placed horizontally or tilted to some extent. In [84], it is confirmed by exper-
iments that the thermal expansion method is applicable to the case of bolt heaters
being placed horizontally, in which the side surface of the bolt heater is in contact with
the bolt hole surface. A concrete guideline for horizontal use is given in [84].

3.6 New tightening method utilizing real-time
measurement of nut factor [85]

3.6.1 Development intention

Among the various tightening methods, torque control method is most widely used
because of its easy tightening operation. However, the tightening accuracy of this
method is unfortunately not so high. Therefore, the elastic angle control method is
frequently introduced to clamp joints of critical importance; however, this method
involves another problem of low working efficiency. In this section, a newly devel-
oped tightening method is introduced, aiming at simultaneously realizing easy oper-
ation and high tightening accuracy, in which the basic principle of torque control
method is combined with that of elastic angle method. The fundamental characteristic
of the proposed method is that the target torque is changed during tightening operation
in order to achieve the objective bolt force with high accuracy. This is because the nut
factor significantly varies depending on coefficients of friction, which cannot be
predicted precisely prior to the tightening work.

3.6.2 Tightening principle

The relationship between bolt force F;, and tightening torque 7 is shown in Eq. (3.16).
T, =KFyd (3.42)

Nut factor K can be calculated once coefficients of friction, y,; and u,,, are given.

K = 0.556p,, + 0.65u,,, + 0.019 (coarse thread)

i (3.43)
K = 0.565u,, + 0.65u,,, + 0.011 (fine thread)

Meanwhile, when using the elastic angle control method, nut rotation angle ¢ is
related to bolt force F;, by Eq. (3.33).

727‘[ Fb
¢_ P ktota/

(3.44)

Using Eqgs. (3.16) and (3.33), the ratio of T, to ¢ is expressed by the following
equation:
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Fig. 3.22 shows the relationship between F, and ¢ in the tightening process of elastic
angle control method. A similar relationship holds between T, and ¢, as shown in
Fig. 3.37. Replacing T,/¢ in Eq. (3.45) by the differential form, dT,/d¢, it represents
the gradient of the linear portion in T, — ¢ curve. Using dT,/d¢, the formula for true
nut factor K,,,, is derived from Eq. (3.45):

2n  dT,

Ky = Pk dp (3.46)

This equation implies that if d7,/d¢ can be measured during the tightening operation,
K, that corresponds to the actual tightening condition is obtained. Then, the amount
of tightening torque to accurately produce the objective bolt force F, is calculated by
Eq. (3.16), in which the value of K,,,, is substituted into K. That is, the torque value is
changed during the tightening operation to produce the objective bolt force with high
accuracy.

3.6.3 Verification of proposed method using prototype
tightening device

Fig. 3.38 shows a prototype tightening device developed following the principles
explained above. This device is constructed on the basis of an electric-powered torque
wrench and is equipped with a function of continuously measuring dT,/d¢ during the
tightening operation. When dT,/d¢ reaches almost a constant value, true nut factor K.,
is calculated by Eq. (3.46) and the target torque is changed from the initial value to the
corrected one calculated by Eq. (3.16).

Fig. 3.39 shows a set of test specimens composed of a pair of bolt and nut of M16
with 10.9 strength grade. Two flat washers are inserted under the nut- and bolt head-
bearing surfaces. The grip length is 80 mm including the thickness of two washers.
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Fig. 3.38 Prototype tightening device developed following the proposed principle.

Tightening experiments are carried out for two types of test specimens with identical
geometry, which are subjected to different surface treatment. For Type-A and Type-B,
20 sets of bolts, nuts, and flat washers are prepared, respectively. Average values of
nut factor measured in advance are 0.15 for Type-A and 0.20 for Type-B. The objec-
tive bolt force is set to be 104 kN, which corresponds to a bolt stress of 517 MPa. The
initial torques calculated using the above nut factors are 250Nm for Type-A and
333Nm for Type-B. In the experiment, the snug torque Ty, is set to be 150Nm.
Fig. 3.40 shows the experimental results. The ordinate and abscissa represent axial
bolt force and the number of test specimen, respectively. It can be concluded that
the scatter in bolt force is suppressed to less than 5%. The explanation of the statistical
procedure is omitted here.

The developed device is a tentative one. To design a tightening device of practical
use, it is necessary to prepare comprehensive data for spring constants of fastened
plates kg, since the amount of ; significantly changes depending on various factors,
such as the joint geometry, size, material, etc. In the above verification, the amounts
of krare evaluated using fig. 2.13. Accordingly, if some database on krcan be prepared
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Fig. 3.39 A set of test specimens.
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by a numerical method like FEM, corresponding to commonly used joints, the pro-
posed device becomes a practical one and it can be expected to achieve a significant
reduction of bolt force scatter.

3.7 Sequential tightening of multibolted joints
and induced elastic interaction

3.7.1 Tightening operation of bolt-nut connections
and elastic interaction

In general, multiple bolts are used to clamp the parts of machines and structures. In
such multibolted joints, due to operational procedure or cost issues, it is often impos-
sible to simultaneously tighten all the bolts close to each other. Therefore, if tightening
the target bolts one by one in actual work, the amount of bolt force, whose tightening
operation has already been completed, can change to some extent or sometimes sig-
nificantly. This phenomenon is called elastic interaction.

In Fig. 3.41, for the case of tightening three bolts sequentially with identical bolt
force F, the process is analyzed by FEM and the resulting deformations are illustrated
on a larger scale [86]. Elastic interaction is explained focusing on bolt 1. All bolts are
tightened with identical bolt force F, in the order of bolt 1, bolt 2, and bolt 3. In the
tightening process of each bolt, the scatter of bolt force traced to the characteristics of
the tightening method, such as the scatter of coefficient of friction in torque control
method, is not considered.

(1) Bolt1is tightened with the objective bolt force of F;,. At this point, axial bolt force of bolt 1,
Fpy, is equal to F,

(2) Tightening bolt 2 with F,, F;,1 is changed because the tightening operation of bolt 2 affects
the deformation around bolt 1. At this point, Fj; is no longer equal to F; due to elastic
interaction.

(3) Tightening bolt 3 with F, the bolt force of bolt 2, F,, is changed by the same mechanism as
in (2). The bolt force of bolt 1, Fy, is further changed from the state of (2).

The bolt forces of bolt 2 and bolt 3 when tightening bolt 1, or the bolt force of bolt 3
when tightening bolt 2, are not shown in Fig. 3.41. Those bolt forces are generally
zero. However, in pipe flange connections, discussed later, it sometimes occurs that
a certain amount of bolt force is generated, due to the flange deformation with an
open-mouth shape, in the bolts located about 180 degrees apart from the bolt just
tightened.

When tightening a lot of bolts sequentially, the bolt forces deviate from the target
value due to elastic interaction, except for the bolt tightened last. The phenomenon of
elastic interaction is always encountered, to a greater or lesser extent, when tightening
multiple bolts sequentially. To avoid this interaction, all bolts must be tightened
simultaneously. In the tightening operations performed in nuclear power plants, pres-
sure vessels used under severe conditions, large-scale marine diesel engines, etc., in
which high tightening accuracy is required, direct tension method using hydraulic ten-
sioners is frequently employed to eliminate the effect of elastic interaction. In those
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Fig. 3.41 Elastic interaction occurring bolt 1 bolt 2 bolt 3
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cases, as many hydraulic tensioners as there are target bolts are prepared for the simul-
taneous tightening. Furthermore, the effect of elastic interaction can be eliminated by
using as many bolt heaters as the target bolts and tightening all the bolts simulta-
neously. This method is commonly employed when tightening the casing of large-
scale steam turbines.

3.7.2 Effect of joint geometry on elastic interaction

The extent of bolt force scatter due to elastic interaction ranges widely from a negli-
gible level to a considerable one that significantly influences the joint performance.
The latter example is a pipe flange connection with a sheet gasket inserted. The extent
of elastic interaction greatly varies depending on the joint geometry and stiffness.
When clamping pipe flange connections, elastic interaction among multiple bolts fre-
quently becomes an issue and the extent of interaction changes with flange geometry.

Fig. 3.42 schematically shows the shapes of commonly used pipe flanges. They are
called flat face, large raised face, and small raised face flanges, respectively [87]. In
general, flat face flanges are used for low pressure contained fluids. As the inner pres-
sure increases, large or small raised face flanges come into use. Elastic interaction is
more noticeable as the bearing surface area decreases. The primary cause is the phe-
nomenon called flange rotation, shown in Fig. 3.43A. Since a certain clearance exists
between the mating flange surfaces in large and small raised face flanges, the two sur-
faces deform so as to approach each other when clamping the bolt. In addition to adja-
cent bolts, such deformations also affect the axial bolt force of the bolts located about
180 degrees apart, as shown in Fig. 3.43B.
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Fig. 3.43 Flange rotation and open-mouth deformation. (A) Flange rotation
and (B) open-mouth deformation of pipe flange.

The elastic interaction in pipe flange connections is summarized as follows. When
a certain bolt is clamped, bolt forces of the adjacent bolts are decreased and the forces
of the bolts located about 180 degrees apart are sometimes increased, due to a specific
deformation pattern called open-mouth deformation, in which two mating flange sur-
faces deform to be separated from each other. As a result, the bolt forces vary in a very
complex manner during the tightening process. The above phenomenon causes the
specific and complex mechanical behavior in the tightening process of pipe flange
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connections. Additionally, in case of clamping rectangular-shaped flanges, the effect
of elastic interaction on bolt force scatter is considerably smaller comparing to ordi-
nary round-shaped flanges, because open-mouth deformation is unlikely to occur.

Inordinary pipe flange connections, a gasket is inserted between two flanges, aiming
at the sealing of contained fluids. The elastic interaction there is greatly influenced by
the gasket stiffness. When using ring-shaped flat metal gaskets, the scatter in bolt forces
due to elastic interaction is as much as the flange connections without gaskets [88]. In
contrast, the effect of elastic interaction is markedly observed when using low stiffness
gaskets. In particular, when using sheet gaskets or spiral wound gaskets with low stiff-
ness, the scatter in bolt forces could become very large [89,90], because the gaskets
show nonlinear and hysteresis characteristics in the stress—strain relationship.

Meanwhile, regardless of tightening multiple bolts sequentially, elastic interaction
is hardly detected when tightening the rear wheel of large vehicles with dual-tire struc-
ture, as discussed in section 8.2. The bolts for clamping the wheel are arranged con-
centrically, and tires are attached to thin metallic wheels. The surfaces of two mating
wheels are flat and closely in contact. Consequently, the deformation pattern, like
flange rotation, does not occur because of the high stiffness due to the small grip
length. Hence, elastic interaction is rarely observed [70]. When clamping thin fastened
plates with high stiffness and negligible geometric errors, it is considered that the bolt
force scatter due to elastic interaction can virtually be disregarded, including the
wheel tightening operation of ordinary passenger cars.

Elastic interaction also becomes a problem in the disassembly process for inspec-
tion purposes, etc., in which each bolt is removed sequentially. In this process, when
removing a certain bolt, bolt forces of the adjacent bolts can significantly increase.
The elastic interaction occurring in the disassembly process sometimes becomes an
issue in such joints where the bolt forces significantly vary in the tightening process
due to elastic interaction. The bolt force variation in the disassembly process has been
evaluated by FEM, for the cases of removing the clamped bolts in the order of star-
pattern or a simple one-directional pattern [91].

3.7.3 Estimation of bolt force scatter and optimal tightening
procedure

A pipe flange connection is a typical structure in which elastic interaction becomes a
serious problem. In particular, in the case of a low stiffness gasket being inserted, the
final bolt forces obtained show a significant scatter among the clamped bolts, even if
each bolt is tightened with a specified force. Thus, there are two challenges to be
solved:

Challenge 1: Prediction of the bolt force scatter occurring when tightening multiple
bolts sequentially.

Challenge 2: Establishment of optimal tightening procedure that enables uniform
bolt force distribution among all the clamped bolts at the completion of tightening
operation.
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Fig. 3.44 Finite element model for pipe flange connection of 20-in. inner diameter.

In order to solve the above two challenges, numerical methods based on FEM have
been proposed [89,90,92,93]. Detailed procedures are given in each reference paper.
These methods are explained in the following with emphasis on bolt force scatter due
to elastic interaction.

Fig. 3.44 shows an FE model for analyzing the tightening process of a pipe flange
connection, whose inner diameter is 20 in., clamped by 24 bolts with nominal diameter
of M33 [93]. A joint sheet gasket is inserted between the two flanges. Bolt numbers
and tightening sequence are given in the figure. Fig. 3.45A shows the bolt force scatter
when tightening 24 bolts sequentially in a diagonal pattern by applying an initial bolt
force of F; to each bolt, which is equal to the objective bolt force. The ordinate rep-
resents the ratio of bolt force in the final state F;, to F;. The abscissa shows the bolt
number corresponding to bolt-up sequence. It is found that experimental results and
numerical ones by FEM are in fairly good agreement. Roughly speaking, final bolt
forces F;, of the eight bolts, clamped in the first stage, are very small, those of the eight
bolts clamped in the next stage are about 50% of the target value, and those of the eight
bolts clamped in the final stage are almost equal to the target value.

The problem is that the degree of bolt force scatter greatly varies depending on the
size and rating of the target flanges. That is, since the dimensions and geometries of
standardized pipe flanges are not similar, the scatter pattern in bolt forces significantly
changes depending on the target flange standard. In Fig. 3.45B, for a pair of large
raised face flanges with a spiral wound gasket being inserted, bolt force scatters are
compared between experimental results and numerical ones by FEM, where eight
bolts are tightened sequentially in a diagonal pattern. The specification of the target
flange is nominal pressure of 40 K and nominal diameter of 40 in JIS B 2238. As shown
in the figure, at the completion of one turn tightening of the eight bolts, bolt forces of
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No. 1 and No. 2 bolts are almost zero. Those of No. 3 and No. 4 bolts are around 20% of
the target value, and bolt forces of No. 5 and No. 7 become about 20% higher than the
target value. In No. 6 bolt, about 50% of the target value remains [89]. In the tightening
experiments conducted here, in order to remove the bolt force scatter caused by factors
other than elastic interaction, the bolt forces are given with reference to the output of
strain gages. Therefore, the bolt force of No. 8 bolt is exactly equal to the target value.
In relation to Challenge 2, mentioned above, for a pipe flange connection of 20in.
in diameter, finite element analyses are performed to obtain the initial bolt forces,
which make all the bolt forces equal to the objective one at completion of the tight-
ening operation. Twenty-four bolts are used for clamping. The experimental results of
bolt forces in the final state are shown in Fig. 3.46, in which the tightening experiment
is carried out using the initial bolt forces obtained by FEM. It is found that almost
uniform bolt forces are achieved with one-turn tightening operation, although some
experimental errors are recognized. The procedure proposed for Challenge 2 is effec-
tive, e.g., for the joints of high value that need to be clamped with one-turn tightening
operation. On the other hand, when this method is applied to a joint with a low stiffness
insert, like a sheet gasket, it may cause a serious strength problem that very high initial
bolt force needs to be applied to some bolts [90]. Moreover, it is fairly difficult, from
the field work point of view, to tighten a lot of bolts with different bolt forces.
Therefore, a tightening guideline limited to use in pipe flange connection is pub-
lished as JIS B 2251 (2008) “Bolt tightening procedure for pressure boundary flanged
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Fig. 3.46 Validation of the proposed analytical procedure aiming at uniform bolt force
distribution.
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joint assembly.” The proposed guideline intends to comply with the on-site work,
using the analytical method developed for Challenge 1. In pipe flange connections
clamped by eight bolts or less, the tightening sequence is in the order of diagonal
pattern as usual. In the flange connections clamped by 12 bolts or more, the target
bolts are simply tightened in the order of one-directional pattern. The points of the
guideline are as follows. First, four bolts 90 degrees apart from each other are tight-
ened with the objective bolt force. Next, all the bolts are tightened in the order of
one-directional pattern with the objective bolt force. The second process of one-
directional tightening is repeated several times. Meanwhile, if tightening operation
is done following the conventional diagonal pattern, the bolt force of a certain bolt
is significantly changed when tightening the two neighboring bolts, which means
that each bolt force greatly changes twice during the whole tightening operation.
On the other hand, when tightening bolts with one-directional pattern, a large var-
iation in bolt force occurs only once when tightening the adjacent bolt located in the
tightening direction. Therefore, the proposed method can largely suppress the effect
of elastic interaction. That is why JIS adopts a one-directional tightening pattern. Its
detailed procedure is explained in JIS B 2251 for various shapes and ratings of pipe
flanges.

3.8 Energy required for tightening threaded fasteners

3.8.1 Tightening energy consumed in the torque control
method [94]

In the tightening operation, the required tightening energy increases with larger grip
length, even if a constant bolt force is applied to threaded fasteners with identical
nominal diameter. This is easily understood by considering that the bolt elongation
increases as grip length is increased for a constant bolt force. In this section, a for-
mula that calculates the energy required for tightening operation is derived for the
torque control method, which is the most widely used tightening method. The
effects of various factors, such as thread pitch, grip length, etc., are quantitatively
clarified. When tightening a pair of bolt and nut by the torque control method, the
required energy W,,, can be expressed in terms of tightening torque 7, and nut rota-
tion angle ¢:

1
Wiq = ET’(/) (3.47)

As is evident from Eq. (3.47), W,,, is proportional to ¢» when applying a constant tor-
que. The relationship between nut rotation angle ¢ and bolt force F), is given in
Eq. (3.33).

2, (1, 1\ _2 B
¢= P Fy (kb " kf) P kot 048)
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Furthermore, the relationship between tightening torque 7, and bolt force F, is shown
in Eq.(3.15).

1
T, = 5 Fy{datan (p+B) + duuttn,} (3.49)

Using Eqgs. (3.33) and (3.49), the relationship is examined between tightening energy
W, and thread pitch P. With reference to Eq. (3.33), nut rotation angle ¢ and thread
pitch P are inversely related. In threaded fasteners with fine screw thread, however,
pitch dimeter d, becomes a bit larger than that of coarse screw thread, thus, the
amounts of k,, and k; are slightly increased. Accordingly, the increasing rate in nut
rotation angle ¢ caused by the decrease in P is a bit smaller than the value predicted
by the inverse proportional relationship.

As shown in section 1.4.3, lead angle f is almost proportional to thread pitch
P. Hence, f is decreased with decreasing P in Eq. (3.49). However, since the absolute
value of f is considerably smaller than friction angle of thread surface p’,,, the effect of
B is limited. As a result, the relationship between W, and P is summarized as follows.
For screw threads with identical nominal diameter, the tightening energy W/, increases
almost inversely with thread pitch P. The increasing rate is somewhat smaller than the
value predicted by the perfect inverse proportional relationship between W,,, and P.

Next, the cases of coarse and fine screw threads with identical nominal diameter are
compared. Supposing that thread pitch of fine screw thread is half that of coarse screw
thread, the fine screw thread needs nearly twice as much as the tightening energy
required for the coarse one. Most of the tightening energy is consumed as friction
works on thread surface and nut-bearing surface. The energy consumed for the defor-
mations of a bolt-nut connection and fastened plates is a small amount. When tight-
ening threaded fasteners with fine thread, they require larger energy than those with
coarse thread. It is presumed, therefore, that coefficients of friction tend to be
increased because the sliding length in fine threads is longer than that in coarse
threads. The relationships between tightening energy W,,,, and the influencing factors,
other than thread pitch P, are summarized as follows:

(1) In reference to ¢ in Eq. (3.33), Wy, is inversely proportional to Young’s modulus of plate
materials.

(2) Inreference to T, in Eq. (3.49), W,,,, increases roughly in proportion to coefficients of fric-
tion, u,, and u,,,, on thread surface and nut-bearing surface.

(3) In reference to ¢ in Eq. (3.33), spring constants, k;, and ks, decrease almost in inverse pro-
portion to grip length Ly Thus, W,,, increases proportionally as Ly is increased.

(4) In relation to bolt force F, in Eqgs. (3.33) and (3.49), tightening energy W,,, calculated by
Eq. (3.47) is proportional to the square of F.

(5) Inrelation to Eqgs. (3.33) and (3.49), for a constant bolt stress o, W, is nearly proportional
to the cube of nominal diameter d.

The relationship between W,,,, and d, explained in (5), is fairly complicated. In refer-
ence to ¢ in Eq. (3.33), although thread pitch P increases with d, the increasing rate
decreases with larger nominal diameter. When bolt stress oy, is constant, bolt force F, is
strictly proportional to the square of d. Meanwhile, five spring constants, k, ks, kcyr, kna,
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and ks, composing the bolted joints with similar form, are almost in proportion to d.
From the above, it is seen that the required nut rotation angle ¢ somewhat increases
as d is increased. Next, in reference to T, in Eq. (3.49), F}, is proportional to the square
of d and the term in a brace is nearly proportional to d. Hence, tightening torque 7, is
almost in proportion to the cube of nominal diameter d. As a result, W,,, is a bit larger
than the value that is proportional to the cube of d. From the above results, the relation-
ship between tightening energy and its influencing factors is summarized as follows:

(1) A large amount of tightening energy W, is required in such cases when Young’s modulus
of the joint material is small and/or the jointed portion with large grip length is clamped by
threaded fasteners with fine thread.

(2) For the jointed portions clamped with identical bolt force by use of screw threads with iden-
tical nominal diameter, the required tightening energy is larger in fine screw threads than in
coarse screw threads. Accordingly, if coefficients of friction are increased in fine screw
threads, due to longer sliding length, the produced bolt force becomes smaller comparing
to coarse screw threads.

In JIS, the maximum thread pitch P of coarse screw threads is 6 mm for M64. In actual
joints, when using screw threads larger than M64, thread pitch is sometimes selected
to be less than 6 mm. This means that when using large screw threads, the consumed
tightening energy tends to increase at a greater rate proportional to nominal diameter.
Accordingly, large bolts and nuts are susceptible to some nuisance problems, such as
the seizure of threaded fasteners.

3.8.2 Calculation of tightening energy for various influencing
factors

Tightening energy is calculated for bolted joints with various dimensions under
varying tightening conditions.

(1) Calculation conditions

Bolt stress 6, = 100 MPa, nominal diameter d = 16 mm, bolt hole diameter d,, = 17.5mm,
outer diameter of fastened plates D,= 128 mm, thread pitch P=2, 1.5, and 1 mm,
grip length Ly /d=2-20, coefficients of friction g, #,,=0.05-0.3, length of
unengaged threads Ly=1/5Ls Young’s modulus of joint materials £=70, 100, 150,
and 200 GPa.

(2) Standard calculation condition

P=2mm, L/d=4, py, pp,=0.12, E=200GPa.

In Fig. 3.47A and B, the effects are shown of thread pitch P and coefficients of
friction, ., pny, on tightening energy W,.,. It is assumed that y,, is equal to pi,,,.
W,, and W, represent the energies consumed in engaged threads and on nut-bearing
surface. They correspond to the first and second terms in a brace of the right side of
Eq. (3.15). From Fig. 3.47A, it is found that W,,,, increases almost in inverse propor-
tion to thread pitch P. The ordinate on the right side represents nut rotation angle ¢.
Fig. 3.47B shows that W,,, increases nearly in proportion to y, and p,,,,. In this case, ¢
is constant regardless of coefficients of friction, as evident from Eq. (3.33). In
Fig. 3.48A and B, the effects of grip length Ly and Young’s modulus E are depicted.
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Regarding grip length Ly, W,,, increases almost in proportion to Ly/d, as shown in
Fig. 3.48A. Fig. 3.48B shows that W, increases nearly in inverse proportion to E,
as in the case of thread pitch P. The above results are consistent with the consider-
ations on the effect of each factor on the tightening energy, as discussed in
Section 3.8.1.
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Static and fatigue strengths
of threaded fastener

4.1 Load distribution and ratio of flank loads
of engaged threads

4.1.1 Load distribution in bolt-nut connections

When clamping fastened plates with a pair of bolt and nut, the bolt is subjected to
tensile force and the nut is, in contrast, subjected to compression force due to bolt
force F,. Hence, thread ridges of triangular screw threads are in contact only on
one side. Thread surfaces in contact and not in contact, shown in Fig. 4.1A, are termed
pressure flank and clearance flank, respectively. Fig. 4.1B shows an example of von
Mises stress distribution and the deformation pattern around engaged threads. The bolt
is subject to pure tension. The numerical analysis is performed by axisymmetric FEM,
i.e., thread geometry is assumed to be shaped like abacus balls. The magnitude of the
stress is displayed with a 16-step gray scale. Focusing on the deformation of engaged
threads, it is found that only the pressure flank side is in contact and the deformation
becomes larger as the nut-bearing surface is approached. Regarding the thread ridge
deformations, thread pitches of bolt and nut are substantially varied, because thread
pitch of bolt increases and that of nut decreases due to tensile and compression forces
acting on each part. When considering the mechanical behavior of a bolt-nut connec-
tion, it is important to notice that the top face of the nut is a free surface and the axial
deformation around the nut-bearing surface is constrained by the plate in contact.

Because of the abovementioned phenomena, distinctive load distributions are
observed along engaged threads. That is, the axial force acting on the pressure flank
of engaged threads becomes largest at the first thread nearest to the nut-bearing sur-
face, shown in Fig. 4.1A, and decreases toward the top face of the nut. Therefore, the
maximum stress in a bolt-nut connection usually occurs at the first bolt thread root
nearest to the nut-bearing surface.

Yamamoto derived a differential equation that represents the load distribution
along engaged threads [95]. In Yamamoto’s approach, a bolt is replaced by a cylinder
with thread ridges being wound around its outer surface. As for the nut, it is assumed
that thread ridges are wound around the inner surface of a hollow cylinder. Then, using
the formulas that represent those deformations, the stiffness is expressed by spring
constants for all parts of a bolt-nut connection. The resulting equation is shown below:

2
il;;—aleo (4.1)
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Fig. 4.1 Forces acting around engaged threads and von Mises stress distribution and
deformation pattern. (A) Forces acting around engaged threads and (B) von Mises stress
distribution and deformation pattern.
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kex kin

where x designates the distance from top face of nut toward nut bearing surface; F is
the magnitude of axial force acting on the cross section at coordinate x; A and P are
cross-sectional area and thread pitch, respectively; male and female threads are dis-
tinguished by the subscripts ex and in; and k., and k;, represent the spring constants for
the axial stiffness per one-pitch heights, respectively, of male and female threads.

Denoting the thickness of nut as H,,, and integrating Eq. (4.1), F can be expressed in
the following form:

sinh(\/ax)

F=F——/t ) (4.2)

sinh(\/ZHW )

The above equation indicates that from top face to bearing surface of nut, the load
distribution along engaged threads varies from zero to bolt force F, following a
function of sinh(x).
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Then, how much bolt force is supported by each thread ridge? Assuming that
thread geometry is axisymmetric, like abacus balls, the ratio of axial force supported
by each thread ridge is termed ratio of flank loads herein. The sum of ratio of flank
loads is necessarily unity. It is often used as an index for evaluating the strength of
screw threads, because it provides the fundamental information on the load distri-
bution along engaged threads. Ratio of flank loads of a bolt-nut connection can
be calculated using Eq. (4.2). For example, in the case of M16 with thread pitch
P of 2mm and nut thickness H,,, of 12mm, the magnitude of F can be calculated
at six points from x=0 to x=H,,, at intervals of 2mm. That is, calculating the
difference in F between the target point and at its adjacent point and dividing the
difference by bolt force F, the ratio of flank loads is successively obtained for each
thread ridge. As a result, all the ratios of flank loads can be evaluated from the first
thread, which is nearest to the nut-bearing surface, to the sixth thread, next to the top
face of the nut.

Distribution patterns of ratio of flank loads considerably vary depending on the
thread geometry and the type of usage, e.g., bolts and nuts, pipe threads, eyebolts
and eyenuts, etc. In bolt-nut connections, the first thread nearest to the nut-bearing
surface supports the largest load and the ratio decreases toward the top face of the
nut, since a bolt is under tension and a nut is under compression in the clamped state.
In the next section, distribution patterns of ratio of flank loads in eyebolts and eyenuts
are explained. In the former case, the stiffness of female threads is very high, and in the
latter case, male and female threads are both under tension.

4.1.2 Load distribution in eyebolts and eyenuts

Eyebolts and eyenuts, shown in Fig. 4.2, are commonly used threaded fasteners for the
purpose of lifting large structures or machines. When clamping ordinary bolt-nut con-
nections, the bolt is subjected to tensile force, and the nut is subjected to compression
force whose magnitude is equal to the tensile force. On the other hand, in eyebolts and
eyenuts, male and female threads are both under tension due to gravity and inertial
forces. Therefore, the load distribution pattern along engaged threads is different from
that in bolt-nut connections and it can be obtained by solving the following differential
equation [96]:

2
S —aiF +aF, =0 4.3)
o = 1
, =
PAinEin L +L
kex kin

The symbol F in Eq. (4.3) represents the magnitude of axial force acting on the cross
section, a distance x away from the tip of male thread. Comparing to Eq. (4.1) for bolt-
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Fig. 4.2 Eyebolt and eyenut subjected to gravity and inertial forces.

nut connections, a constant term a,F, is added in Eq. (4.3). The ratio of flank loads in
eyebolts and eyenuts can be calculated by integrating Eq. (4.3) in a similar manner to
the case of bolt-nut connections.

Fig. 4.3A shows the ratio of flank loads in eyenuts, in which the calculated results
by Eq. (4.3) are compared to those obtained by axisymmetric FEM. Fig. 4.3B depicts
the finite element model of an eyenut. The ratio of flank loads in eyenuts becomes high
around both ends. There are two main reasons for this phenomenon. First, male and
female threads are both under tension. The second reason is the small volume of the
eyenut that is engaged with the male threads. In the case of eyebolts, although not
shown in the figure, the ratio of flank loads shows a steady decrease from the tip
of the male thread toward the ring portion. The distribution pattern is similar to that
in body-side engaged threads clamped by tap bolts or studs. In this case, the body-side
female threads can be regarded as a high stiffness nut because of its very large volume,
thereby producing a similar distribution pattern to the joints clamped by tap bolts
or studs.

Pipe thread connections are another example of a joint in which male and female
threads are both under tension or compression. In parallel pipe threads used for
mechanical joining of two pipes, the ratio of flank loads becomes high around both
ends of the engaged threads, and its distribution pattern is nearly symmetric about
the center position. Additionally, as the pipe thickness is decreased, the radial defor-
mation gradually increases due to the stiffness reduction, and this produces a charac-
teristic load distribution pattern, i.e., the appearance of high value around the center
position.
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Fig. 4.3 Ratio of flank loads and FE model of eyenuts. (A) Ratio of flank loads in eyenut and
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4.1.3 Analysis of ratio of flank loads by FEM

Assuming the shape of thread ridge as being axisymmetric, like an abacus ball, the
ratio of flank loads can be evaluated with comparative ease by FEM. Applying bolt
force F';, to bolt cylindrical body, the axial components of contact forces acting on the
pressure flank are calculated for each combination of bolt and nut threads with one-
pitch height. Then, the ratio of flank loads along the engaged threads can be obtained
by dividing each axial component by F, successively.

Fig. 4.4A shows an example of the numerical results of the ratio of flank loads for
M16 with coarse thread. The number of engaged threads is six, since thread pitch and
nut thickness are set to be 2 and 12 mm, respectively. Coefficients of friction on thread
surface and nut bearing surface, u,, and y,,,, are assumed to be equal and changed to
0.1, 0.15, and 0.2. The ratio of flank loads shows a maximum value on the first thread
and then decreases from nut-bearing surface toward top face of nut. Meanwhile, a
slight increase is observed on the sixth thread. This is mainly due to the assumption
of axisymmetric shape of thread ridge. That is, the axial stiffness of the FE model
becomes higher than that of the actual thread ridge with helical shape. It is found that
ratio of flank loads of the first thread somewhat increases as y,;, and u,,, are increased.
This phenomenon can be explained as follows. Unlike the bolt head-bearing surface,
the pressure flank is inclined by 30 degrees to the plane perpendicular to the bolt axis.
Therefore, a slip in the radial direction is liable to occur rather easily when ., is small.
As u,, is increased, however, the relative slip between male and female threads
becomes more strongly restrained, which changes the deformation pattern around
the engaged threads. Thus, the ratio of flank loads of the first thread is increased.

What has been discussed so far raises the question: how effective is increasing the
number of engaged threads in enhancing the strength of threaded fasteners? To answer
this question, comprehensive finite element analyses have been performed, in which
only the number of engaged threads is changed using the foregoing FE model of M16.
In Fig. 4.4B, the numerical results of ratio of flank loads are shown, where the number
of engaged threads is changed from 6 to 40. It shows that even if the engaged number
is increased, the decrease in the ratio of flank loads of the first thread is not substantial.
It also indicates that there is no contact in the 18th and subsequent engaged threads
when the engaged number exceeds 18. In JIS, the standard nut thickness for M16
is 13mm, which means that the engaged thread number is 6.5. Accordingly, it can
be said that the results shown in Fig. 4.4B demonstrate the effectiveness of the gen-
erally accepted standardization for nut thickness.

4.2 Static strength and stress concentration in threaded
fasteners

4.2.1 Stress concentration and stress concentration factor

Stress concentration is a phenomenon in which the stress becomes locally high around
a component with discontinuous shape, like a notch. In general, machines and
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structures have cross sections of various complex shapes to achieve a specific func-
tion, such as arc- and U-shaped notches. Therefore, some level of stress concentration
inevitably occurs. The extent of stress concentration is evaluated by the ratio of the
maximum Stress oy, occurring at notch root to the mean stress o,, at notched cross
section, which is termed stress concentration factor or shape factor:

o = Tm (4.4)

On

Concrete values of stress concentration factor a are given in the textbooks or hand-
books [97] related to machine design, in which such members as plates and shafts with
various notched shapes subjected to tension, compression, bending moment, and
twisting moment are discussed. When the shape of notch and/or the way of applying
external loads are too complicated to evaluate using the aforementioned handbooks,
numerical analysis by FEM would be an effective alternative method.

Mechanisms of the generation of stress concentration and the variation of stress
concentration factor can be explained using a simple example. Fig. 4.5A depicts
the stress concentration phenomenon of an infinite plate with a single hole subjected
to tensile force. Stress concentration factor in this case is 3, as is well known. In the
case of the plate width being finite, as shown in Fig. 4.5B, the stress concentration
factor becomes less than 3. The reason is as follows. When subjected to tensile load,
the circular hole deforms into a vertically long shape along the load direction, while
the stiffness due to the plate material existing lateral to the hole prevents such a defor-
mation pattern. Accordingly, as the plate width is decreased from infinite to finite, the
stiffness of the plate that prevents the hole deformation is decreased, hence, the stress
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Fig. 4.5 Stress concentration of plates with a single hole. (A) Infinite plate and (B) plate of
finite width.
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concentration factor is also reduced. It follows that the stress concentration factor is
maximum in the case of infinite plate and the factor decreases as the plate width is
decreased.

Another example is a comparison between a plate with a single notch and a plate
with multiple notches, each of which is under tension. Notch shape is supposed to be
semicircular with identical size. In the case of a single notch, as shown in Fig. 4.6A,
the open-mouth deformation around the notch is largely constrained by the adjacent
portion. Accordingly, stress concentration factor a; is fairly large and is about 3.06. In
the case of having two notches, as shown in Fig. 4.6B, stress concentration factor a;; is
smaller than a;, because the deformation around the notch becomes less constrained.
In the case of having three notches, stress concentration factor for the center notch a;y,
is smaller than that for the end notch a;;;. This suggests that the stress concentration
factor for the notch located at the end of a row of continuous notches is larger than the
factor for the center notch, because in the former case one side is heavily constrained
due to the absence of an adjacent notch. Accordingly, the order of stress concentration
factors is as follows:

Single notch>end notch of continuous notches >center notch of continuous
notches.

The above statement is summarized in the more generalized expression that stress
concentration factor is low when the stiffness around the target notch is low, which
produces large deformation in its vicinity. Regarding the notch shape, stress concen-
tration factor is increased with smaller notch root radius. It is also important that the
magnitude of stress concentration factor is varied depending on the loading condition.
In general, for plates or bars having identical notches, stress concentration factor is
largest when subjected to tension or compression, followed by bending and twisting
in descending order [98].
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Fig. 4.6 Comparison of stress concentration between plates with a single notch and multiple
notches. (A) Single notch, (B) two notches, (C) three notches, and (D) continuous notches.
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4.2.2 Stress concentration in threaded fasteners

In bolted joints, high stress concentration usually occurs in three locations, i.e., the
first bolt thread root adjacent to the nut-bearing surface, the thread runout of bolt,
and the root radius under the bolt head. These are coincident with the locations where
failures or ruptures are likely to occur, illustrated in fig. 2.1. Among them, the strength
of the first bolt thread root is the most critical issue. The root radius of male thread p
recommended by JIS is given in eq. (1.7). As for thread runout, high stress concen-
tration occurs because it is located at the end of a series of continuous notches, as
explained in Fig. 4.6. If the root radius gets smaller due to processing problems,
the stress concentration factor is further increased.

Meanwhile, in the case of large bolts under repeated loading, like the crank pin
bolts of large diesel engines, a slender bolt, which is a bolt with reduced shank, is often
used, aiming at the improvement of fatigue strength. In slender bolts, thread runout
portions are sometimes removed in the manufacturing process to avoid high stress
concentration occurring there. Regarding the root radius under the bolt head, a min-
imum value is given in JIS B 1180 to avoid high stress concentration. If the bolt head-
bearing surface is not perfectly parallel to the plate surface, some amount of bending
moment is inevitably produced when applying bolt force. A practical example is
where a plate surface being slightly tapered due to processing problems. Bending
moment, induced by the nonparallelism between mating surfaces, also becomes an
issue around the nut-bearing surface.

In the foregoing cases, stress concentrations in the three locations stated above
could be larger than predicted, due to the additional bending moment. On the other
hand, in thin plates with some residual distortion caused by plastic working, loosening
of threaded fasteners becomes a problem more often than stress concentration.

Geometric errors involved in threaded fasteners also affect the stress concentration.
It is stipulated in JIS B 1180 that the errors in parallelism at the nut-bearing surface and
perpendicularity between bolt head and bolt cylinder must be less than one or two
degrees, as shown in fig. 1.11. In large machines and structures, assembly errors some-
times cause a problem in addition to geometric errors. Due to the synergistic effect of
both errors, there is a case in which stress concentration becomes considerably higher
than the design value. It is quite difficult to quantitatively evaluate the stress concen-
tration considering the effect of geometric and assembly errors. In such cases, numer-
ical methods like FEM would be an effective means.

4.2.3 Mechanism of stress concentration at thread root

Stress concentration factor at thread root increases with larger nominal diameter. For
identical nominal diameters, larger stress concentration is produced in fine screw
threads than in coarse ones. Threaded fasteners do not have similar figures in most
cases, as shown in fig. 1.8. In the case of bolts with coarse thread, the ratio of thread
pitch P to nominal diameter d, P/d, decreases with increasing d. Here, the stress con-
centration at the bolt thread root is compared to the case of a plate of finite width under
tension with continuous notches on one side. In the case of bolts, the depth of notch
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gets relatively smaller as nominal diameter increases, as found from fig. 1.8. Hence, it
approaches the state of a semiinfinite plate with continuous notches, thereby increas-
ing the stress concentration factor [97]. It has been reported that the stress concentra-
tion factor at the first bolt thread root exceeds 4, according to the numerical results
established by FEM [9,99]. Such high stress concentration is produced by the follow-
ing mechanism.

First, in relation to the ratio of flank loads, shown in Fig. 4.4, the thread ridge next
to the nut-bearing surface supports a large amount of axial force, which exerts a large
tensile force around the thread root. In that case, since male and female threads are in
contact only on the pressure flank side, the compression force acting on the pressure
flank generates open-mouth deformations around the thread root, as in the case of
applying bending moment. This promotes stress concentration at the first thread root,
coupled with the action of tensile force explained above. The mechanism of stress con-
centration at bolt thread root is illustrated in Fig. 4.7.

In summary, it is concluded that the superposition effect of tensile force and bend-
ing moment generates high stress concentration at the bolt thread root. The stress dis-
tributions and deformation pattern around engaged threads, shown in Fig. 4.1, confirm
the foregoing explanation that very high stress concentration is produced around the
first bolt thread root. Deformations of engaged threads become larger toward the nut-
bearing surface and a salient open-mouth deformation pattern is observed around the
first bolt thread. Regarding the effect of bending moment, even if the same amount of
compression force acts on the pressure flank, the stress concentration at the bolt thread
root is increased when the center of contact pressure approaches the tip of the thread
ridge because of the longer moment arm.

Meanwhile, it has been reported that in a hollow bolt whose hole diameter is half
the nominal diameter, the ratio of flank loads of the first thread is higher compared to a
solid bolt. However, the stress concentration at the first thread root is somewhat

Fig. 4.7 Mechanism of stress
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smaller [83]. This phenomenon can be explained as follows. By adding a hole to a
solid bolt, the center of contact pressure on the pressure flank moves toward the thread
root, and the moment arm length is shortened.

4.2.4 Evaluation of stress concentration at thread root

The root radius of the thread root has a dominant effect on the stress concentration.
Stress distributions along the thread profile from thread root to flank are evaluated
by Otaki [7,8], in which the geometry around the thread root is represented by a con-
tinuous function having the same curvature and then the exact solutions of complex
stress functions are applied. Using the analytical results obtained, stress concentration
factors are quantitatively evaluated for metric threads and Whitworth threads. As a
result, it has been clarified that stress concentration at the thread root increases as nom-
inal diameter is increased and/or thread root radius is decreased, and stress concentration
factor of fine screw threads is higher than that of coarse screw threads with identical
nominal diameter. Using a copper plating method, Seika, et al. measured the stress dis-
tribution along the thread root [16]. Their experimental results show that the maximum
stress occurs at a bolt thread root located 2/3 pitch away from the nut-bearing surface.

Fukuoka et al. conducted axisymmetric FE analyses for the case of bolts being
under pure tension, from which it was clarified that stress concentration factor at
thread root exceeds 4 [99], in which the meshes placed around the thread root are
changed in various sizes to ensure numerical accuracy. In their analyses, the maxi-
mum length of triangular elements, placed around thread root, is selected to be less
than one-tenth of the root radius. Then, by changing thread root radius and coefficients
of friction on thread surface and nut-bearing surface into various levels, the stress con-
centration factor at thread root has been evaluated with two significant digits of pre-
cision. Fig. 4.8 depicts the whole mesh pattern of the analytical model and the detailed
mesh patterns around the thread root. The analytical object is M24 with coarse thread
and thread pitch is 3mm. Root radius of male thread p is changed to 0.4, 0.3, and
0.2mm. Additionally, the minimum value of p, recommended by JIS, is calculated
to be 0.375mm by using eq. (1.7). Numerical results are shown in Fig. 4.9.

In order to compare the numerical results to Maruyama’s experimental ones
obtained by the copper plating method, the ratio of the maximum principal stress
to mean stress at thread root is selected as the ordinate. The abscissa represents thread
root radius. This indicates that the numerical results are sufficiently effective, consid-
ering the scatter in experiments. Also, the numerical results confirm the validity of the
size of root radius p recommended by JIS. In the above analyses, the constraint on the
axial deformation of thread ridge is higher compared to actual screw threads, since
helical thread geometry is not considered. It is therefore predicted that stress concen-
tration factors thus obtained are somewhat high compared to the ones evaluated by
using helical thread models, as explained later.

When bolts are tightened by the torque control method, the magnitude of von Mises
stress produced in engaged threads becomes higher than the case of applying pure ten-
sion, as found from eq. (3.31), due to the effect of twisting moment. In [47], the stress
concentration factor in tightening by the torque control method is evaluated by using
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two-dimensional FE models, in which the model shape is axisymmetric, but each node
has three degrees of freedom. That is, in addition to r and z coordinates, deformations
in the circumferential direction € are considered. Fig. 4.10 compares the numerical
results for M24 between maximum von Mises stresses generated by applying tighten-
ing torque and those under pure tension. When tightened by the torque control method,
higher stress concentration occurs owing to the shear stress induced by the twisting
moment. In addition, as coefficients of friction are increased, stress concentration fac-
tors show a rather steep increase because larger torque is required to produce the same
amount of bolt force. This result is consistent with the relationship between the
stresses in engaged threads and the coefficient of friction, discussed in numerical
example 3.7 in section 3.2.9.

4.2.5 Stress concentration and plastic deformation of threaded
fasteners

Stress concentration factors at thread root are generally higher than those of the
notches frequently encountered in commonly used machines and structures, as dis-
cussed in the preceding sections. Therefore, plastic deformations are likely to occur
around the thread root, even if threaded fasteners are clamped with relatively low bolt
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force. Such plastic deformations are usually limited to small regions, since the stress
concentration factor is very high. That is, the occurrence of plastic deformation does
not necessarily lead to joint failure.

Fig. 4.11 depicts how the plastic region expands with increasing bolt stress ¢, when
M12 and M16 bolts with coarse thread are subjected to pure tension. Areas shown
in black are under plastic deformation. The target joint material is supposed to be
elastic-perfectly plastic body, i.e., stress values are assumed to be constant after yield-
ing. Young’s modulus and Poisson’s ratio are 200GPa and 0.3, and coefficients of
friction on contact surfaces are set to be 0.15. The magnitude of bolt stress oy, is
expressed as the ratio to the yield stress oy of the joint material. Plastic deformations
initiate around the first bolt thread root and gradually spread to the other thread roots.
Finally, plastic deformations spread over the entire cross section around the center of
unengaged threads. The expansion of plastic regions, shown in Fig. 4.11, is consistent
with the problem cases in which bolt rupture due to over torquing is likely to occur
around the center of unengaged threads. Regarding the magnitude of bolt stress o, it
is found that plastic regions suddenly start to propagate between 0.76y and 0.8cy. Focus-
ing on the effect of nominal diameter, the plastic region shows a rapid spread in M16
when exceeding 0.760y, while the cross section of M12 is almost in the plastic region
around the center of unengaged threads, even under the condition of 0.720y.

In Fig. 4.12A, the spread of plastic region is illustrated when tightening M 12 bolts
by the torque control method [48]. Numerical analyses are conducted using axisym-
metric FE models, in which each node has three degrees of freedom, as explained in
[47]. Coefficient of friction is 0.2. Initial yield stress is 790 MPa, and tangent mod-
ulus in the plastic region is assumed to be 2700 MPa to consider the effect of strain
hardening. It is difficult to strictly compare the results between Figs. 4.12A and 4.1 1
because of the difference in the analytical conditions. To put it simply, even if
bolt stress o, is low, the plastic regions spread over a considerably larger area than
the case of pure tension, owing to the action of twisting moment. Fig. 4.12B shows
the relationship between the spread of plastic regions and nominal diameter of bolt.

2 e s s s s

o, =0.60y 070y 0.72ay 0.740, 0.765y 0.78ay 0.8ay

Fig. 4.11 Expansion of plastic regions for varying bolt stress and nominal diameters.
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Fig.4.12 Expansion of plastic regions when tightening by the torque control method. (A) Effect
of bolt stress (M12) and (B) effect of nominal diameter.

The amounts of tightening torque applied to M24 and M36 are determined so that
the spread of plastic regions becomes nearly the same as the rightmost result of M 12,
0,=0.580y, in Fig. 4.12A. The amount of bolt stress ¢, of M12 is lower than those
of M24 and M36. This means that the spread of plastic regions becomes larger with
smaller nominal diameter, as in the case of being under pure tension. The reason is
the nonsimilar figures of threaded fasteners, shown in fig. 1.8. That is, as nominal
diameter d decreases, the ratio of thread pitch P to d increases, and the cross-
sectional area at male thread root A, becomes relatively smaller than bolt cylindrical
area A.

Fig. 4.13 shows the relationship between the ratio of A, to A and nominal diameter d,
where A, is calculated using the maximum value of thread root diameter, d
numerical example 2.2.

shown in

r‘ max?

—d-1227P (4.5)

7 Imax
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There are several specifications of fine screw threads for identical nominal diameter.
In this book, screw threads whose thread pitch is one size smaller than that of coarse
screw thread are simply called fine screw threads, and the ones with even smaller
pitches are ultrafine screw threads. A,/A is necessarily smallest in coarse screw
threads. Fig. 4.13 shows that A,/A becomes considerably smaller, particularly for
coarse screw threads of M16 and smaller. It suggests that with smaller nominal diam-
eter, plastic deformations are likely to occur due to the rise in the mean thread root
stress, even if clamped with identical bolt stress. It is considered that the relationship
between A,/A and nominal diameter d, shown in Fig. 4.13, is one of the major causes
for a phenomenon that plastic deformations or ruptures are liable to occur when tight-
ening small bolts by the torque control method.

The above considerations suggest that when determining the magnitude of bolt
stress oy, the amount of A,/A varying with nominal diameter should be taken into
account, in addition to the ratio of o, to yield stress oy of the joint material, such
as 0.70y or 0.60y. Furthermore, it is also worth noting here that the progress of plastic
deformation is largely influenced by coefficients of friction when tightening by the
torque control method.

In Fig. 4.14, the relationship between bolt stress o, and nut rotation angle ¢ is
shown, in which coefficients of friction u on thread surface and nut bearing surface
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Fig. 4.14 Effect of coefficients of friction on plastic deformations.

are assumed equal. When y is small, the relationship between o, and ¢ is almost linear
until reaching the point of fairly high bolt stress. In contrast, when u is large, a
nonlinear relationship is observed between o; and ¢ from the range of relatively
low bolt stress. That is because larger tightening torque 7, is required to produce
the same amount of bolt force F';, as coefficient of friction is increased. It can be under-
stood by eq. (3.15) which represents the torque-bolt force relationship. As T; is
increased, thread torque T also increases, hence, shear stress and von Mises stress
exerting on the bolt cylinder are raised correspondingly, thereby causing an expansion
of plastic regions. Plastic deformation phenomena of bolts are summarized as follows:

1) Plastic regions tend to expand with smaller nominal diameter and larger thread pitch, which
also suggests that plastic regions are more likely to expand in coarse screw threads than in
fine ones.

2) When applying an identical bolt stress by torque control method, plastic regions are more
likely to expand with increasing coefficient of friction in the circumferential direction.

In recent years, the use of the plastic-region tightening method has expanded [100], in
which plastic deformations are allowed to some extent. An important point in the
actual application is the selection of appropriate bolt stress o,. In the previous study
[101] dealing with plastic-region tightening method, o}, is set to be 0.8cy or higher.
Referring to Figs. 4.11 and 4.12, it is found that plastic deformations are considerably
progressed from engaged threads to unengaged threads when tightening with this
amount of bolt stress.
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4.2.6 Reduction strategy of stress concentration at thread root

A large number of studies have been published so far aiming at reducing the stress
concentration at bolt thread root. Incorporating those research results, many threaded
fasteners with special shapes have been proposed. Listed below are some representa-
tive methods for reducing the stress concentration.

1) Increasing thread root radius

The radius of bolt thread root is increased as much as possible within the range that no
interference occurs between male and female threads. This method is effective for
high value-added bolts, in which high accuracies are required for the dimensions
and geometry of thread root radius. Eq. (1.7) and the numerical results shown in
Fig. 4.9 serve as a good reference.

2) Reducing axial stiffness of engaged threads

Stress concentration becomes noticeable when the target portion is difficult to deform.
Hence, the geometry of threaded fasteners is designed so as to make the surrounding
region of the first bolt thread root easy to deform, at which the maximum stress con-
centration occurs. For example, it is proposed to chamfer the nut-bearing surface
toward the bolt axis with straight lines [102] or curved lines [103], as shown in
Fig. 4.15. Chamfering with straight lines is more effective for reducing stress concen-
tration. However, curved lines are more desirable to avoid damage to the bearing sur-
face. It is shown in Fig. 4.16 how much the stress concentration factor can be reduced
by introducing curved chamfering for the case of bolts under pure tension. The
abscissa represents the chamfering angle. Experimental results obtained in [102]
are also shown in the figure. Although the experimental results show a fairly large
scatter for varying chamfering angle, it suggests the effectiveness of the chamfering
processed on the nut bearing surface. Comparing the numerical results by FEM
between M64 and M12, it is found that chamfering is more effective in reducing
the stress concentration with larger nominal diameter. In the case of M64, the stress
concentration factor can be reduced by up to 27%. When the chamfering angle
exceeds a certain level, the stress concentration factor becomes almost constant. This
result indicates that the stress concentration can effectively be reduced only by

Fig. 4.15 Strategy for reducing stress
concentration by chamfering nut-
0 bearing surface.
straight
chamfering
Fastened éﬁi ----
plates curved
chamfering
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Fig. 4.16 Effect of chamfering on the reduction of stress concentration [102].

chamfering the nut bearing surface with some curvature. It also shows the robustness
of this method. Incidentally, regarding the specifications of bolt hole diameter d,, as d,
increases from first grade to third grade, the stress concentration factor decreases due
to the decrease in axial stiffness.

3) Processing thread pitch of nut slightly larger than that of bolt

When tightening bolt-nut connections, the ratio of flank loads of the first thread
becomes the largest, because the bolt elongates and the nut shrinks, thereby causing
a difference in thread pitch between bolt and nut. To cope with this problem, the dis-
tribution of ratio of flank loads is averaged by processing the thread pitch of the nut to
be slightly larger than that of the bolt. As a result, stress concentration at the first bolt
thread root can be reduced. This method is theoretically effective, but it involves a
difficulty in processing accuracy [103], because the amount of thread pitch modifica-
tion is very small.

4) Reducing thread overlap between male and female threads toward nut-bearing surface

Thread ridges of bolts or nuts are processed with a certain taper angle along the axis;
or, the tips of thread ridges are slightly cut off along the taper angle. This operation
lowers the ratio of flank loads of the first thread. There are some examples in the actual
threaded fasteners of diesel engines, in which the tips of male threads are cut off along
a certain taper angle.



Static and fatigue strengths of threaded fastener 163

5) Processing the shape of thread ridge of nut to be subjected to tensile force

Nut shape is processed as shown in Fig. 4.17A [14] so that both male and female threads
are subjected to tensile force, as in the case of pipe threads. In [14], the performance of
various-shaped threaded fasteners aiming at reducing stress concentration, as shown in
Fig. 4.17B, has been examined by photo-elastic experiments. It is considered that the
chamfering method shown in Fig. 4.15 belongs to the type shown in Fig. 4.17B.

6) Making engaged thread length longer

In a bolt-nut connection, nut thickness H,,, is about 0.8 times the nominal diameter d.
As H,,, is increased, stress concentration factor decreases. However, the effect is lim-
ited, as predicted from the numerical results of ratio of flank loads, shown in Fig. 4.4.
As for studs, engaged thread lengths of 1.25d, 1.5d, and 2d are recommended for the
body-side female threads made of carbon steel, cast iron, and light alloys, respec-
tively, as stated in section 1.5.1. If the engaged thread length is changed in this
way, according to the stiffness of the body-side material, stress concentration factors
at the first bolt thread root are relatively close to each other among those three cases
[64]. Accordingly, the engaged thread lengths recommended in JIS B 1173, shown
above, are considered reasonable.

4.3 Stress distribution along thread root

4.3.1 Stress concentration in bolt-nut connections

The stress concentration factor at thread root can be evaluated by means of axisymmet-
ric FEM. However, it is impossible to obtain the stress distribution along a helical thread
root [99]. Furthermore, since the thread ridge geometry is assumed to be axisymmetric,
the mutual constraint between male and female threads becomes larger than in actual
threads. Additionally, the effect of slip along the thread helix cannot be considered.

t[\

bearing
surface

)I\

bearing
surface

bearing bearing
surface surface

(a) (b)

Fig. 4.17 Strategy for reducing stress concentration by modifying nut shape. (A) Shape of nut
subjected to tensile force and (B) shape of nut aiming at reducing stress concentration.
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From the above considerations, it is necessary to use helical thread models for the
rigorous evaluation of the stress concentration around the thread root. In this section,
stress concentrations along bolt thread roots are quantitatively evaluated by using the
finite element models explained in section 2.5, in which helical thread geometry is
rigorously reproduced.

Numerical analysis has been conducted using an FE model of M16 with coarse
thread, shown in section 2.5. Uniform tensile stress of 100 MPa is applied to the cross
section of bolt cylinder. Thread pitch P is 2mm. Coefficients of friction on thread sur-
face p,, and nut-bearing surface u,,, are assumed to be equal, and they are changed to
0.05 and 0.2. Supposing the jointed components as being a linear elastic body,
Young’s modulus and Poisson’s ratio of joint materials are set to be 200 GPa and
0.3. Bolt hole dimeters are changed to 17, 17.5, and 18.5 mm, corresponding to first,
second, and third grades. Fig. 4.18 depicts an example of von Mises stress distribu-
tions along bolt thread root [49]. The ordinate represents a dimensionless number
defined by dividing von Mises stress & by bolt stress o;,. The abscissa shows the dis-
tance z from the nut-bearing surface. Assuming the number of engaged threads to be
five, z=10mm corresponds to the top face of the nut. It is shown that the maximum
stress occurs at the first bolt thread root, which is 1 mm or half a thread pitch away
from the nut-bearing surface. This position corresponds to the right side of the mesh
pattern of the nut, as shown in fig. 2.26B, where the nut thread height engaged with the
first bolt thread is equal to one thread pitch.
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Fig. 4.18 von Mises stress distributions along bolt thread root.
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It is found from these results that the thread root stress becomes maximum at the
point which the deformation around the first bolt thread root is most strongly con-
strained. The effect of coefficients of friction reveals itself less remarkably compared
to the case of axisymmetric analysis. The reason is that the mutual constraint between
male and female threads becomes small, because the helical thread geometry is taken
into account. Bolt thread root stress shows a rapid decrease from the first thread root
toward the tip of bolt threads, and then it shows a small peak around the top face of the
nut. This phenomenon can be explained as follows. Nut threads gradually vanish in the
vicinity of the end of engaged threads. Then, the sign of o, the primary component of
von Mises stress, suddenly changes from positive to negative around the top face of
the nut. Although not shown here, von Mises stresses along the nut thread root also
decrease from the first thread root toward the top face of the nut. Then, the maximum
stress at the nut thread root is about 60% of the maximum value at the bolt thread
root [20].

Fig. 4.19 shows the effects of coefficient of friction y, nominal diameter d, and bolt
hole dimeter d;, on the stress concentration [49]. As for nominal diameter, the results
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Fig. 4.19 Effects of coefficient of friction, nominal diameter, and bolt hole dimeter on stress
concentration.
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of M16 with coarse thread are compared to those of M12 with coarse thread, whose
thread pitch P is 1.75 mm. Bolt hole diameter of 2nd grade is chosen as the standard.
The ordinate represents the maximum von Mises stress O,,,, occurring at the first bolt
thread, divided by bolt stress o,,. The abscissa shows coefficient of friction 4 and bolt
hole diameter d;,. The latter is given as a dimensionless quantity by dividing it by d.
The result shown in Fig. 4.19 that stress concentration increases with larger nominal
diameter agrees with the previous studies [7,8] using exact solutions of the theory of
elasticity. Regarding the coefficient of friction u, stress concentration slightly
increases as yu is increased. As for bolt hole dimeter d,,, stress concentration decreases
with increasing d;, due to the decrease of the axial stiffness around the first thread root.

Bolt hole diameter also affects the contact pressure distribution on the nut-bearing
surface. Fig. 4.20 shows the contact pressure distribution in the circumferential direc-
tion for bolt hole diameter of second grade [49]. The symbol r represents the distance
from the bolt axis. Highest contact stress is produced along the bolt hole. Contact pres-
sure distributions show a slight variation in the circumferential direction due to the
effect of helical thread geometry. Although not shown in the figure, the contact pres-
sure along the bolt hole is higher in the second grade than in the third grade of bolt hole
diameter. Incidentally, the mean contact pressure is necessarily higher in the third
grade due to smaller nut-bearing surface area A,. This means, therefore, that the con-
tact pressure decreases more sharply in the radial direction in the second grade than in
the third grade.
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Fig. 4.20 Contact pressure distributions in the circumferential direction on nut-bearing surface.
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When tightening bolt-nut connections by the torque control method, bolts are sub-
jected to a twisting moment in addition to axial bolt force, by which von Mises stress at
the bolt thread root is raised [47]. Comparison of stress concentration under pure ten-
sion to the case of applying tightening torque is made in Section 4.3.3, in which the
stress concentrations in studs, tap bolts, and body-side female threads are discussed.

4.3.2 Effect of thread pitch and number of threads

Stress distributions along thread roots are compared for bolt-nut connections of M16,
where thread pitch P is changed to 2, 1.5, and 1 mm. Since nut thickness H,,,, is set to be
12mm, the number of engaged threads is 6, 8, and 12, respectively, for each thread
pitch. Bolt stress, material constants, and coefficient of friction are the same as those
in the previous section. Fig. 4.21A and B depicts the mesh patterns of the cross section
of FE models for fine screw threads [94]. Thread pitch P is 1.5 and 1 mm, respectively.
Fig. 4.22A shows the distributions of von Mises stress & along bolt thread root when
applying pure tension, in which & is normalized with respect to bolt stress o, Stress
concentration at the first bolt thread root is slightly increased with decreasing thread
pitch. The phenomenon that smaller pitch raises the stress concentration appears more
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Fig. 4.21 FE models for fine screw threads. (A) P=1.5mm and (B) P=1mm.
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distinctly by dividing & by mean stress at thread root o,, as found from Fig. 4.22B.
Shown in Fig. 4.23 are the numerical results for the case of tightening fine screw
threads by torque control method under the same conditions. von Mises stress & is
divided by o, as in the case of Fig. 4.22A. Comparing to the case of applying pure
tension shown in Fig. 4.22A, the stress concentration phenomenon in fine screw
threads appears more distinctly.

In fig. 2.27, helical thread FE models of double- and triple-thread screws are shown
for M16 bolts with coarse thread. Supposing that bolt stress o, is 100 MPa and material
constants and coefficient of friction are identical with those in the previous section, the
distributions of von Mises stress & along the bolt thread root are compared between
the two cases of applying pure tension and using torque control method. The number
of threads is changed to single-, double-, and triple-thread screws. The numerical
results are shown in Fig. 4.24A and B, which represent the cases of using torque con-
trol method and applying pure tension, respectively. Since nut thickness H,,,, is set to
be 10 mm, the numbers of spiral turns are 5, 2.5, and 1.67, respectively. In both cases,
the maximum stress increases as the number of threads is increased. This tendency is
somewhat more noticeable in the torque control method.

7 = F T T T 3
P=1mm

first thread root /

engaged thread portion e

0 | 1 I
-5 0 5 10 15

z (mm)

Fig. 4.23 von Mises stress distributions along bolt thread root when tightening by torque
control method.
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4.3.3 Stress concentration of engaged threads in main body side

When clamping multiple parts using threaded fasteners, the most general way is to use
a combination of bolts and nuts. However, when the target jointed components have
specific shapes or dimensions, female threads are machined along drilled holes of the
body side instead of using nuts. Then, the tightening operation is carried out using
hexagon bolts or studs. Since body-side female threads can be regarded as a nut with
infinite thickness and width, its stiffness is higher compared to an ordinary nut.
Accordingly, body-side engaged threads exhibit some specific mechanical behaviors
different from bolt-nut connections.

Fig. 4.25 depicts an example of FE models of body-side engaged threads [20]. The
target bolt is M16 and thread pitch is 2mm. Figs. 4.26A and B show the distributions
of von Mises stress along male and female thread roots, obtained by FE models. The
numerical results are compared between the two cases of applying pure tension and
using torque control method. Material constants and other conditions for FE analyses
are the same as in the previous section. As for male thread root, the magnitudes of von
Mises stress produced by torque control method are all higher than the other, over the
region from thread runout to the first thread root. In contrast, regarding female thread
root, the case of applying pure tension wholly produces higher von Mises stress. The
mechanism of the latter phenomenon is estimated as follows. When tightening by tor-
que control method, female threads are subjected to twisting moment in addition to the
compression stress due to bolt force. Then, the amount of axial stress o, which is the
primary component of von Mises stress, may be slightly decreased due to the effect of
helical thread geometry.

Fig. 4.25 FE model of body-side
engaged threads. (A) Entire model
and (B) detail view of engaged thread
portion.
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Fig. 4.26 von Mises stress distributions in body-side engaged threads. (A) Male thread side and
(B) female thread side.
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Fig. 4.27 Comparison of stress concentrations occurring in various clamping states.

Next, comparison is made between the maximum values of von Mises stress 0,
occurring at the bolt thread roots of bolt-nut connections and body-side engaged
threads. In Fig. 4.27, the ordinate represents the ratio of &, to bolt stress o, and
the abscissa shows coefficient of friction. In either case, stress concentration becomes
more noticeable with increasing coefficient of friction. The tendency is more mark-
edly observed when tightening by torque control method. For body-side engaged
threads, comparison is made between the case of a stud under pure tension and that
of a hexagon bolt being tapped into the main body. It is an interesting phenomenon
that the maximum stress occurring in the tap bolt is relatively lower in the region of
small coefficient of friction.

4.4 Fatigue failure of screw threads

4.4.1 Relationship between metal fatigue and stress amplitude

When machines and structures are subjected to repeated or fluctuating loads, cracks
are sometimes initiated at the spot where high stress amplitude occurs, even if the
magnitude of the applied load is considerably smaller than its static allowable load.
Then, the cracks gradually propagate and finally lead to a rupture. This phenomenon
is called fatigue failure, the most troublesome issue for the safety of machines and
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structures. Since fatigue failure of metals is a very complicated phenomenon, even
today there is no end to the occurrence of accidents and problems caused by metal
fatigue [104,105]. Especially in threaded fasteners, it is quite difficult to estimate
the fatigue strength with high accuracy because they have sharp notches and are under
complicated loadings, comparing to the case of parts or structures having smooth
configurations.

Fatigue strength of machines and structures is influenced by a variety of factors,
such as loading conditions, joint materials, processing method and treatment, stress
amplitude occurring at notch root, mean stress exerted on the component, stress gra-
dient in the depth direction at notch root, etc. The effect of stress amplitude is the most
dominant among them. S—N curve, which relates stress amplitude to the number of
repetitions of applied loads until rupture occurrence, is the most important diagram
to evaluate fatigue strength. An example of S—N curve is given in Fig. 4.28. The ordi-
nate represents stress amplitude o,. The abscissa shows the number of repetitions of
applied loads N. The data are depicted by a semilog graph. The drawing process of
S—N curve is as follows. Stress amplitudes are changed variously. Then, sets of the
stress amplitude and number of repetitions at which the fatigue failure occurs are plot-
ted one after another, and thus, the S—N curve is completed. For carbon steel materials,
the S—N curve becomes a straight line parallel to the horizontal plane when the number
of repetitions of applied loads exceeds a certain number, say, ranging from 10° to 10”.
The stress amplitude corresponding to the straight line is termed fatigue limit. It is
widely used as the standard value to predict the fatigue strength of machines and struc-
tures. Recently, the research on ultrahigh cycle fatigue, in which fatigue failures occur
after about 10° repetitions, has been conducted intensively. Meanwhile, nonferrous
metals like aluminum alloys do not show a distinct fatigue limit. It is customary to
define the fatigue limit as the stress amplitude at a certain number of repetitions, which
is determined by the working conditions of the target machines and structures.

In general, fatigue strength increases with increasing tensile strength, which is the
index for static strength. However, the increasing rate of the fatigue strength decreases
when the tensile strength exceeds a certain level. For the relationship between fatigue
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limit o,, and tensile strength o, the following formulas are proposed for smoothed test
specimens subjected to alternating loads [106]:

carbon steel on = 0.508
cast iron o, = 0.40p 4.6)

non — ferrous metal and its alloy o, = 0.30p

Supposing the stress amplitude to be half the case of alternating loads, the fatigue
strength for pulsating loads is lower than that for alternating loads. For instance,
the value for carbon steel is slightly less than 0.46. The ratio, o,,/0, varies depending
on the loading conditions. In the case of alternating loads, for materials with identical
tensile strength op, the fatigue strength for the repetition of tension and compression is
lower than that for rotary bending fatigue test [98]. In that case, the fatigue strength for
rotary bending o,, is about 50% of the tensile strength o, as given in Eq. (4.6), and the
value becomes slightly less than 40% when subjected to the repetition of tension and
compression. Furthermore, it has been reported that the fatigue strengths for rotary
bending and plane bending are almost equal [106]. Fatigue limit o,, is not linearly
related to tensile strength o. The increasing rate of o,, decreases as op is increased.
Especially for alternating torsional loads, when o exceeds about 800 MPa, the fatigue
limit of shear stress 7,, shows almost no increase from about 200 MPa [98].

The values shown above are all for the fatigue limit of smoothed test specimens. On
the other hand, the fatigue limit of the components with sharp notches like screw
threads cannot be improved very much, even if the tensile strength of the material
is raised [107]. Furthermore, when tightening high strength bolts into body-side
female threads made of high strength metals, it is sometimes impossible to achieve
the desired fatigue strength, because the fatigue limit does not increase very much
compared to the increase in tensile strength, and the processing accuracy of female
threads is inevitably low.

Fatigue limit of notched portion o,, is even lower than that of smoothed test spec-
imen o,,9 With cross-sectional area equal to the notch root. The ratio of o, to o,, is
termed the notch factor j:

O,
p= P (4.7)

w

According to the definition, the notch factor is necessarily larger than unity. The dif-
ficulty in estimating the fatigue limit is traced to the relationship between fatigue
strength and stress concentration. Notch factor f§ is smaller than stress concentration
factor a, defined in Section 4.2.1. The relationship between f and a is expressed by
notch sensitivity factor 7, defined below:

== (438)

In general, the difference between a and f becomes larger with increasing a. This phe-
nomenon suggests that if fatigue limit o, for components under high stress
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concentration is estimated based on stress concentration factor a, it may lead to an
unduly conservative design. Meanwhile, stress concentration factors can be evaluated
for most cases by means of the latest technologies of numerical analysis, even if com-
plex geometry and boundary conditions are involved. In contrast, although various
evaluation methods are proposed for the amount of notch factor f, it is quite difficult
to accurately predict # without conducting fatigue tests, because S is influenced by
many factors, as stated above.

When estimating the fatigue limit o,, of actual machines and structures, size effect
must be taken into account. Size effect indicates the phenomenon that the fatigue limit
is decreased as member size is increased among multiple target members with differ-
ent dimensions and similar figures. Size effect is rarely observed when subjected to the
repetition of tension and compression, but it appears rather distinctly under bending
and torsional loads. Applying the above phenomenon to threaded fasteners, it can be
said that the fatigue limit is decreased with larger nominal diameter. In addition, a
variety of alternating loads are applied independently or in combination to threaded
fasteners, and their shapes are not similar for varying nominal diameters, as shown in
fig. 1.8. Therefore, the fatigue strength of threaded fasteners shows very complex
behaviors.

4.4.2 Fatigue failure of threaded fasteners

The locations in threaded fasteners at which fatigue failures are likely to occur, are
illustrated in fig. 2.1. In the case of bolt-nut connections, the failure occurs in most
cases around the first bolt thread, where the maximum stress concentration is gener-
ated. Sometimes it occurs around the second or third root, which are located somewhat
closer to the top face of the nut. Next to the first bolt thread root, fatigue failure is apt to
occur around thread runout. Since the thread runout is located at the end of continuous
notches, stress concentration there is higher comparing to any other unengaged
threads. In addition, the notch at thread runout may have too small a radius due to
the processing problem. Another critical location is the root radius under the bolt head.
Stress concentration factor there is smaller than those of the other two locations, but
the fatigue strength may be lower due to metallurgical problems occurring in the
manufacturing process.

In contrast, fatigue failures occurring around body-side engaged threads show con-
siderably different behaviors from the case of bolt-nut connections. There are many
cases of failures occurring in bolts. However, it has also been reported that a consid-
erable number of failures occur in the body-side female threads. In that case, the crack
initiates at the female thread root engaged with the far end bolt thread, which is the
opposite side of the first bolt thread. This type of fatigue failure has been reported as a
critical problem occurring around connecting rods of large diesel engines for quite
some time. It has been proved by photo-elastic experiments [108] that large stress
amplitudes are generated around the body-side female thread root engaged with the
far end bolt thread.

Fatigue failures of threaded fasteners are closely related to stress concentration.
However, as evident from the foregoing actual examples, fatigue failures are not
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necessarily initiated at the location where the maximum stress concentration occurs.
Hence, in Section 4.7, stress amplitude distributions along thread root are evaluated by
FEM using helical thread models. Then, the relationship between the magnitude of
stress amplitude and the occurrence position of fatigue failure is discussed.

4.4.3 Influencing factors on fatigue strength of screw threads

To estimate the fatigue limit of threaded fasteners, the effect of the tightening and
loading conditions must be considered, in addition to nominal diameter, thread pitch,
thread root radius, and joint materials. Therefore, it is impossible to use the data of
fatigue limit of smoothed test specimens or notched test specimens without any mod-
ification. Of course, the most reliable are fatigue test data obtained by using actual
threaded fasteners.

Yamamoto collected reliable experimental data of fatigue limit performed by many
researchers [109]. In Fig. 4.29, the relationship between fatigue limit o,, and tensile
strength o is drawn using the collected data. Bolts and nuts are made of carbon steel
and the processing methods are cutting and grinding. Based on the above experimental
data, Yamamoto insists that the effect of mean stress exerted on the bolt can be neg-
ligible. Another important conclusion is that the fatigue limit is not influenced very
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Fig. 4.29 Relationship between fatigue limit and tensile strength in bolt-nut connections.
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much by thread pitch and the type of screw threads. However, the effect of thread pitch
P appears by changing the way of data display. It is explained in detail later. As shown
in the figure, external loads are applied to bolt head- and nut-bearing surfaces so that
test bolts are subjected to pulsating tensile load. Fatigue limit ¢,, is evaluated by use of
the cross-sectional area of minor diameter d;. Experimental results of o,, are distrib-
uted in the range from 25 to 105 MPa, most of which are between 40 and 80 MPa.
Fatigue limit o,, increases with increasing tensile strength o, and the ratio of o,, to
op is much smaller than the 0.5 given in Eq. (4.6). For each bolt-nut material, the scat-
ters in fatigue limit and o,,/op are summarized as follows:

Low carbon steel: o, ranges from 25 to 90 MPa, in which c,/cg shows a large scatter.

Medium carbon steel: o, ranges from 40 to 80 MPa, in which c/cg is distributed
around 1/10.

Alloy steel: o, ranges from 40 to 105 MPa, in which o/cy is distributed around 1/18
with a large scatter.

The cause of the scatter in each material is presumably due to the difference in the
influencing factors listed at the beginning of this section. In the fatigue tests performed
in Fig. 4.29, three kinds of screw thread standard are used, i.e., metric, Whitworth and
unified screw threads. The ratio of thread root radius p to thread pitch P is as follows:

Metric screw thread (abbreviated as M): p/P = 0.108
Whitworth screw thread (abbreviated as W): p/P = 0.137

Unified screw thread (abbreviated as U): p/P = 0.144

Threaded fasteners with different nominal diameter are not similar and the non-
similarity can be expressed by the ratio of thread pitch P to nominal diameter d, P/d,
as shown in fig. 1.8. Then, the data in Fig. 4.29 are redrawn into the relationship
between fatigue limit o,, and P/d, which is shown in Fig. 4.30. The newly drawn
figure indicates that the fatigue limit o,, is more closely related to P/d than tensile
strength op. The effects of thread pitch P, nominal diameter d, and thread root radius
p are listed below:

1) In both coarse and fine screw threads, fatigue limit o,, is clearly decreased with decreasing
P/d. In other words, fatigue limit tends to decrease with increasing nominal diameter or as
thread pitch decreases for bolt-nut connections with identical nominal diameter.

2) When P/d is reduced to about 0.1, fatigue limit o,, shows a remarkable increase and ultrafine
pitch screw threads form another group. In this group, ¢,, also decreases as P/d is decreased
and its reduction rate is quite large.

3) No significant effect of thread root radius p, which varies depending on the screw thread
standard, is observed.

It is worth noting that when fatigue limit of screw threads o,, is evaluated by use of P/d,
the data on o,, are divided into two groups, i.e., coarse and fine threads and ultrafine
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Fig. 4.30 Relationship between fatigue limit and ratio of thread pitch to nominal diameter.

threads, as found from Fig. 4.30. The relationship between o,, and P/d is approximated
by the least squares method. The resulting equations are given below for each group:

oy = 617(P/d) —23.1(MPa) for P/d > 0.1 49
o, = 1839(P/d) — 72.3(MPa) for P/d < 0.083 “9)
The experimental results in Fig. 4.30, in which fatigue limit o,, shows a rapid change
in the region of P/d, being from around 0.08 to 0.1, demonstrate the difficulty in eval-
uating the effect of thread pitch P on o,,, in addition to the size effect appearing with
varying nominal diameter. Meanwhile, the effect of the ratio of thread root radius p to
thread pitch P on o,, is smaller comparing to P/d. The experimental results support an
important statement that stress concentration is not necessarily a decisive factor on
fatigue limit.

Regarding the effect of nominal diameter d, the relationship between fatigue limit
o,, and d is graphically shown in VDI 2230(1986) [110] for high strength bolts of 8.8,
10.9, and 12.9 grades. Fatigue limit o,, (MPa) of bolts heat treated after rolling and
d (mm) are related by the following equation:

o, = 0.75(%%2) (4.10)
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Eq. (4.10) shows that o,, is decreased in an inverse proportional manner as d is
increased. The results in Fig. 4.30 show that fatigue limit of screw threads o,, is quite
closely related to the ratio of thread pitch to nominal diameter, P/d, which is consistent
with the above VDI formula on the effect of nominal diameter d, including size effect.
Fatigue limit o,, (MPa) of bolts rolled after heat treatment varies with initial bolt
force Fj,. Supposing that F, is the bolt force corresponding to 0.2% proof stress,
o, 1s given as a function of the ratio of F, to Fy,.

w719 52) 2 ] i

0.2

Since F,/F, is generally less than unity, it follows that the fatigue limit of bolts rolled
after heat treatment is higher than that of bolts heat treated after rolling. It is found
from these equations that the fatigue limit o,, of the bolts rolled after heat treatment
is decreased with increasing initial bolt force F';,, while the o,, of the bolts heat treated
after rolling is not influenced by F,. According to Egs. (4.10) and (4.11), the fatigue
limit o,, is to be determined only by nominal diameter d and F,/F,, regardless of the
detailed dimensions such as thread pitch, thread root radius, etc. Nonetheless, those
equations are useful to estimate the approximate value of o,, for high strength bolts.
The equations are applicable in the range of 0.2F, <, <0.8F,.

Otaki combined his original analytical method using complex stress functions with
the experimental results by Yakushev and the proposition by Ishibashi. He concluded
that fatigue limit o,, is decreased with increasing nominal diameter and there exists a
specific pitch size that makes the fatigue limit minimum [8]. Considering the above
proposition together with the other research data, the statement that fatigue limit o,, is
decreased with larger nominal diameter can be highly trusted. As for the existence of
thread pitch that minimizes o,,, it can be explained by the experimental data on the
fatigue limit shown in Fig. 4.30. That is, o,, shows a minimum value in the range
of P/d being about between 0.08 and 0.1, and 6,, increases again when P/d is further
decreased. In the following, it is summarized why the fatigue limit of actual bolted
joints is difficult to evaluate with high accuracy:

1) Published data on fatigue tests are mostly targeted at smoothed test specimens without
notches. In order to apply the data to threaded fasteners, it is necessary to accurately estimate
the notch factor.

2) Fatigue tests in the past have mostly been carried out under the condition that the external
force is applied in the axial direction. On the other hand, in the actual machines and struc-
tures, bending, twisting, and shearing are commonly exerted besides axial loading. Also
important is that those loads are often exerted in combination on the bolted joints.

3) When large external forces are applied to actual threaded fasteners, separation of the
contact surface progresses as their magnitude is increased, except for fastened plates having
small outer diameter. Hence, the area under contact pressure is reduced. Due to the interface
separation, load factor, which is the ratio of bolt force increase AF, to applied external load
W, varies nonlinearly against the magnitude of applied load. Accordingly, it is difficult to
evaluate the effect of interface separation with practical accuracy using a simple equation.
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In order to evaluate the fatigue limit with high accuracy, the best way is to perform a
fatigue test under the same conditions as the target joint. However, it is usually
impractical except for the special case of the target joint being small. In addition, when
joint geometry and/or loading conditions are complex, it is sometimes impossible to
evaluate the stress amplitude with sufficient accuracy by means of the theories of solid
mechanics or elasticity. In the following sections, various methods for evaluating the
fatigue strength of bolted joints are introduced, the problems involved in each method
are discussed, and the effectiveness of numerical analysis by FEM is also demonstrated.

4.5 Evaluation method of fatigue strength of threaded
fasteners

4.5.1 Summary of the bolted joint diagram

When clamping bolt-nut connections, the bolt is subjected to tension and the fastened
plates are compressed due to the reaction force. In actual bolted joints commonly
encountered, the elongation of bolt-nut connection and the shrinkage of fastened plates
are both proportional to bolt force. Fig. 4.31 schematically shows a bolted joint clamped
with bolt force F,. It is subjected to external force W. For simplicity, the external force is
assumed to be exerted annularly on the plate surface in the axial direction.

external force
Nut w

1

M

Bolt Fastened plates
compression force
bolt force * at interface
T A Fy>FF,
%
F,+AF,
1
|
I
|
1
|
1
|
—_—

|
Fig. 4.31 Bolted joint subjected to external force.
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Fig. 4.32 Bolted joint diagram.

The bolted joint diagram shown in Fig. 4.32 represents the relationship among the
related quantities. It has commonly been used to estimate the fatigue strength of bolted
joints. In this section, a summary of the bolted joint diagram is given. Fundamental
problems with the diagram are described in detail in the next section. The ordinate
represents the bolt force and the abscissa shows the elongation of bolt-nut connection
0p and the shrinkage of fastened plates . The triangular part 0-a-c in the figure is
called the joint triangle herein. It is also used to calculate the bolt force reduction
due to the embedment occurring at the interface, which is explained in section 6.4.
The gradients of the two straight lines composing the joint triangle, inclined upward
right and downward right, represent the spring constant of bolt-nut connection k;, for
tension and the spring constant of fastened plates k;for compression, explained in sec-
tion 2.2. In the figure, F, represents the initial bolt force before external force W is
applied.

When the external force of tensile load W is applied against the initial state, the bolt
force is increased along the line inclined upward right and the compression force
exerted on fastened plates is decreased along the line inclined downward right. By
the action of the external force, the bolt force is increased as much as AF, from
the initial bolt force F,. In contrast, the compression force acting on fastened plates
is decreased by amount F. from F,. Hence, the following equation holds among W,
AF,, and F:

W=AF, +F (4.12)
When the external force is applied as pulsating load that changes between 0 and W,

stress amplitude o, exerted on the bolt can be evaluated by dividing half the bolt force
increase AF, by the stress area A, of threaded portion:
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AF,
o =
=7 (4.13)

The ratio of AF,, to W is termed the load factor. It is used as a basic index when eval-
uating the fatigue strength of threaded portions:
AF,

@, = A (4.14)

When subjected to a constant external force, ¢,, should be as small as possible because
smaller ¢, produces smaller stress amplitude. Considering the similarity among the
triangles in the figure, load factor ¢, can be calculated in terms of spring constants
of bolt-nut connection &, and fastened plates kg or using the elongation of bolt-nut
connection 6, and the shrinkage of fastened plates oy

_ k9
kb+kf 5b+5f

¢, (4.15)

The above equation was first proposed by Thum. It indicates that ¢, becomes small
when bolts are easily able to elongate and fastened plates difficult to deform.

4.5.2 Essential problems involved in the bolted joint diagram

According to Fig. 4.32, load factor ¢,, is constant regardless of the amount of external
force W. However, in actual bolted joints, ¢, is not constant except in special cases.
This is because the spring constant of fastened plates under tensile external force is
different from the spring constant under pure compression in the initial tightening pro-
cess. It has been reported that the stiffness of fastened plates is different between the
initial tightening state and in the state under tensile external force. Sawa et al. eval-
uated the amount of load factor ¢, for bolted joints with various configurations and
loading conditions [111]. They defined a spring constant of fastened plates k,, when
subjected to tensile force. The proposed equation for evaluating ¢, is as follows:

k.
b= k, | & (4.16)
k,+k,\ k,

The term in the parenthesis corresponds to the correction factor proposed by Junker.
Using the basic theory of solid mechanics, Zhang et al. derived an equation for the
spring constant of fastened plates under tensile force, and they show that the spring
constant is nonlinearly related to the magnitude of external load [112,113]. The non-
linearity is caused by the interface separation. In fig. 1.12, fastened plates are classi-
fied into thin cylinder, thick cylinder, and plate, according to the distribution pattern of
contact pressure at the interface. In the case of plate, e.g., when external force is
applied, the separation starts at the outer end of pressure cone, at which the contact
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pressure is zero, then expands with increasing external force. In the case of thick cyl-
inder, the contact pressure is higher than in plate, hence, the separation is less likely to
occur; as external force is increased, however, the separation progresses in a similar
manner to the case of plate.

The separation is more unlikely to occur in thin cylinder due to its small contact
area and high contact pressure, which is almost uniformly distributed. However, when
the external force exceeds a certain value, the whole interface suddenly loses contact.
Accordingly, as far as thin cylinder subjected to axisymmetric external load is con-
cerned, a conventional bolted joint diagram seems to be effective for evaluating load
factor ¢,, and stress amplitude o, generated in actual bolted joints. Unfortunately, it is
a rare case that the external load is applied in the axisymmetric manner to the jointed
components of a thin cylinder. Actual bolted joints are usually subjected to more com-
plex loads, i.e., bending, shear, and twisting loads, or the combination of those loads.
In such cases, it is almost impossible to accurately evaluate the stress amplitude
exerted on the bolt and the compression force acting on the fastened plates by means
of the bolted joint diagram shown in Fig. 4.32. The problems involved in the conven-
tional bolted joint diagram are listed in the following:

1) Basically, the target of the diagram is bolted joints subjected to axisymmetric external
forces.

2) Spring constant of fastened plates when subjected to tensile force is different from the spring
constant ks under pure compression in the initial tightening process. In most cases, it is
nonlinearly related to the magnitude of external load.

3) When large tensile force is applied, a separation occurs at the interface of fastened plates. It
starts from the outer edge of pressure cone. The effect of separation on the spring constant is
not considered in the diagram, despite being a critical issue.

4) For bending, shear, and twisting loads applied to actual jointed portions, the diagram cannot
properly evaluate the load factor, stress amplitude exerted on the bolt, or the compression
force acting on the fastened plates.

When fatigue failure occurs in threaded fasteners, a crack initiates from the bolt thread
root in many cases. Regarding this phenomenon, only the mean stress amplitude in the
engaged thread portion or bolt cylinder is evaluated by the bolted joint diagram. At the
thread root, larger stress amplitude is generated. In addition, when bending moment is
applied to the joint, the tensile stresses occurring at the thread root due to initial ten-
sion are increased or decreased at two thread roots 180 degrees apart from one another.
To cope with such phenomena, it is effective to introduce numerical methods repre-
sented by FEM.

4.5.3 Verification of bolted joint diagram by FEM

In this section, a bolted joint diagram is drawn using the numerical results obtained by
axisymmetric FEM that takes account of the effect of plate interface separation,
thereby clarifying the problems involved in the conventional diagram. Fig. 4.33
depicts the FE model together with the boundary and loading conditions. External
force W is applied to the plate surface as annular pulsating tensile load. Nominal
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Fig. 4.33 FE model for verifying the
validity of bolted joint diagram.

diameter of the bolt-nut connection is M16 and the bolt stress is set to be 100 MPa.
Fastened plates are composed of two hollow cylinders with identical height. Grip
length L;is 48 mm, bolt hole diameter d, is 17.5mm, and the outer diameter of fas-
tened plates D,, is 128 mm. Radius of the loading point r of external force W is varied.
W is increased from zero to the amount by which the interface is completely out of
contact. The drawing procedure of the bolted joint diagram is as follows:

1) When a certain amount of external force is applied, bolt force is increased along the straight
line o-a-b with gradient of k;, shown in Fig. 4.32. Hence, a new balanced point can be plotted
on the straight line, using the amount of bolt force increase AF';,. Then, drawing a straight line
vertically downward from the point, the corresponding state of fastened plates is located as
much as F. below the initial tightening state. Fig. 4.34 illustrates the procedure how to draw
a new balanced point of the bolt-nut connection and fastened plates.

2) By increasing the external force stepwise, as shown in the figure, a pair of AF}, and F. is
obtained for each external force. Connecting those points sequentially, the real bolted joint
diagram is completed, which represents the nonlinear behavior of fastened plates consider-
ing the effect of interface separation.

Fig. 4.35 depicts the bolted joint diagram thus obtained by FE analysis. The loading
point radius 7 of external force W is changed from 12.925 to 64 mm. The former posi-
tion is just outside the outer surface of the nut and the latter one corresponds to the
outer end of the plate surface. When the external force W is applied annularly, the
interface completely loses contact when the amount of W is a little over initial bolt
force F,. Since a bolt-nut connection of M16 is clamped with bolt stress of
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100 MPa, it follows that the bolt force Fj, is 20.1kN. Then, the external force W is
varied from 0 to 27kN. The solid line inclined downward right in the figure, indicated
by an arrow, represents the spring constant of fastened plates k;calculated by the con-
ventional method. Spring constant krevaluated by FE analysis shows nonlinear behav-
ior against the amount of W. Regarding the effect of loading position r, the relationship
between the compression force and displacement of the fastened plates approaches a
linear one with smaller r. In other words, the difference from the conventional diagram
gets smaller. In contrast, the nonlinearity appears more distinctly as r is increased.
That is because the fastened plates deform like a plate under bending moment applied
from the periphery, and then the interface separation is gradually progressed.

Next, the focus is placed on the amount of external force W. In the range of small W,
the gradient is steep, which indicates high stiffness of fastened plates and small load
factor ¢,. Accordingly, when W is small, bolt force increase AF,, is smaller than
predicted by the conventional diagram. Additionally, when W is very small, bolt force
only slightly increases and the line representing the plate stiffness changes into the one
downward left and the load factor ¢, becomes a negative value. It is presumed that this
curious phenomenon, though not an important issue from the practical point of view, is
caused by the following mechanism. When fastened plates with circular shape are sub-
jected to bending moment from the periphery, rotational deformations occur around
the nut-bearing surface so as to reduce the bolt force. A similar phenomenon is
observed in pipe flange connections, where the leakage of contained fluids due to bolt
force reduction is the primary problem. Then, the load factor ¢, sometimes becomes a
negative value when the amount of external force W is small [87]. However, as W is
increased, the gradient representing the plate stiffness returns to be downward right, as
in the ordinary case. In Fig. 4.35, when W is further increased and the compression
force acting on the fastened plates is decreased, the gradient representing the plate
stiffness shows a sudden decrease, although it is difficult to recognize in the figure.
As a result, the bolt force increase AF, exhibits a sharp increase just before the com-
plete separation of the plate interface.

The following is a summary of the above explanation. When external force
W reaches a certain value, the separation starts at the plate interface, but the amount
of bolt force increase AF), is small in the range of small W. However, as W is further
increased and the interface almost loses contact, stress amplitude o, exerted on the
bolt shows a sudden increase. This phenomenon that the bolt force starts to increase
sharply just before the complete separation of plate interface is demonstrated in more
detail using helical thread models in Section 4.7. If even larger external force is
applied and complete separation occurs, the external force is exerted directly on
the bolt, thereby leading to load factor of unity, i.e., ¢, = 1. If the external force is
further increased after complete separation, fatigue failures can occur with very high
possibility.

4.5.4 Axial bolt force vs external force diagram

Besides the bolted joint diagram, a diagram relating axial bolt force to external force is
used to evaluate the fatigue strength of bolted joints. Fig. 4.36 schematically shows the
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relationship between bolt force and external force, referring to the previous studies.
The external force is assumed to be applied to the joint as annular pulsating tensile
load. The diagram suggests the following mechanical properties of the fatigue strength
of bolted joints:

1) There is a nonlinear relationship between bolt force and external force, and the gradient of
the curve increases as external force is increased. That is, load factor ¢, behaves nonlinearly
for varying external force W due in large part to the interface separation. When the loading
point of external force is close to the bolt axis or the fastened plates are regarded as thin
cylinder, the relationship between ¢, and W approaches linear, as explained in the previous
section.

2) After the plate interface is completely separated, the external force exerts directly on the
bolt. Then, the bolt force F, in Fig. 4.36 starts to increase along the straight line with a gra-
dient of 45 degrees.

3) Asinitial bolt force F, is increased, the interface separation is unlikely to occur. Then, since
the bolt force increase AF;, is decreased for the same amount of external force W, the load
factor ¢, gets smaller.

In conclusion, Fig. 4.36 provides an important guideline that as long as the static
strength does not matter, raising the initial bolt force F,; is effective to enhance the
fatigue strength of bolted joints. In this section and Section 4.5.3, axisymmetric load-
ing was targeted. In actual jointed components, however, external forces are usually
exerted in a nonaxisymmetric manner. In some cases, a complete separation does not
occur owing to its joint geometry, even if external force is greatly increased. Then, the
gradient of the straight line, shown in Fig. 4.36, becomes larger than 45 degrees, which
leads to further hazardous situations. In Section 4.6, using FE models of jointed
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components subjected to nonaxisymmetric loading, a practical diagram for actual bol-
ted joints is presented, which relates external force to bolt force variation.

4.5.5 Estimation method of fatigue strength and stress amplitude
of threaded fasteners

A variety of methods have been proposed so far for evaluating the fatigue strength of
bolted joints. Some of the methods are introduced in the following.

1) VDI 2230 Blattl (2003)

This is well known as a systematic evaluation method of fatigue strength and stress
amplitude of screw threads. The evaluation procedure is constructed using the
theory of solid mechanics and elasticity. The whole procedure is also translated into
Japanese [29]. Although this guideline is for a bolted joint clamped with a single
bolt, it can deal with the external force applied eccentrically and take account of
the effect of interface separation. This method is considered practical because
important values necessary in the joint design process, such as the strength of joint
materials, are given in various forms. However, it requires considerable labor to
understand the procedure, since a lot of symbols are defined to utilize theoretical
formulas of mechanics. In some cases, the statement given there is different from
the numerical results by FEM. There is a noteworthy example regarding the effects
of interface separation and loading point of external force on the relationship
between bolt force variation and external force. In the case of grip length being
small, to some extent, calculated results by the VDI procedure become quite differ-
ent from those by FEM. With regard to VDI procedure, the fatigue strength of bolted
joints subjected to eccentric external load is studied [ 101] and the problems involved
in the procedure are examined by FEM [38].

2) Estimation method proposed by Yamamoto [109]

Evaluation formulas for notch factor have been published by the Japan Society of
Mechanical Engineers (JSME), the target of which is a round bar with a single annular
V-shaped notch subjected to alternating tension and compression loads. Yamamoto
modified the formulas so as to be applied to bolted joints. The coefficients appearing
in those formulas have been obtained using the data for fatigue limit, introduced in
Section 4.4.3. The estimation accuracy for fatigue limit is considered fairly high,
because the method is established by combining reliable evaluation formulas for notch
factor with reliable experimental data given in Figs. 4.29 and 4.30. It should also be
noted that there are some restrictions for the applicable range of this method, since in
the foregoing fatigue tests, external loads are applied to bolt head- and nut-bearing
surfaces so that the test bolts are subjected to pulsating tensile load.

3) Estimation method proposed by Otaki [8]

Considering that high stress concentration occurs around thread roots, stress distribu-
tions along the thread root are calculated using complex stress functions, in which
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thread geometry is replaced by a series of mountainous curves having the same radius
as the thread root. Then, stress concentration factors at thread root are systematically
evaluated for metric coarse and fine screw threads, and Whitworth screw threads, in
which nominal diameter, thread pitch, and thread root radius are changed in a wide
range. Furthermore, stress concentration factors obtained for two-dimensional objects
are converted into the factors for three-dimensional ones using Neuber’s theory.

Regarding the fatigue strength, Otaki proposed a calculation method that evaluates
the notch factor at thread root by use of three-dimensional stress concentration factors.
Furthermore, Otaki verified the validity of the proposed method by comparing the
fatigue limits of bolted joints obtained in this way with large quantities of experimen-
tal data for fatigue limit given in [109]. It is expected that the proposed method has
high accuracy, because the fatigue limits of screw threads are estimated by combining
the stress concentration factors for thread root, which are derived theoretically, with
commonly used formulas in the field of fatigue strength. On the other hand, it involves
the same problem concerning the action mode of external loads as Yamamoto’s
method.

4) Estimation method considering the effect of mean stress

In the previous two methods by Yamamoto and Otaki, it is assumed that fatigue limit
is not influenced by the mean stress of the target bolt. Generally, fatigue limit slightly
decreases as mean stress is raised in fatigue tests of smoothed test specimens. How-
ever, it is said that the effect is not substantial. Yoshimoto assumes that the difference
of the fatigue limit between the results obtained by Otaki and Yamamoto is due to
mean stress. Hence, using a constant life fatigue diagram or Goodman lines, the ordi-
nate and abscissa of which represent stress amplitude and mean stress, Yoshimoto pro-
posed a theory that accounts for the difference between the results shown by the
foregoing two researchers [114].

5) Estimation method using spring and beam models [115]

By combining somewhat the advanced theory of solid mechanics and elementary tech-
niques of numerical analysis, a simple method is proposed to evaluate the stress ampli-
tude exerted on bolts. The method can consider the effect of interface separation and
deal with eccentric loadings [116]. It also demonstrates how to draw a bolted joint
diagram [117]. Stress amplitudes acting on the bolt cylinder, calculated by the pro-
posed method, are in fairly good agreement with the experimental ones.

Most methods proposed so far for evaluating fatigue strength of screw threads are
for bolted joints with axisymmetric geometry and loading. However, actual joints
have complex geometries and are subjected to various forms of external loads besides
tension and compression, i.e., bending, shear, and twisting. In addition, they are often
subjected to multiple types of external loads simultaneously. It is said that stress
amplitude is the most dominant factor affecting the fatigue strength of metals. There-
fore, numerical methods represented by FEM have come to be used extensively. The
target joint is modeled by FEM and the boundary and loading conditions are set
corresponding to the actual running condition. The stress amplitudes thus obtained
can predictably be used as the guideline for the fatigue strength design. Of particular
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importance is the stress amplitude at thread root where fatigue cracks are likely to
occur. Additionally, the use of FEM makes it possible to evaluate the stress amplitudes
for jointed components with identical shape subjected to different forms of external
loads. This is a great advantage of the numerical analysis.

4.6 Separation phenomena of plate Interface and stress
amplitude

4.6.1 Stress amplitude in bolted joints under eccentric
external load

In most cases, external forces in actual bolted joints are applied three-dimensionally.
Fig. 4.37A schematically illustrates a bolted joint subjected to an eccentric load.
Assuming the jointed portion as being entirely rigid, the magnitudes of forces acting
on each point can be calculated using principle of leverage, as shown in Fig. 4.37B.
Supposing that the left end of the plate surface, the bolt position, and the location
at which external force W is applied are the fulcrum and the points of load and
effort, respectively, the force acting on the bolt is calculated by multiplying W by
L/L,, i.e. ,WL/L,. As stated in Section 4.5.3, when external force is applied symmet-
rically, the additional force applied to the bolt is up to W, even if the plate interface
completely loses contact. In contrast, since L/L, is larger than 1, the bolt force can be
greatly increased when eccentric external force is applied. Fig. 4.37C shows a more
practical model, in which a bolted joint subjected to an eccentric load is replaced by a
cantilever supported by a single spring at the bolt position. In this case, the force acting
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‘) y 4F, w
] Sulerum
* 7

& reaction force L

external force W (b)

(@)

kb i* AFb bolt force increase

reaction force

(©)
Fig. 4.37 Bolted joint subjected to eccentric external load. (A) Application of external force,
(B) introduction of principle of leverage, and (C) cantilever model supported by a single spring.
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on the spring k;, that corresponds to bolt force increase AF, is calculated by the fol-
lowing equation, in terms of Young’s modulus £ and second moment of area I:

WL? (2L, +3L,)

b 2L3+—6£ (4.17)
1

b

Fig. 4.38 shows how plate interface separation progresses as external force W is
increased from the initial tightening state:

1) When the tightening operation is completed, contact pressure due to bolt force F,, is pro-
duced at the plate interface, as shown in Fig. 4.38A.

2) When external force W is applied, the separation initiates at the right end of the interface, as
shown in Fig. 4.38B.

3) Asexternal force is increased, the separation reaches the bolt hole and spreads to the left side
of the bolt.

4) Further increase of external force makes the separation progress toward the left end of the
interface, as shown in Fig. 4.38C.

Assuming that the left end is the fulcrum, bolt position is the point of load, and the
loading point of W is the point of effort in the complete separation state of the inter-
face, the mechanical behavior explained in Fig. 4.38 is nearly equal to the situation of
nail pulling. If the separation spreads to the left end of the interface, bolt force increase
AF;, shows a drastic increase and reaches WL/L,,, which is L/L, times larger than in the
case of axisymmetric loading, shown in Figs. 4.32 and 4.36. This is an extremely dan-
gerous situation from the viewpoint of fatigue strength. In the case of Fig. 4.38C, the
fulcrum exists somewhere at the interface. Accordingly, if bolts were carelessly
arranged so that the interface separation is easily progressed, very large stress ampli-
tudes can be applied to the bolts because of a large value of L/L, in Fig. 4.37A.

4.6.2 Verification of interface separation phenomena by FEM

Using three-dimensional FEM, the relationship between bolt force variation and inter-
face separation is examined for bolted joints subjected to nonaxisymmetric loading.
The shape and dimensions of the objective bolted joint are shown in Fig. 4.39 together
with the FE model [118]. Nominal diameter of the bolt is M16 with coarse thread. The
dimensions of FE model are coincident with the test specimen used in the experiment
[101], except that the thread pitch used there is 1.5mm of fine screw threads. In FE
analyses, Young’s modulus and Poisson’s ratio are set to be 200 GPa and 0.3. Coef-
ficient of friction on contact surfaces is 0.15 and initial bolt stress ¢, is changed to 50,
100, 200, and 300 MPa. Fig. 4.40A represents the relationship between bolt force and
external force for 0;;= 100 MPa. The ordinate and abscissa show bolt force F;, and
external force W. In the figure, it is shown how the interface separation progresses.
This figure provides two pieces of useful information:

1) The relationship between bolt force and external force is nonlinear, as in the case of axisym-
metric loading.
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Fig. 4.39 FE model of bolted joint subjected to nonaxisymmetric loading.

2) When the separation progresses beyond the bolt hole, the relationship becomes almost lin-
ear. The gradient of the straight line is larger than 45 degrees and is nearly equal to the ratio
of L to L,, i.e., 2.67. This result can be predicted by a simple rigid model, shown in
Fig. 4.37B.

Fig. 4.40B shows the results for varying initial bolt stress o;;. The ordinate and
abscissa are shown by dividing F;,, and W by initial bolt force F;, in which F,/F;
can be replaced by o,/0,;. This figure provides three pieces of useful information:

1) F,/F,;or o,/op; can be related to W/F,,; with a single curve. The magnitude of W/F;, at which
the separation spreads to the left end of the bolt hole is almost constant, except for the case of
Opi— 50 MPa.

2) When external force W is constant, stress amplitude exerted on the bolt can be suppressed by
raising the initial bolt force F;; as much as possible within the allowable range of the static
strength of joint materials. For example, if F';; is doubled, W/F,; is reduced from 0.3 to 0.15,
hence, F,/F}; is remarkably decreased, as depicted in the figure.

3) When the magnitude of external force W is raised for some reason and the initial bolt force is
correspondingly increased at the same rate in order to suppress the stress amplitude, the bolt
force is also increased at nearly the same rate, which leads to a highly dangerous situation
from the viewpoint of fatigue strength. This phenomenon can be easily understood from
Fig. 4.40B because the horizontal value W/F,,; is kept unchanged. As a result, this numerical
calculation provides a useful guideline on the prevention of fatigue failure. Namely, in order
to avoid the increase of stress amplitude when external force is raised, initial bolt force must
be raised at a higher rate than the rate of increase of the external force.
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4.7 Stress amplitude along thread root

4.7.1 Finite element analysis using helical thread models

As shown in fig. 2.1, fatigue failures of bolt-nut connections are observed in most
cases around the first bolt thread root, where the maximum stress concentration
occurs, or at the bolt thread roots two or three pitches away from the nut-bearing sur-
face. This implies a close relationship between stress concentration and fatigue
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failure. In contrast, fatigue failures of body-side engaged threads frequently occur at
the female thread root engaged with the far end bolt thread, as already explained in
Section 4.4.2. Stress concentration at this position is comparatively small, which is
shown in Fig. 4.26B. Therefore, in order to clarify the fatigue failure mechanism
of threaded fasteners, it is necessary to evaluate the distributions of stress amplitude
along the thread root. In the following sections, the stress amplitude distributions
along the thread root in engaged threads are analyzed by helical thread models for
bolt-nut connections and body-side engaged threads. To clearly show the effect of
helical thread geometry, the shape of the joint is assumed to be axisymmetric, except
for the engaged thread portion. External force is applied as annular pulsating
tensile load.

4.7.2 Stress amplitude and fatigue failure of bolt-nut connections

In this section, the fundamental characteristics of stress amplitude along thread root of
coarse screw threads are shown first [119]. Next, the characteristics of stress ampli-
tude are compared between coarse and fine screw threads [94]. In Fig. 4.41, the shape,
dimensions and loading conditions of the analytical model are shown for a bolt-nut
connection of M16 with coarse thread. Thread pitch P is 2mm. Fastened plates are
composed of two identical hollow cylinders. Its thickness and outer diameter are
24 and 128 mm, and the inner diameter is 17.5mm, corresponding to bolt hole diam-
eter dj, of second grade. The nut is simply modeled as a round-shaped nut whose outer
diameter is equal to mean diameter B. Initial bolt stress o, is 100 MPa and coefficient
of friction is 0.15. Bolt force F;, is 20.1 kN, corresponding to ¢, = 100 MPa. The mag-
nitude of external force W is changed as the ratio of W to F,, such that W/F, is 1/3, 2/3,
1, 4/3, and 5/3. The external force is applied on the plate surface. The distance of the
loading point from the bolt axis r is changed to 16, 32, and 64 mm. The position of
r=16mm is located just outside the outer surface of the nut, since mean diameter
B is 25.375 mm.

Fig. 4.42 shows the FE model. Stress amplitude is defined by dividing the differ-
ence of the axial stress at thread root between under external load and in the initial
tightening state by two. Numerical results are shown in Fig. 4.43A and B for the cases
of r=16 and 64mm, respectively. The ordinate and abscissa represent the stress
amplitude and the distance from the nut-bearing surface. The number of engaged
threads is five, since the nut thickness is set to be 10mm. y,. in the figure denotes
the contact ratio, which is the ratio of the contact lengths at the interface in the radial
direction under external force and in the initial state. Namely, y.. is 1 in the initial state
and is zero when the interface completely loses contact. In the range of external force
W shown in Fig. 4.43, the interface is partly in contact, and no distinct peak is observed
in the stress amplitude distribution when W/F, is 1/3 and 2/3. Then, as W/F, reaches 1,
7. becomes fairly small and two sharp peaks appear at the first bolt thread root and the
root of thread runout. This indicates that as external force exceeds a certain level, the
progress of the interface separation is accelerated and the stress amplitude is rapidly
increased.
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Fig. 4.41 Shape, dimensions, and loading conditions of analytical model.

This phenomenon is consistent with the numerical results by axisymmetric FE
analysis shown in Fig. 4.35; that is, load factor is not constant for varying external
force and it shows a rapid increase just before the complete interface separation. When
external force W is further increased, the interface of fastened plates completely loses
contact and the stress amplitude starts to increase sharply, showing a similar pattern to
the distribution of thread root stress, as shown in Fig. 4.18. In Fig. 4.44, the numerical
results for r=16mm are shown, where the interface completely loses contact. It is
recognized that the stress amplitudes at the first bolt thread root and the root of thread
runout rapidly approach the critical level, by which fatigue failures occur after the
complete separation.

Stress amplitudes produced in fine screw threads are analyzed by using the FE
model shown in Fig. 4.21, which was used for evaluating stress concentration. In
Fig. 4.45, the effect of thread pitch P on the stress amplitude distribution along thread
root is examined for M 16, in which P is changed to 2, 1.5, and 1 mm [94]. Initial bolt
stress oy, is 100 MPa and the radius of the loading point 7 is 64 mm. The magnitude of
external force W is equated to bolt force F, i.e., W/F,= 1. Focusing on the maximum
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Fig. 4.42 FE model of bolted joint with
helical thread geometry.

stress amplitude, there is almost no difference between the cases of P=2 and 1.5 mm.
However, in the case of ultrafine pitch screw threads with P =1 mm, the stress ampli-
tude is reduced distinctly. The fatigue strengths of coarse and fine screw threads with
identical nominal diameter can be predicted to a certain extent, by the relationship
between fatigue limit o,, and the ratio of thread pitch to nominal diameter, P/d,
depicted in Fig. 4.30.

The corresponding values of P/d are indicated by three arrows on the abscissa in
Fig. 4.30. According to Fig. 4.30, fatigue limit o,, is first reduced with decreasing
P and then o, starts to increase. Therefore, it is considered that P =1.5mm belongs
to the region in which the minimum value of ¢, is generated. P=1mm belongs to
ultrafine threads, where the decrease in thread pitch leads to a large reduction
in fatigue limit. In other words, a slight difference in thread pitch can cause a large var-
iation of fatigue limit in the region of ultrafine threads. It should be pointed out here that
loading conditions are different between the numerical analysis and the experiments.
Besides, it is not necessarily appropriate to discuss the magnitude of fatigue limit only
by the stress amplitude. However, it can be said that the numerical results in Fig. 4.45
are consistent, to some extent, with the experimental ones given in Fig. 4.30.
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4.7.3 Stress amplitude and fatigue failure of engaged threads
in main body side [20]

Stress concentrations in body-side engaged threads were discussed in Section 4.3.3.
They show some different behaviors from those in bolt-nut connections, due to high
stiffness of female threads. As for fatigue failures, they sometimes occur at different
locations from bolt-nut connections, as explained in Section 4.4.2. For example, the
large end of the connecting rod of a diagonally split type is the most fragile part,
due to fatigue failure, in medium speed diesel engines. In those cases, fatigue cracks
occur not only in the crank pin bolts, which tighten the cap to the large end, but also
in the female threads machined in the large end portion, whose structure is shown in
Fig. 4.46. The mechanism of such types of fatigue failure is examined from the
view-point of stress amplitude. The FE model shown in Fig. 4.25 is used for numerical
analysis again. Initial bolt stress o, is changed to 100, 200, and 300 MPa, among which
the case of o,;= 100 MPa is the standard condition. Bolt forces F), corresponding to the
above initial bolt stresses are 20.1, 40.2, and 60.3kN, respectively. Other analytical con-
ditions are the same as the numerical analysis of bolt-nut connections.

Fig. 4.47A and B shows the stress amplitude distributions along the bolt thread root
and body-side female thread root. Loading position r of the external force W is 16 mm.
In the bolt side, the maximum stress amplitude of about 18 MPa is generated at the
third thread root. On the other hand, in the body-side female threads, the stress ampli-
tude occurring at the far end root exceeds 30 MPa. This result is consistent with the
accidents occurring in actual machines and reported in the previous paper. That is,
in body-side engaged threads, fatigue failures are likely to occur not only at the bolt
thread root but also at the far end thread root of female threads [108]. Fig. 4.47C shows
the stress amplitude distributions along the female thread root of bolt-nut connections
under the same analytical conditions. The maximum stress amplitude in this case is

inertia force

explosion force

large end of
connecting rod

Fig. 4.46 Fatigue failure of large end of connecting rod.
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considerably smaller than that of the body-side female thread. Accordingly, it is con-
cluded that the fatigue failure occurring at the far end female thread root is a phenom-
enon inherent to the body-side engaged threads. Meanwhile, the maximum stress
amplitude in Fig. 4.47B is about 30 MPa, which is not so high as to cause fatigue fail-
ure. That is because the initial bolt stress 6,; is set to be low, i.e., 6,;= 100 MPa and the
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corresponding bolt force F, is 20.1kN. In the case treated here, when the external
force W slightly larger than 20.1kN is applied, the interface becomes completely sep-
arated, then the stress amplitude starts to increase sharply. Therefore, if the bolt force
and the external force are further increased at the same rate, the maximum stress
amplitude can easily reach a critical value, leading to a fatigue failure.

Fig. 4.48A and B shows the stress amplitude distributions along the bolt thread root
and body-side female thread root after the occurrence of complete separation at the
plate interface, due to larger external force. The magnitude of W/F, is changed to
4/3 and 2. In this case, the stress amplitudes in the body-side female threads show
a significant increase. However, the maximum stress amplitude occurring in bolt
threads is even higher than that in female threads. Shown in Fig. 4.49A and B are
the relationship between the maximum stress amplitude and the external force W,
in which W is normalized with respect to bolt force F,. y. denotes the contact ratio
previously defined. In the male thread side, the maximum stress amplitude occurs
at the point symbolized by 2.5P until W/F,, exceeds 1 and reaches complete separation.
Meanwhile, the location 2.5P represents the third bolt thread root and is two and half
pitches away from nut-bearing surface. After the complete separation, the maximum
stress amplitude occurs at the first bolt thread root. For comparison, stress amplitudes
in a bolt-nut connection are also given in the figure by a dashed line. The figures in the
parentheses represent the contact ratio y.. In the female thread side, the maximum
stress amplitude is produced at the far end thread root until W/F, exceeds about
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1.5 after the complete separation. This result supports the position at which fatigue
failures are likely to occur in the body-side female threads of actual jointed portions,
as explained in Figs. 2.1 and 4.46.

As the interface separation progresses, the stress amplitude at thread root is
increased. In order to suppress the amplitude to a low level, it is effective to raise
the initial bolt force. Therefore, from the practical point of view, it is necessary to
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clarify how much bolt force increase is required against the predicted increase of
external force. Fig. 4.50 shows the effects of bolt force F;, and external force W on
the maximum stress amplitude occurring in body-side female threads. Initial bolt
stress 6y, is varied from 100 to 500 MPa with increments of 100 MPa. It is found from
the figure that the maximum stress amplitude is almost proportional to initial bolt
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stress when the ratio of external force to bolt force, W/F, is constant. From the prac-
tical point of view, it can be rephrased as follows:

1) Under constant external force, the maximum stress amplitude can be reduced by raising ini-
tial bolt force.

2) When bolt force is raised at the same rate as the increase of external force, the maximum
stress amplitude is also increased proportionally, thus leading to a highly risky state.

The second phrase is particularly important when designing bolted joints. Anyway,
the aforementioned results indicate the same phenomena as those in the case of bolted
joints subjected to nonaxisymmetric loading, as shown in Fig. 4.40B in Section 4.6.2.
In conclusion, the primary countermeasure for lowering the stress amplitude is to set
the initial bolt force as high as possible.

4.7.4 Stress amplitude and plastic deformation [20]

Plastic deformations are produced around thread roots with comparative ease under
low bolt force, because high stress concentration is generated there. The effect of
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plastic deformations on the stress amplitude at the thread root is examined in this sec-
tion. Using the same FE models and analytical conditions as those in the previous sec-
tion, a constitutive equation proposed by Swift is applied to express the stress—strain
relationship in the plastic region:

0.0743
o =839.48(0.0002+2") (4.18)

The above equation was obtained by tensile tests of bolt materials [48]. 6 and £ denote
true stress and plastic strain, respectively. Yield stress oy is found to be 446 MPa from
the equation. Fig. 4.51 shows the stress amplitude distributions along body-side
female thread root when bolt stress o, is 400 MPa, which is about 90% of oy. External
force is applied three times as annular pulsating tensile load. Numerical results by
elastic analysis are also given in the figure. Comparing to the results by elastic anal-
ysis, a considerable difference is observed in the first cycle, but the difference
becomes small after the second cycle. Although not shown in the figure, similar results
are obtained for o, =300MPa. Therefore, for the purpose of evaluating the stress
amplitude at thread root, it is considered that elastic analysis can provide results with
practically sufficient accuracy. [llustrated in Fig. 4.52 is the relationship between the
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Fig. 4.51 Effect of plastic deformation on stress amplitude.
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stress at the bolt thread root and the strain of the bolt cylindrical portion. It explains the
phenomena shown in Fig. 4.51. In the first loading cycle, plastic deformations are
progressed, which raises the yield stress after the second loading cycle. However, after
the second loading cycle, the stress amplitude becomes almost the same value as the
one obtained by elastic analysis, since the subsequent unloading and reloading pro-
cesses move on the same straight line repeatedly.

4.8 Improvement measures of fatigue strength
of threaded fasteners

Fatigue strength of threaded fasteners is influenced by a variety of factors, such as
joint materials, nominal diameter, thread pitch, joint geometry, tightening and loading
conditions, magnitude of external force, stress gradient at thread root, etc. Therefore,
several countermeasures can be considered to raise the fatigue strength. Meanwhile,
the most dominant factor affecting the fatigue strength is the stress amplitude exerted
on threaded portions. Hence, in order to raise the fatigue strength, it is important to
suppress the bolt force variation when subjected to external force. More specifically,
the stress amplitude at thread root, at which cracks are likely to initiate, should be
lowered. Some practical methods to lower the stress amplitude are listed below.

1) Design the bolt stress as high as possible within the allowable range of static strength

Aiming at preventing interface separation or suppressing the extent of separation as
much as possible, initial bolt stress should be higher as long as the static strength does
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not matter. It is shown in Fig. 4.50 that when the ratio of external force to bolt force is
kept constant, the maximum stress amplitude occurring at bolt thread root increases
almost proportional to bolt stress. Accordingly, when external force is increased for
some reason, bolt force must be raised to an extent that exceeds the increasing rate of
external force.

2) Use of low stiffness bolts

As is evident from the bolted joint diagram, bolt force variation becomes small when a
bolt is deformable and fastened plates are difficult to deform under external loads. In
other words, it is desirable for the spring constant of the bolt-nut connection &, to be
small and that of fastened plates & to be large. Slender bolts or hollow bolts, as shown
in Fig. 4.53A and B, are sometimes used to realize the former countermeasure. In slen-
der bolts, the cylindrical portion diameter is smaller than nominal diameter. A crank
pin bolt used for clamping the large end of internal combustion engines, shown in
Fig. 4.53C, is a kind of slender bolt. Axial stiffness of the bolt is decreased in propor-
tion to the cross-sectional area of the bolt. The product of Young’s modulus E times
second moment of area / is termed bending stiffness. The amount of / is significantly
reduced just by slightly reducing the diameter. Hence, slender bolts are effective to
lower the stress amplitude of the joint under bending loads.

In Fig. 4.54A, the effectiveness of slender bolts is examined by evaluating the stress
amplitude distribution along bolt thread root using helical thread FE models. The ana-
lytical object is a bolt-nut connection of M 16 with coarse thread, in which the diameter
of cylindrical portion is reduced to be equal to thread root diameter. Other analytical
conditions are the same as those in Section 4.7.2. It is found that stress amplitudes in
slender bolts around the first bolt thread root are lower than those in ordinary bolts,
depicted by solid lines. However, it the complete separation occurs at the interface due
to the increase of external force W, slender bolts have no effect on the reduction of
stress amplitude around the first bolt thread root, which is shown in Fig. 4.54B. As
for hollow bolts, shown in Fig. 4.53B, their axial stiffness is reduced in proportion
to the cross-sectional area. However, it can hardly be expected to enhance the fatigue

Fig. 4.53 Special bolts aiming at
lowering stress amplitude.

(A) Slender bolt, (B) hollow bolt, and
(C) crank pin bolt.

(2) (b) ()
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strength under bending loads, because the reduction rate in bending stiffness, repre-
sented by second moment of area, is very small. The logic is easily understood using
an elementary theory of solid mechanics.

Bolt stiffness can also be reduced by manufacturing the target bolt using materials
with low Young’s modulus. Referring to table 1.4, Young’s modulus of titanium alloy
is just over 50% of that of carbon steel, which implies that if bolts made of titanium
alloy with identical geometry are used instead of carbon steel bolts, a similar effect to
the use of a bolt that is twice as long is expected in lowering the bolt stiffness. In
Fig. 4.55, stress amplitudes along bolt thread root are compared for varying bolt mate-
rials, i.e., pure titanium, titanium alloy, and carbon steel, where fastened plates are
made of carbon steel in all cases [25]. In the numerical analyses, the FE model shown
in Fig. 4.42 is used and the boundary and loading conditions are the same as in
Section 4.7.2. External forces are applied annularly at the distance of 16 mm from
the bolt axis. The plate interface is partly in contact. Using titanium or titanium alloy
bolts, the maximum stress amplitude occurring at the first bolt thread root is reduced to
about two-thirds of that of carbon steel bolts. Although involving a problem of high
cost, titanium and titanium alloy bolts have low Young’s modulus and low coefficient
of linear expansion, thereby being unlikely to loosen under thermal load as well. It is
considered, therefore, that titanium and titanium alloy bolts possess great potential for
application to high value-added joints.
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Fig. 4.55 Effect of titanium bolts in lowering stress amplitude.
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3) Design the bolt locations so as to lower bolt force variation

Bolts should be aligned so as to lower the bolt force variation against the external force
to be applied. For example, when subjected to eccentric external loads, as shown in
Fig. 4.37A, bolt force variation due to bending moment can be reduced by locating the
bolt as close to the point of effort as possible, which is evident from the explanation in
Section 4.6.1. This method is effective when the width of fastened plates is larger
above a certain extent against the bolt diameter.

4) Modification of joint geometry so as to lower bolt force variation

If large bending moment is exerted on the objective bolt due to external force, the
interface separation is likely to occur and is easily progressed. Hence, it is sometimes
effective to modify the joint geometry for lowering bolt force variation. A concrete
example is shown in Fig. 4.56. Protrusions of length L., are added at the end of jointed
portion for the FE model illustrated in Fig. 4.39, by which the distance from the bolt
axis to the left end of the fastened plates is increased.

In Fig. 4.57A and B, the relationship between the maximum stress occurring at bolt
thread root and external force W is depicted. The plate thickness /4 is 30 and 20 mm,
respectively. The maximum stress is produced at the thread root of the right side of the
bolt, in which the tensile stress is increased due to the action of bending moment
induced by the external force. In either case, the increase rate of the thread root stress
is decreased owing to the added protrusions. Specifically, the gradient of the curve that
relates the maximum stress to W is reduced in the region where the interface separation
is considerably progressed. In the case of #=20mm, the effect of reducing the max-
imum stress is saturated at smaller L., compared to the case of #=30mm, and the
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(B) =20 mm.

degree of reduction effect is also lower. This mechanism can be explained, in connec-
tion with the bending moment exerted on bolt, by the plate stiffness and the distance
between the bolt axis and fulcrum. The second moment of area I of beam or plate is
proportional to the cube of plate thickness. Accordingly, since the bending stiffness of
plate in proportional to the cube of # when identical materials are used, the bending
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deformation of #=30mm is considerably smaller than that of #=20mm. This implies
that the case of #=30mm is more suitably simulated by the simple model illustrated
in Fig. 4.37B, where the jointed portion is wholly assumed to be a rigid body. As a
result, the distance between the bolt axis and fulcrum becomes shorter in the case
of h=20mm due to larger deformations, as predicted from the deformation patterns
shown in Fig. 4.38B and C. Hence, it leads to the increase in the magnification ratio of
external force L/L,. To summarize the above, the fulcrum should be removed from the
bolt axis as far as possible to suppress the bolt force variation when subjected to exter-
nal force.

5) Considerations in the effectiveness of long bolts

Since the spring constant of bolt-nut connection k;, is almost inversely proportional to
bolt length, it is effective to use long bolts. Comparing the case of Fig. 4.58A to the
shape of the jointed components on the left side in Fig. 4.58B, the use of a longer bolt
with identical nominal diameter decreases k;,, but the spring constant of fastened plates
ky also decreases correspondingly due to the increase in plate thickness. Therefore,
load factor of the jointed components, subjected to annular pulsating tensile load, can-
not be lowered. This is evident because &, and kyare decreased at the same rate in the
bolted joint diagram. Meanwhile, actual joints are often subjected to bending moment
due to eccentric load, as shown in Fig. 4.58B. To cope with those cases, a calculation
method is proposed by VDI 2230 [29] for evaluating the stress amplitude in bolts,
whose target is a joint subjected to eccentric load. However, the proposed method
by VDI does not necessarily provide sufficient accuracy for varying grip length.
Hence, in order to examine the effect of long bolts, it is recommended to evaluate
the stress amplitude occurred in bolts with the help of FEM by modeling the joint,
including the loading point.
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Fig. 4.58 Effect of long bolts in lowering stress amplitude. (A) Short bolt and (B) long bolt with
identical nominal diameter.
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Fig. 4.59 Relationship between cover shape of pressure vessel and load factor. (A) Convex
cover shape, (B) flat cover shape, and (C) concave cover shape.

For the bolted joints used in pressure vessels, shown in Fig. 4.59, the relationship
between joint geometry and load factor has been reported by Junker. He concluded
that the load factor decreases in the order of convex, flat, and concave cover shapes.
The idea is also followed by VDI 2230. However, no distinct difference is observed
among the three cases, according to the numerical results by FEM, in which the joint
geometry is precisely modeled, with constant grip length and bolt locations being
unchanged in all cases. This phenomenon can be explained by the fact that, under
the same external force, the magnitudes of axial tension and bending moment acting
on the target bolt are not influenced by the shape of cover. Hence, when designing a
joint like the one illustrated in Fig. 4.59, it is of primary importance to avoid or sup-
press the interface separation for lowering the stress amplitude. As a concrete mea-
sure, bolt force should be designed as high as possible within the range that other
problems won’t occur, and the strategies listed from 2) to 4) are selectively introduced
in accordance with the situation.

— Learning by numerical example 4.1: Bending stiffness of slender bolt and hollow bolt

For M16 bolts with coarse thread, the bending stiffness of slender bolts and hollow
bolts is compared to that of ordinary solid bolts. The bolt body diameter of slender
bolts is equal to the thread root diameter. The inner diameter of hollow bolts is half
the nominal diameter. Assuming equal Young’s modulus, bending stiffness can be
compared by means of second moment of area /. The second moment of area of a hol-
low bar, whose inner and outer radii are a and b, is expressed as I=n (b4 — a4)/4.
Substituting »=8 mm and ¢ =0mm, the second moment of area / for ordinary solid
bolts is calculated. [ for slender bolts is calculated by substituting b= 13.546/2 mm,
which is half the thread root diameter, and ¢ =0mm. / for hollow bolts is obtained
by substituting »=8mm and a =4 mm. The root diameter of slender bolts is calcu-
lated by use of the expression shown in numerical example 2.2.

The second moment of area / is calculated to be 3217, 1653, and 3015 mm* for solid
bolts, slender bolts, and hollow bolts, respectively. The bending stiffness of slender
bolts and hollow bolts is 51.4% and 93.7%, respectively, of the stiffness of solid bolts,
which substantiates the effectiveness of slender bolts in lowering the stress amplitude.
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Bolted joints under thermal load

5.1 Fundamentals of thermal and mechanical
behaviors of bolted joints

5.1.1 Thermal deformation and thermal stress [120]

When material bodies are heated, they are elongated; when cooled, they are shrunk, in
contrast. The amount of elongation or shrinkage ¢ is calculated as the product of coef-
ficient of linear expansion «,.,, temperature change AT, and the original length of the
object L.

8 = an ATL 5.1

The average coefficient of linear expansion of carbon steel is about 12 x 107, as
given in table 1.5. For example, as the temperature of a round bar of 1m length is
increased by as much as 100 °C from the ambient temperature, the bar elongates
by about 1.2mm. When the temperature of a material body changes, either thermal
expansion or shrinkage occurs, and thermal stresses are generated by constraining
the thermal deformation. A thin wire placed on the ground under the blazing sun is
elongated due to the temperature increase, but thermal stress is not generated in it
because the deformation is not constrained. In the case of a thick bar, thermal stress
is generated during the temperature rising process due to the temperature gradient pro-
duced in the body. Then, as the whole temperature becomes constant after a suffi-
ciently long time, the bar is regarded as being in the free expansion state and the
thermal stress disappears, as in the case of a thin wire.

When railroad rails are elongated beyond an allowable value under the blazing sun,
the rails adjacent to each other mutually constrain the deformations, thereby produc-
ing large compression forces. In actual machines and structures, thermal stresses due
to temperature gradient, occurring within the body, frequently becomes an issue. For
instance, when high temperature fluids flow in a pipeline, the inner surface temper-
ature of the pipe is elevated and a negative temperature gradient is generated toward
the outer surface. As a result, the portion around the inner surface is subjected to com-
pression stress because its free expansion is constrained. In contrast, tensile stress is
generated around the outer surface so as to be balanced with the compression stress.
When hot coffee is spilled on a table, some amount of compression stress is generated
on the table surface. That is because the free expansion of the heated portion is con-
strained by the surrounding materials under room temperature.

The most fundamental equation of thermal stress is derived by considering the case
of a straight bar that is uniformly heated or cooled and the deformations are
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completely constrained at both ends. Omitting the derivation process, only the
resulting equation is shown below:

0 = A, ATE 5.2)

In Eq. (5.2), the product of coefficient of linear expansion a,, and temperature change
AT is termed thermal strain. When the deformation is completely constrained, the
magnitude of thermal stress ¢ is determined by a,,, AT and Young’s modulus
E regardless of its length L. Supposing that a,,=12x10"°, E=200GPa, and
AT =100 °C, high compression stress of 6 =240 MPa is generated. In actual practice,
however, the magnitude of thermal stress becomes considerably smaller because the
ends of the heated object cannot be completely constrained.

Thermal stresses are also generated when thermal expansions or shrinkages of two
bodies are mutually constrained. When bolted joints are subjected to thermal load, a
bolt-nut pair and fastened plates constrain the opponent deformation. Accordingly, the
thermal stress produced by the foregoing mechanism has a high degree of similarity to
the bolt force variation due to thermal load. In Fig. 5.1, the temperatures of two bars
are raised as much as AT; and AT}, from the ambient one, in which axial deformations
are mutually constrained. It is assumed that the two bars are not bent even after elon-
gating and AT; > AT;; and @) > a,,;. The amounts of free expansion of bar [ and bar II
are expressed as a,AT,L and a,,;AT;L. Since the elongation of bar I is larger than
that of bar II, bar I is compressed and bar II is elongated. Supposing that the stresses
produced in bar I and bar II are ¢; (<0) and o, (>0), the following equilibrium
equation holds with respect to displacements, because the two bars are elongated
by the same amount:

oI

ﬂL = (Xex”AT[[L + —L (53)
1

aw([AT[L + E E[[

where E; and E; represent Young’s modulus of each bar.
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Fig. 5.1 Thermal stress generated in two bars whose deformations are mutually constrained.
(A) Initial state, (B) free expansion of two bars, and (C) stresses generated by thermal load.
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Denoting the cross-sectional area of each bar by A; and A;;, compression force pro-
duced in bar I, 0; A, is equal in size and opposite in sign to tensile force produced in
bar 11, (7} A”Z

1A = —oyAy 5.4

Solving Egs. (5.3) and (5.4) as simultaneous equations, the expressions for o; and oy,
are derived:

Q,

e Er { AT, — a—’ll ATII} o
- - = —Ka, EAT;

or = + AlE;
AnEn
Al
O] — ——— 0] (55)
Ay
_ Qe ATy
b7 e AT,
where K = #
AnEy

The first equation of Eq. (5.5) is given in the form of multiplying a,EAT; by K,
where the former term represents the thermal stress in bar I constrained at both ends. K
is termed restraint coefficient.

— Learning by numerical example 5.1: Elongation and thermal stress due to thermal load

Elongations of round bars of 50mm length, made of carbon steel, stainless steel, and
aluminum alloy are compared when the bar temperature is raised by as much as
100 °C from the ambient temperature. Substituting AT=100°C, L=50mm,
Uy =11.8x107%,17.3 x 1075, and 23.2 x 10 into Eq. (5.1), the amounts of elonga-
tion are calculated to be 0.059, 0.087, and 0.116 mm, respectively. Coefficients of
linear expansion of each material are the values at room temperature, cited from
table 1.5. Thermal stresses produced in the bars, of which both ends are completely
constrained, are calculated to be 244, 337, and 169 MPa, respectively, using Young’s
modulus of 207, 195, and 73 GPa, given in table 1.4. The product of coefficient of
linear expansion and Young’s modulus, a,.E, represents the amount of thermal stress
per temperature rise of one degree. Therefore, it is used as an index of the magnitude of
thermal stress generated in various materials. Values of a,,E for the three materials are
2.44, 3.37, and 1.69MPa, which indicates that it is easy to generate large thermal
stresses in stainless steels.

5.1.2 Mechanism of bolt force variation due to thermal load

When bolted joints are subjected to thermal load, bolt forces are increased or
decreased. The magnitudes of bolt force variation in those cases are sometimes in
the critical level to threaten joint safety, or can be at a negligible level. If bolt forces
are greatly increased, plastic deformations become a problem in the jointed compo-
nents, including threaded fasteners. On the contrary, when bolt forces are remarkably



220 The Mechanics of Threaded Fasteners and Bolted Joints for Engineering and Design

decreased, loosening of threaded fasteners matters. Listed in the following are the
mechanisms of bolt force variation due to thermal load:

1) Effect of the temperature difference between a bolt-nut pair and fastened plates

The temperatures in a bolted joint show a smooth distribution except at the interfaces,
such as nut- and bolt head-bearing surfaces. However, if the temperature difference
between a bolt-nut pair and fastened plates exceeds a certain value, bolt force is sub-
stantially varied. Approximate values of bolt force variation can be estimated by the
mean temperatures of a bolt-nut pair and fastened plates.

2) Effect of the material combination of a bolt-nut pair and fastened plates

Even if the joint temperature is almost entirely uniform, the combination of different
materials between a bolt-nut pair and fastened plates produces bolt force variation to a
greater or lesser extent. This is because the difference in coefficients of linear expan-
sion a,, between the two bodies generates different thermal expansions, as found from
Eq. (5.1). Therefore, even a slight difference can be a problem, because the bolt force
variation is proportional to the difference in a,,.

3) Effect of bolt length

The amount of elongation or shrinkage 6 due to thermal load is proportional to the
original length L of the objective body, as indicated by Eq. (5.1). In actual joints, when
longer bolts with identical nominal diameter are used, bolt force variation is increased
due to the effect of varying stiffness. The use of long bolts is effective for enhancing
the fatigue strength or preventing the loosening of threaded fasteners. In contrast, care
should be taken under thermal load because large bolt force variation is expected.

4) Effect of joint temperature variation with time

In many cases, bolt force reaches the maximum in a relatively short time after the start
of heating or cooling; then it decreases and approaches a constant value. The magni-
tude of the maximum bolt force is increased as the thermal conductivity of joint mate-
rials becomes small. A typical example is a bolted joint made of stainless steel. The
maximum bolt force is also increased with increasing heat flux supplied to the jointed
components.

5) Effect of heat flow direction

When jointed portions are subjected to thermal load, the direction of heat flow is per-
pendicular to or along the bolt axis in many cases. In the former case, a greater or
lesser bending moment is generated in addition to bolt force variation, due to the dif-
ference in thermal expansion between the upper and lower sides of fastened plates
regarding the heat flow direction. When the heat is supplied to the plate surface of
nut side or bolt head side, it is an example of the latter case. There is one more impor-
tance case: when the heat flows radially into fastened plates toward the bolt axis, the
temperature of fastened plates is necessarily higher than the bolt-nut temperature.
In this case, if the bolt-nut pair and fastened plates are made of identical materials,
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the bolt force is increased. However, if the coefficient of linear expansion of the bolt-
nut material is larger than that of fastened plates, the bolt force could be reduced as
time goes by. For instance, combining a bolt-nut pair made of stainless steel with fas-
tened plates made of carbon steel, the bolt force may be significantly reduced because
the coefficient of linear expansion of stainless steel is about 1.5 times larger than that
of carbon steel.

6) Effect of stiffness reduction due to temperature dependence of Young’s modulus

Young’s modulus is usually decreased with increasing temperature, as shown in
table 1.4. When bolts, nuts, and fastened plates are all made of identical materials
and are heated up to the same temperature, the thermal strains generated in them
are also equal, as well as the amounts of elongation. However, bolt force may be
decreased due to the reduction in Young’s modulus, as predicted by Hooke’s law.
As an important example, the stiffness of sheet gaskets, widely used in pipe flange
connections, is largely reduced at high temperature. Hence, it may cause a significant
reduction in bolt forces in the running condition.

7) Effect of the change in environmental conditions around jointed components

When the coefficient of heat transfer on the joint surface is large, it might be the cause
of bolt force reduction, because the surface temperature and the temperature gradient
inside the joint become changeable. For example, in the case of large machines or
structures operating at high temperature and located outside, bolt forces may signif-
icantly vary if the surface temperature substantially changes due to rainfall or other
reasons.

8) Effect of heat flow through the interface or small clearance gap existing around the joint

Regarding the heat flow through the interface and small clearance gap, its amounts can
be quantitatively evaluated by thermal contact coefficient 4. and apparent thermal
contact coefficient 4,, explained in section 2.7. Since thermal contact coefficient /..
varies according to thermal conductivity and Vickers hardness of contacting bodies,
contact pressure, and surface roughness, the amount of /. varies depending on the joint
materials, surface conditions, and tightening conditions. As a result, when the joint is
subjected to thermal load, the contact pressure changes due to the difference in ther-
mal expansion among clamped parts, and hence, the amount of 4. varies with time.
Apparent thermal contact coefficient %, varies with gap size. In bolted joints, A,
becomes an issue at the gap existing around bolt holes and at the clearance flank
in engaged threads. The gap size around bolt holes increases in the order of first, sec-
ond, and third grade of bolt hole diameter d;,. In the case of M16 bolt, d;, is 17, 17.5,
and 18.5 mm, respectively; thereby the clearance between the bolt and fastened plates
being 0.5, 0.75, and 1.25mm. This means that the heat becomes easier to transfer as
the bolt hole grade is increased. On the other hand, the gap size around the clearance
flank is very small, hence, a considerable amount of heat flows through it. Accord-
ingly, the heat flow causes a substantial change in gap size due to the temperature
increase around engaged threads.
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5.1.3 Simple formula for calculating bolt force variation

In order to evaluate the bolt force variation under thermal load, the introduction of
numerical analysis is often required, especially for the transient state where not
much time has passed after the start of heating. On the other hand, when the tem-
perature field is in a steady state after a sufficiently long time and the temperature
gradients in the bolt-nut pair and fastened plates are not so large, approximate values
of bolt force variation can be obtained by utilizing the equations given in
Section 5.1.1.

Fig. 5.2 illustrates a bolted joint whose bolt force is changed due to thermal
load. Although the temperatures in actual bolted joints usually show complex dis-
tribution patterns, some simple formulas are derived for calculating bolt force var-
iation using the mean temperature of each part. Let temperature increases in the
bolt-nut pair and fastened plates be AT, and ATy, coefficients of linear expansion
ap and ag, and Young’s moduli £, and Ex The amounts of bolt stress variation and
compression stress variation in fastened plates are denoted by As;, and Asy. Bolt
stress o, is defined by use of bolt cylindrical area A, whose diameter is equal to
nominal diameter d. Cross-sectional area of fastened plates is changed according
to the joint configuration shown in fig. 1.12. In this section, for simplicity, a thin
cylinder is treated, which is uniformly compressed because of its small outer diam-
eter. Equilibrium equations of displacements and forces in the bolt-nut pair and
fastened plates can be expressed in the same form as Egs. (5.3) and (5.4) by
denoting grip length as Lz

AG}, _
I, Lr =arbpATy+

AGfo

(X},LfATb +
Ey (5.6)

AU},A = —AGfAf

where Ay represents the cross-sectional area of fastened plates.

[ ma
T thermal T Z T
L i; ;Jir’} 10’,,+A0'h
)} Y
L 1J |

Fig. 5.2 Bolt force variation in a bolted joint subjected to thermal load.
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Solving Eq. (5.6) as simultaneous equations, Ac;, and Aoy are obtained. Then, AE,/
Lyand A/ ,/Lythat represent the axial stiffness are replaced by the spring constants of
bolt-nut pair and fastened plates, k;, and k.. Considering that Ac,A is equal to bolt force
variation AF, the following equation is derived;

(abAT;, — (XfATf)Lf
LI
ky © kg

AF, = — (5.7)

Various assumptions have been made to derive Eq. (5.7). However, it can provide
approximate values of bolt force variation once the mean temperature variations of
the bolt-nut pair and fastened plates under thermal load and their material constants
are given. When the bolt-nut pair and fastened plates are made of an identical material
and their coefficients of linear expansion are also equal, Eq. (5.7) is rewritten as fol-
lows by equating ay to ay:

(AT, — ATy)Ly

.1
ky kg

AF), =

(5.8)

When the bolt-nut pair and fastened plates are made of different materials and the dif-
ference in temperature between them is small, Eq. (5.7) is rewritten as follows by
substituting AT, =AT;=AT:

ap —ar)ATL

AF, = — % (5.9)
k ks

In many cases, bolts, nuts, and fastened plates are made of identical or similar mate-
rials. In which case, the difference in temperature between the bolt-nut pair and fas-
tened plates is commonly rather small in steady state. Referring to Egs. (5.7)—(5.9), the
mechanical behavior of bolted joints under thermal load is summarized as follows,

regarding bolt force variation:

(1) Bolt force variation AF, is proportional to the difference in coefficients of linear expansion
between a bolt-nut pair and fastened plates.

(2) Since AF}, is in proportion to AT, which is the temperature variation from the initial tem-
perature, bolt force variation is increased as the temperature rise or drop gets larger.

(3) As for the effect of grip length Ly, AF ), is apparently increased in proportion to L. However,
the rate of variation is actually lowered because spring constants of a bolt-nut pair and fas-
tened plates, k;, and kg, are decreased due to the increase of Ly.

As an example of case (1), combining a bot-nut pair made of carbon steel and fas-
tened plates made of austenitic stainless steel, bolt force F), is increased, AF;, >0,
due to a;, < ay when the joint temperature is raised. On the contrary, I}, is decreased,
AF, <0, when cooled. In the case of a bolt-nut pair and fastened plates being made of
different materials, the bolt force variation is proportional to the difference in
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coefficients of linear expansion between them, according to Eq. (5.9). This relation-
ship suggests the difficulty in constructing a joint with different materials. Hence,
when combining different materials in a bolted joint, it is highly recommended to
use accurate values of the coefficient of linear expansion. This situation is quite
different from the case in which there exists a difference in Young’s modulus in
connection with Hooke’s law.

For instance, comparing the cases of Young’s modulus being 200 and 206 GPa, the
difference in stress is about 3% in elastic analysis. In contrast, only a slight difference
between a;, and aycan produce large bolt force variation AF,, because it is proportional
to the product of the difference (o), — o) times temperature increase AT. It is therefore
concluded that more attention should be paid in determining the values of a;, and af
than those of Young’s modulus. Regarding the effect of grip length explained in (3),
both fatigue strength and antiloosening performance are enhanced with larger grip
length. On the other hand, it is also important to remember that larger grip length pro-
duces larger bolt force variation under thermal load.

— Learning by numerical example 5.2: Effect of difference in coefficient of linear expansion
on bolt stress variation

For a bolt-nut connection of M 16 with coarse thread, bolt stress variation Ao, is calcu-
lated for the cases of the ratio of grip length to nominal diameter, L/d, being changed to
2,4, 6,8, and 10. Other conditions are the same as those in numerical example 2.1.

A bolt-nut pair and fastened plates are made of carbon steel and stainless steel,
respectively. Temperature increase from the ambient AT is supposed to be 100 °C.
Material constants and thermal properties at room temperature are used referring to
tables 1.4 and 1.5. Young’s moduli are 207 and 195 GPa for carbon steel and stainless
steel, respectively, and coefficients of linear expansion are 11.8x107° and
17.3 x 10°. Substituting AT =100 °C into Eq. (5.9) and using the foregoing values,
bolt force variation AF, is calculated and then Ao, is obtained. The resulting values of
Aoy, are found to be 45.9, 55.0, 58.9, 61.0, and 62.4 MPa in ascending order of L/d. If
the material combination is switched, bolt stress is naturally reduced by the same
amount. The rate of bolt stress variation is decreased as grip length L, increases.
The mechanism can be explained by considering the relationship between grip length
and the two spring constants, k;, and k. In addition, for bolted joints with similar form,
the amount of Acy, is hardly influenced by nominal diameter of bolts.

— Learning by numerical example 5.3: Effect of temperature difference among jointed com-
ponents on bolt stress variation

A bolt-nut pair and fastened plates are all made of carbon steel. Mean temperature of the
bolt-nut pair is supposed to be 10 °C lower than that of the fastened plates. Under the
same conditions as those in numerical example 5.2, bolt stress variation Ag,, is calcu-
lated by substituting —10 °C into the term representing the temperature difference in
Eq. (5.8). Young’s modulus is set to be 207 GPa. The resulting values of Ao}, are found
to be 10.0, 12.0, 12.8, 13.3, and 13.6 MPa in ascending order of L/d. Aoy, is increased
with increasing grip length, but the rate of increase is gradually decreased.
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Fig. 5.3 Experimental setup for measuring thermal contact coefficient.

5.2 Evaluation method of amount of heat transferred
through contact surface

5.2.1 Measuring method of thermal contact coefficient

Thermal contact coefficient 4. (W/mzK) represents the amount of heat flux ¢ (W/mz)
flowing through the contact surface per unit temperature difference, which has the
same dimension as coefficient of heat transfer:

-4
h, = AT (5.10)

To evaluate A, it is necessary to measure heat flux ¢ and temperature difference AT
between mating surfaces. Fig. 5.3 shows a measuring device for thermal contact coef-
ficient. Utilizing a lever mechanism, two round-bar test specimens are pressed at con-
stant pressure, and the upper end surface of the upper specimen is heated by a rubber
heater. Temperature distributions around the interface between the two specimens are
measured by infrared thermography. AT is obtained by extrapolating the measured
surface temperatures of both specimens to the interface. Using the temperature gra-
dient evaluated by the temperature distributions, heat flux ¢ is calculated with the help
of Fourier’s law. The calculation procedure is explained in detail in [121]. In the case
of the two specimens being made of identical materials, evaluated is the thermal con-
tact coefficient at the interface of identical materials [122]. In the case of the combi-
nation of two different materials, thermal contact coefficient at the interface of
dissimilar materials [121] can be evaluated in the same manner. Mating surfaces of
the two specimens are machined so as to achieve common values of arithmetic mean
roughness R, 0.8, 1.6, 3.2, and 6.4 pm. Contact pressure at the interface is raised to
about 50 MPa.
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5.2.2 Thermal contact coefficient at interface composed
of identical materials [122]

By conducting experiments for commonly used materials for threaded fasteners and
jointed portions, i.e., carbon steel (S45C, SS400), stainless steel (SUS304), aluminum
alloy (A2024), and pure aluminum (A1050), the following equation has been derived
for evaluating thermal contact coefficient at an interface composed of identical

materials:
B, .
Ho) oy _C2 1 (5.11)

he = 10° |14

Rat™ Rat™

Rat = Ra; + Ra,

c1 = 0.06€[0.055, 0.065]
¢z = 0.09€[0.085, 0.095]
my, = 0.8€[0.8,0.9]

n, = 0.7€[0.7,0.8]

In Eq. (5.11), 4, p,,, and Hv represent thermal conductivity (W/mK), contact pressure
(MPa), and Vickers hardness, respectively. Ra, is the sum of arithmetic mean rough-
ness of mating surfaces, Ra; and Ra,. ¢y, ¢, my,, and ny, are related constants. Eq. (5.11)
indicates that thermal contact coefficient at the interface composed of identical mate-
rials /. is proportional to two-thirds power of the ratio of contact pressure to Vickers
hardness, p,/Hv, and it is directly proportional to thermal conductivity A. It also shows
that /.. is decreased as surface roughness increases, which makes the heat less likely to
be transmitted. Eq. (5.11) is also applicable to an interface composed of pure titanium
(TB340), titanium alloy (Ti6Al4V), and heat-resistant nickel alloy (Inconel 600) [25].
Since thread surface, nut-bearing surface, and bolt head-bearing surface in a bolted
joint are subjected to high contact pressure, thermal contact coefficients there become
high. As for the interface existing in fastened plates, contact pressure decreases radi-
ally outwards with distance from the bolt axis, according to the concept of the pressure
cone. There is one important point concerning /.: the distribution patterns of contact
pressure at the interface in bolt-nut connections are quite different from those at the
interface adjacent to body-side engaged threads. When subjected to thermal load, bolt
force is changed and the contact pressure is varied correspondingly. Hence, when
evaluating thermal and mechanical behaviors of bolted joints by FEM, it is possible
to take account of the effect of contact pressure varying with heating or cooling time
using Eq. (5.11), because A, can be expressed as a function of contact pressure p,,.

5.2.3 Thermal contact coefficient at interface composed
of dissimilar materials [121]

In bolted joints, different materials are sometimes used for threaded fasteners and fas-
tened plates. To cope with such cases, research on thermal contact resistance at inter-
faces composed of dissimilar materials was performed intensively from the late 1950s
to the 1960s. It has been reported that the amount of thermal contact resistance varies
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depending on the heat flow direction even for the same combination of contacting
materials [123]. However, few studies have been reported that propose an
equation for quantitatively evaluating the thermal contact resistance. Accordingly,
for an interface composed of commonly used engineering materials, i.e., carbon steel,
stainless steel, and aluminum alloy, thermal contact coefficient /. at the interface
composed of dissimilar materials is measured by the experimental setup shown in
Fig. 5.3. Using the experimental results, the following empirical equation is proposed
in the same form as Eq. (5.11):

(pn 7 p, )7
— 105 | o g, NI . (”"2) €3
h(‘ =10 61/11 Ral"™ + 62/12 Rat™ + Rat™ (512)

Rat = Ra, + Ra,

¢1 = 0.01€[0.008,0.017]
¢ = 0.025€[0.013,0.036]
c3 = 0.15€[0.1,0.2]

my, = 1.0€[0.7,1.1]

n, = 0.8

The symbols are commonly used with Eq. (5.11). Two different materials are identi-
fied by adding subscripts “1” and “2” to thermal conductivity 4 and Vickers hardness
Hpv. The first term in the bracket is related to the material at higher temperature and the
second one is at lower temperature.

Fig. 5.4 shows the measurement results for the combination of carbon steel and
stainless steel. It is found that thermal contact coefficient /4. for the heat flow from
carbon steel to stainless steel is lower compared to the case of the heat flow in the
reverse direction. This situation can be generalized as the heat flow from higher ther-
mal conductivity materials to lower ones. Therefore, it can be concluded that thermal
contact coefficient at an interface composed of dissimilar materials becomes higher
when the material on the low temperature side has higher thermal conductivity.
Eq. (5.12) is also applicable to cases where pure titanium or titanium alloy is combined
with carbon steel or stainless steel [25].

5.3 Evaluation method of amount of heat transferred
through a small gap [124]

As explained in section 2.7, a small gap exists between the bolt cylindrical portion and
the bolt hole surface of fastened plates, ranging from about 0.2 to 5Smm. The gap size
around the clearance flank of engaged threads, at which thread surfaces of male and
female threads are not in contact, is even smaller. In any case, those mating surfaces
cannot be treated as an insulated boundary and a certain amount of heat is transmitted,
although they are separated by a thin air layer. Fig. 5.5 illustrates the measuring
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method of the heat flow through a small gap. The gap size is finely adjusted utilizing a
micrometer mechanism. A rubber heater is mounted on the outer surface of the left test
specimen, and the measurement is carried out at various levels of gap size. Apparent
thermal contact coefficient /4, is calculated as the amount of heat flux per unit tem-
perature difference between the two plates. It is obtained by the balance of the heat
flowing through the gap and the heat dissipated into the environment.

Fig. 5.6 shows the experimental results: /4, increases as the gap size is decreased.
This tendency becomes remarkable when the gap size approaches as small as 1 mm. In
the region of the gap size being less than 0.5mm, %, shows a steep increase. The
figure also shows that some amount of heat still flows through the gap at about
3mm. Assuming that the heat flow consists of heat conduction through the air layer,
convection, and radiation, /, is expressed by the following equation:

/1air

h, = 5 + hey + hy (5.13)

where 1,;, and J,;, represent thermal conductivity of air and the gap size, respectively.

The coefficient of convection heat transfer .., is measured to be 25 W/m’K. The
coefficient of radiation heat transfer 4, [124] can be calculated using the emissivity of
the object, etc. It is found from Fig. 5.6 that the proposed equation, Eq. (5.13), approx-
imates the experimental results fairly well.
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5.4 Thermal contact coefficient and apparent thermal
contact coefficient in bolted joints

Fig. 5.7 schematically shows the heat flow in a bolted joint subjected to thermal load.
Thermal contact coefficient /. and apparent thermal contact coefficient /1, become an
issue at the interface listed below:

(1) Thermal contact coefficient 4.: nut-bearing surface, bolt head-bearing surface, plate inter-
face, contact surface of pressure flank.

(2) Apparent thermal contact coefficient /,: around bolt hole, around clearance flank, plate
interface outside pressure cone.

Heat flow through a plate interface under contact pressure is evaluated by /.. Mean-
while, at an interface that is lightly in contact, the amount of heat flow is evaluated by
h. or h,, depending on whether the gap exists or not. In the case of gap size being reg-
arded as zero, zero contact pressure is substituted into the empirical equation of 4.,
since h, becomes infinite according to Eq. (5.13). As shown in Egs. (5.11) and
(5.12), thermal contact coefficient /. increases with increasing contact pressure. Mean
contact pressures on nut- and bolt head-bearing surfaces range from about 60% to 80%
of the bolt stress, referring to the area ratio of bolt cylindrical portion to nut-bearing
surface, depicted in fig. 3.32. Therefore, /. becomes very large, i.e., small thermal
contact resistance. However, the effect on the total heat flow is limited because of
its small area.

In the engaged thread portion, thread contact pressure increases toward the nut-
bearing surface from the top face of the nut, but the contact area is also small.
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Fig. 5.7 Heat flow in a bolted joint subjected to thermal load.
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In contrast, contact pressure at the plate interface is rather low because of its large
contact area. In that case, thermal contact resistance there is increased with distance
from the bolt axis, due to the specific contact pressure distribution illustrated in
Fig. 5.7, thereby significantly affecting the temperature distribution. The point to
notice is that a certain amount of heat flows even outside the pressure cone. This
occurs between plates that are lightly in contact or where small gaps exist due to
the warpage of plates. Furthermore, since /.. is proportional to thermal conductivity
of contacting materials, it has a large effect on temperature distributions in bolted
joints made of materials with low thermal conductivity like stainless steel. Another
important factor is surface roughness. As surface roughness is increased, /. decreases
and the effect on temperature distributions reveals itself remarkably.

Apparent thermal contact coefficient /4, sharply increases with decreasing gap size,
as shown in Fig. 5.6. Bolt hole diameter d,, of first, second, and third grades changes
approximately from 0.2 to 5 mm for bolts with nominal diameter ranging from M6 to
M64, as stated in section 2.7. This implies that a fair amount of heat flows through the
gap around the bolt hole when small bolts are used with a small bolt hole. As for clear-
ance flank in engaged threads, the gap size is very small and is varied when subjected
to thermal load. If small clearance exists at the plate interface outside the pressure
cone, due to plate deformations, the introduction of /4, may be required, depending
on the heat flow direction.

In the tightening operation using a bolt heater, explained in section 3.5, the amounts
of heat flow through nut- and bolt head-bearing surfaces can be evaluated by thermal
contact coefficient /. to estimate the total heat flow from the bolt to fastened plates. In
this case, i becomes very large due to high contact pressure, but its effect is limited
because the total amount of heat is small owing to the small contact area. The amount
of heat flow from bolt body to bolt hole surface of fastened plates is calculated by
apparent thermal contact coefficient /.. Although the value of 4, is considerably
smaller than that of %, the total amount of heat flow becomes fairly large, because
the related surface areas are large. The tightening process by use of a bolt heater
can be analyzed in detail by incorporating /. and 4, into FE formulation [81]. On
the other hand, if the target is a bolted joint with large grip length and the objective
is to estimate the approximate value of bolt force to be generated, it can be achieved by
a simplified analysis, as explained in section 3.5.2 [82], in which only the heat flow
through a small gap is considered using apparent thermal contact coefficient #,.

5.5 Analysis of thermal and mechanical behaviors
of bolted joints by FEM

5.5.1 Evaluation of thermal and mechanical behaviors using an
axisymmetric FE model

In order to evaluate the behavior of a bolted joint subjected to thermal load in detail, it
is necessary to perform three-dimensional analysis. On the other hand, if heat flow is
almost symmetric around the bolt axis, it can be dealt with by axisymmetric analysis.
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Moreover, when aiming at the collection of fundamental data necessary in the design
process, such as bolt force variation and heat flow in the jointed portion, axisymmetric
analysis could be an effective means.

In this section, the target is a bolted joint of cylindrical shape clamped with a single
bolt, which is subjected to axisymmetric heat flow inwards from the outer surface.
How the difference in material properties of the joint materials to be used and surface
roughness affect the bolt force variation with time and the joint temperature distribu-
tion is estimated. Nominal diameter of a bolt-nut pair is M16. Fastened plates are sup-
posed to be a single hollow cylinder. The grip length is 48 mm, the outer diameter is
96 mm, and the inner diameter is 17.5 mm, corresponding to a bolt hole diameter of
second grade. Initial bolt stress is 100 MPa and the total heat of 100 W is supplied, as a
uniform heat flux, from the side surface of the hollow cylinder. The other surfaces
exposed to the ambient temperature are assumed to be a convection boundary with
coefficient of heat transfer of 5W/m?K. The amounts of arithmetic mean roughness
Ra on thread surface and nut- and bolt head-bearing surfaces are set to be equal, and
Ra is changed to 1.6, 3.2, and 6.4 um, where 3.2 pm is the standard condition. The
effect of thermal contact resistance is considered by means of thermal contact coef-
ficient A, given in Eq. (5.11), for thread surface and nut- and bolt head-bearing
surfaces. Regarding the clearance flank in engaged threads and the small gap between
bolt cylindrical portion and bolt hole surface of fastened plates, apparent thermal con-
tact coefficient, given in Eq. (5.13), is used instead of 7.

Fig. 5.8 shows the temperature distributions in bolted joints made of carbon steel
S45C, stainless steel SUS304, and aluminum alloy A2024 after heating for 60 min.
Three-digit numbers in the figure represent the temperatures for each isothermal line.
In the numerical analysis, material constants at room temperature are used, given in
tables 1.4 and 1.5. The differences between the maximum and minimum temperatures
are 8 °C in aluminum alloy, 12 °C in carbon steel, and 33 °C in stainless steel. The
effect of the difference in thermal conductivity emerges markedly. In Fig. 5.9, the
effect of the joint material on bolt stress variation with time is depicted by dividing
bolt stress o, at each time by initial bolt stress o;,; of 100 MPa. Comparing to the tem-
perature distributions in Fig. 5.8, it is found that the joint materials with lower thermal

isothermal line.

Fig. 5.8 Comparison of temperature distributions in bolted joints made of different materials.
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Fig. 5.9 Effect of joint material on bolt stress variation with time.

conductivity show larger bolt stress variation, because low thermal conductivity pro-
duces large temperature difference between the bolt-nut pair and fastened plates. In
Fig. 5.10, the effect of surface roughness Ra is shown for joints made of carbon steel.
As Ra is increased, thermal contact coefficient A, at the interface is decreased. Thus,
the temperature difference between the bolt-nut pair and fastened plates increases and
the bolt stress is somewhat increased.

Fig. 5.11 shows the effect of the difference in coefficient of linear expansion
between the bolt-nut pair and fastened plates. By way of comparison, the results
for carbon steel, shown in Fig. 5.9, are also depicted in the figure. It shows that only
a slight reduction in the coefficient of linear expansion of the bolt-nut pair, from
11.8x 10 %t0 11 x 10 % and 10 x 10_6, causes a considerable increase in bolt stress.
In contrast, if the coefficient of the fastened plates is relatively small, bolt stress is
significantly reduced. This figure makes an important point that when a bolted joint
composed of different materials having fairly different coefficients of linear expan-
sion—such as the combination of carbon steel and stainless steel—is subjected to ther-
mal load, it may cause a significant loss in bolt force or a denting on nut- and bolt
head-bearing surfaces. Even if the bolt-nut pair and fastened plates are both made



234 The Mechanics of Threaded Fasteners and Bolted Joints for Engineering and Design

1.07
1.06 - o—0
o O @
@]
I o ¢ )
@] I A
1.05 T & youm—
£ 2 = = 2 &
1.04 —0
o)
. 103 .
o L
o}
1.02 -
E_ O Ra=6.4um
1.01 ?’ A Ra=3.2um )
zlfl LI Ra=1.6pm
15
0.99 L | | |
0 600 1200 1800 2400 3000 3600

Time (s)

Fig. 5.10 Effect of surface roughness on bolt stress variation with time.

of carbon steel-based materials, their coefficients of linear expansion are not exactly
the same. Therefore, as shown in Fig. 5.11, a small difference in coefficient of linear
expansion will inevitably exist and this produces a certain amount of bolt force var-
iation, even if the temperature of the jointed portion is uniformly elevated. This phe-
nomenon can be easily predicted from Egs. (5.7) and (5.9) in Section 5.1.3 and a
calculation example treated in numerical example 5.2.

Meanwhile, threaded fasteners used in electronic components and their related
products are often subjected to thermal load. In these cases, the material of threaded
fasteners is sometimes different from that of fastened plates due to various reasons,
and this may significantly change the bolt force in the running condition, owing to
the difference in coefficients of linear expansion, even if the temperature increase
of the target joint is not so large. Fig. 5.11 would be of assistance to avoid such an
unfavorable situation. Approximate values of bolt force variation due to thermal load
can be estimated using Egs. (5.7)—(5.9).

In connection with the foregoing discussion, bolt force reduction due to thermal
load can be mitigated by making positive use of the difference in coefficient of linear
expansion between a bolt-nut pair and fastened plates. For example, titanium alloys
are a good candidate because of high strength, though being expensive and easily
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Fig. 5.11 Effect of the difference in coefficient of linear expansion on bolt stress variation
with time.

seized. Titanium alloy’s coefficient of linear expansion is considerably lower than that
of carbon steel, as given in table 1.5. Therefore, the bolt force reduction can be
suppressed by employing a bolt-nut pair made of titanium alloys as a substitute for
carbon steel bolts and nuts in the target joint, where loosening is likely to occur
due to thermal load. It has been reported in [25] that for fastened plates made of carbon
steel or stainless steel, the use of a bolt-nut pair made of titanium or titanium alloys can
lower the bolt force reduction in the cases of axisymmetric heat flow treated here and
three-dimensional heat flow treated in the next section.

5.5.2 Evaluation of thermal and mechanical behaviors using a
three-dimensional FE model

Actual bolted joints are rarely subjected to axisymmetric thermal load. In many cases,
heat flow direction is perpendicular to the bolt axis, and consequently a certain amount
of bending moment is produced in the bolt. Therefore, it is necessary to evaluate the
variation of bending moment with time, in addition to bolt stress variation. Moreover,
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Fig. 5.12 Heat flow pattern in actual bolted joints under thermal load. (A) Pipe flange and
(B) disk brake.

it is useful from the viewpoint of machine design to clarify the rate of heat flow
through each part of a bolted joint.

Fig. 5.12 illustrates an example of a bolted joint under thermal load [125]. It shows
the heat flow patterns around bolted joints that clamp pipe flanges and disk brakes. In
the case of pipe flange connections, the heat supplied from the inner surface by con-
tained fluids flows radially outwards. In contrast, in the case of disk brakes, the heat
generated on the brake pad surface flows radially inwards. Considering the geometric
symmetry, temperature and stress fields can be evaluated by setting the fan-shaped
area as the analysis domain. Fig. 5.13 shows a rectangular parallelepiped model for
evaluating the thermal behavior of a bolted joint, in which heat flow direction is
assumed to be perpendicular to the bolt axis, aiming at covering commonly encoun-
tered cases. When the number of clamping bolts is increased and the sector angle
decreases, the models in Fig. 5.12 reduce to this rectangular parallelepiped one.

The heat flowing into the domain from the left surface, which is uniformly heated,
is dissipated by convection from the right surface. The upper and lower surfaces are
assumed to be insulated in order to coincide with the fan-shaped domain, shown in
Fig. 5.12. In the figure, Q,,.; denotes the total amount of heat that flows through
the bolt cross section including the fastened plates. Q.;, Osn, Ona» and Oy represent
the amounts of heat flowing through engaged threads, bolt cylindrical portion, bolt
head, and fastened plates, respectively. Assuming that the surfaces are insulated
boundaries except for the heat supplied and heat dissipation surfaces, the ratios of

Ouis Osiis Ona» and Qf 10 Oyorq; add up to unity.

On+ Qi+ Qna +Qp
Qtotal

1 (5.14)

Fig. 5.14 shows an example of an FE model. Considering the symmetry of temperature
and stress fields with respect to heat flow direction, one half of the objective bolted
joint is modeled. The target bolt is M16. As for the block size, the ratio of grip length L,
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to nominal diameter d, L//d, is changed to 4, 5, and 6. The block width is twice the
nominal diameter. The block and a bolt-nut pair are supposed to be made of iden-
tical materials, and three kinds of materials are selected, i.e., carbon steel S45C,
stainless steel SUS304, and aluminum alloy A2024. When performing numerical
analysis, material constants given in [125] are used, and the values are slightly dif-
ferent from those given in tables 1.4 and 1.5. Initial bolt stress is 100 MPa and the
coefficient of friction is set to be 0.15 on all contact surfaces. Surface roughness Ra
is 3.2pm. L/d=4 is set to be the standard condition. The intensity of heat flux is
11.74 W/m’K, corresponding to the case of applying total heat of 24 W to the stan-
dard model. Coefficient of heat transfer at heat dissipation surface is set to be
25W/m?K and the ambient temperature is 20 °C.

Fig. 5.15A and B represent the variation of the heat flow proportion through each
part for joint materials of carbon steel S45C and stainless steel SUS304. Just after the
start of heating, most of the total heat Q,,,,; flows through fastened plates, designated
by Q. Then, the heat flow proportions through engaged threads Q,;, bolt cylindrical
portion Qgi, and bolt head O, gradually increase. After a certain amount of time,
each heat flow proportion reaches a constant value. No significant difference is
observed in the heat flow proportions between carbon steel and stainless steel, but
the latter case takes a fairly long time until reaching a steady state, due to its low ther-
mal conductivity. Fig. 5.16 shows the bolt stress variation with time for three kinds of
joint materials. The ordinate represents the bolt stress o, at each time divided by the
initial bolt stress o;,. Unlike the case of axisymmetric heating, the bolt stress o,
reaches a peak in a relatively short time after the start of heating. Then, it decreases
and becomes constant. Since the heat flow direction in general structures or machines
is perpendicular to the bolt axis in many cases, it is considered that the bolt stress
sometimes varies with time in the manner shown in Fig. 5.16. Due to the difference
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Fig. 5.14 Example of an FE
model for evaluating
thermal behavior of a
bolted joint.

in temperature between the bolt-nut pair and fastened plates, the joint materials with
lower thermal conductivity produce higher peaks of bolt stress o,

When the heat flows perpendicular to the bolt axis, the bolt is deformed in a convex
shape toward the upstream side, due to the difference in thermal expansion between
the upstream and downstream sides. The magnitude of bending stress generated by
this mechanism is important from the viewpoint of joint safety when subjected to ther-
mal load. Fig. 5.17 shows the variation of bending stress with time for the standard
condition defined above. The parameter in the figure is the ratio of grip length L,
to nominal diameter d. For stainless steel SUS304, numerical results for L/d=6
are also shown. The ordinate represents the bending stress o,,,; at each time divided
by the initial bolt stress o,;. Although not shown in Fig. 5.16, bolt stress o}, slightly
decreases as grip length Lyis decreased. On the contrary, the bending stress 6,,; shows
a considerable increase as grip length is decreased. Furthermore, the absolute value of
bending stress is larger than the bolt stress variation shown in Fig. 5.16. In particular,
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large bending stress is produced in the joint made of stainless steel with small grip
length. That is due to a large temperature difference between the upstream and down-
stream sides. Accordingly, it is concluded that attention should be paid when materials
with low thermal conductivity are used in a joint with small grip length under thermal
load, because large bending stress is generated in addition to the bolt stress variation.

5.6 Seizure of threaded fasteners

5.6.1 Conditions prone to seizure

Seizure of threaded fasteners sometimes becomes a problem in joints composed of
materials with low thermal conductivity, such as stainless steel, titanium, etc. Regard-
ing the seizure mechanism, numerical calculations have been conducted under some
assumptions in order to evaluate the temperature distribution under the bolt head for
the tightening operation by applying torque to the bolt head [126]. However, these
dealt with the cases performed by very high tightening speed. Therefore, the research
unfortunately did not provide the information to clarify the mechanism of the seizure
sometimes occurring in a hand-tightening operation. Major causes of seizure when
tightening by the torque control method, are listed in the following:

(1) The target joint is composed of materials with low thermal conductivity such as stainless
steel and titanium, including threaded fasteners.

(2) Coefficients of friction on thread surface and nut- and bolt head-bearing surfaces are high,
on which sliding friction occurs in the tightening process.

(3) Inconnection with the preceding condition, thread surface and nut-bearing surface have not
been sufficiently lubricated.

(4) When the processing accuracy of threaded fasteners and fastened plates is low, thread sur-
face or nut-bearing surface tends to be in partial contact, hence, the actual contact surface
becomes very small.

(5) The target bolt is tightened with high bolt stress under any of the above conditions.

(6) Tightening speed is high.

(7) Grip length is large due to the use of long bolts.

(8) The seizure is more likely to occur in fine screw threads than in coarse screw threads.

The amount of temperature increase on nut-bearing surface or bolt head-bearing-
surface in the tightening process can be estimated by the product of contact pressure,
coefficient of friction, and sliding speed. In the case of tightening operation from the
nut side, letting contact pressure be p,,,, coefficient of friction u,,,, and sliding speed v,
UnuP v TEPrEsents the amount of heat generated per unit time and unit area on the nut-
bearing surface. By use of y,,,p,,,,v, the preceding phenomena from (1) to (8) are exam-
ined. Regarding (1), assuming that the amount of heat generation is constant, the
surface temperature is likely to be increased in the materials with low thermal conduc-
tivity because of a poor dissipation of heat, thereby leading to the seizure. The con-
ditions of (2) and (3) are related to coefficient of friction, (4) and (5) are to contact
pressure p,,,, (6) is to sliding speed v. The conditions of (7) and (8) are associated with
the mechanical consideration that the required tightening energy is almost in
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proportion to grip length and is nearly in inverse proportion to thread pitch, explained
in section 3.8. By designing the joint so as to mitigate the situations listed above, the
occurrence of seizure can be considerably reduced. However, the problem in the
actual tightening operation is that the seizure sometimes occurs in unexpected
situations.

5.6.2 Hypothesis proposed on seizure occurrence

Surface roughness is considered to be deeply related to seizure. Fig. 5.18 shows some
examples of seizure occurrence on nut- and bolt head-bearing surfaces and plate sur-
face, which are all made of stainless steel. Tightening operation was done by hand-
tightening without lubrication. In the experiments, surface roughness Ra is changed
from the original value, being smaller than 0.5 pm, which corresponds to a smooth
surface, to the one larger than 2 pm obtained by use of sandpaper. As a result, it
has been confirmed that seizure is likely to occur on the surface with very small sur-
face roughness. Since coefficient of friction tends to be increased with increasing sur-
face roughness [71], it is considered that the seizure occurrence cannot be explained
only by the amount of coefficient of friction.

In the numerical analyses conducted in [126], a perfect contact condition is
assumed on the bolt head-bearing surface. However, this apparent contact area A,
is much larger than real contact area A,., on which a lot of microprojections existing
on the mating surfaces are in contact. The relationship between A,, and A,, is

(b) (©
Fig. 5.18 Example of seizure occurring on nut- and bolt head-bearing surfaces and plate
surface. (A) Bolt head-bearing surface and plate surface, (B) nut-bearing surface, and (C) plate
surface.
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schematically shown in Fig. 5.19. Area ratio of real to apparent contact areas A,./A,,
significantly changes depending on contact pressure. In the field of tribology, when
evaluating the temperature on a sliding surface, on which two contacting bodies
pressed together are moving at a certain relative speed, an estimation method utilizing
exact solutions of heat conduction theory is proposed by assuming that a single micro-
projection slides on the surface of a semiinfinite body [127,128]. Fig. 5.20 illustrates
the heat conduction model. Mean temperature increase AT, on the surface of a micro-
projection can be calculated in the following procedure. Let coefficient of friction be
u, plastic flow stress of the material p,,, and sliding speed v. Then, up,,v represents the
amount of heat generated on the surface per unit time and unit area. Assuming that the
shape of the microprojection in contact with the mating flat surface is a circle of radius
a,, AT, is expressed in the following form for the case of relatively low sliding speed:

0.849up,,va,

AT, = %

(5.15)

where 1 denotes thermal conductivity of the materials in contact, and p,, can be
equated to three times the yield stress oy [129].

Fig. 5.20 Heat conduction model for
evaluating sliding surface temperature.

semi-infinite body
(stationary body)
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The above equation provides important information on the mechanism of seizure
occurring in the tightening process by torque control method. It is explained below
how the seizure occurs on the nut-bearing surface:

Step 1: Mean contact pressure on nut-bearing surface p,,, is calculated by dividing
bolt force F), by nut-bearing surface area A, that corresponds to apparent contact
area A,

Step 2: According to the theory of tribology, the approximate value of real contact
area A,. on nut-bearing surface can be estimated using bolt force F, and plastic flow
Stress p,.

Step 3: It is virtually impossible to estimate the number of microprojections
N composing the real contact area A,.. However, as N is increased, the contact area
per one microprojection necessarily decreases. That is, with decreasing N, the contact
area increases conversely.

Fig. 5.21 shows the numerical results of the mean temperature on the sliding sur-
face of a microprojection, calculated by Eq. (5.15). The abscissa represents the sliding
speed. The parameter in the figure is the radius of microprojection a,,. The temperature
of the sliding surface shows a sharp increase as sliding speed v is increased. The effect
of a, is very large as well. This means that as the number of microprojections
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Fig. 5.21 Sliding surface temperature calculated by heat conduction theory.
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N composing real contact area A,, gets smaller under constant bolt force F, the radius
of microprojection a,, necessarily increases. As a result, the sliding surface tempera-
ture is raised according to Eq. (5.15). From the above consideration, the seizure phe-
nomena shown in Fig. 5.18, which indicate that in stainless steels the seizure is more
likely to occur with decreasing surface roughness, can be explained using heat con-
duction theory. For a constant bolt force F,, assuming that the number of micropro-
jections in contact N decreases with decreasing surface roughness, mean radius per
unit microprojection a,, is increased, which leads to the temperature increase of the
sliding surface. It is worth noting here that there are numerous microprojections on
each sliding surface. If, unfortunately, multiple microprojections are located very
closely, the surface temperature on each microprojection is further raised due to
the interaction. Accordingly, the seizure between the mating surfaces can occur
abruptly. Although being a hypothesis, it may be the reason why the seizure occurs
or does not occur under the same tightening conditions.

There are some field reports that seizure sometimes or often occurs in threaded fas-
teners with large nominal diameter and fine screw threads. When large bolts are used
and nominal diameter d exceeds 100mm, thread pitch P is not increased correspond-
ingly, hence, lead angle § becomes very small. As a result, the required tightening
energy considerably increases. In addition, large screw threads inevitably involve
some geometric errors due to the processing difficulty, which possibly leads to the
condition of partial contact on the sliding surfaces, i.e., thread surface and nut-bearing
surface. Furthermore, in the field, it is difficult to apply the lubricant onto the sliding
surface uniformly, comparing to small screw threads.

In conclusion, it is strongly desirable to further clarify the mechanism of seizure
occurrence by comprehensive experiments, FEM, and rigorous analyses, in which
the properties of joint materials are taken into account and tribology and heat conduc-
tion theories are ingeniously introduced.
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Loosening of threaded fasteners

6.1 Rotation loosening and nonrotation loosening

Loosening of screw threads is divided into two categories: loosening occurring with or
without rotation of threaded fasteners such as bolts and nuts. In this book, the former is
termed rotation loosening and the latter nonrotation loosening. In either case, bolt
force is reduced and it may lead to fatigue failure. In other words, even if rotation
loosening can be prevented, fatigue failure could occur when bolt force is significantly
reduced due to nonrotation loosening. Nowadays, reduction in the occurrence of rota-
tion loosening has, to a large extent, been achieved using special threaded fasteners,
and can be almost completely prevented, depending on the types of target structures or
machines and the related service conditions. In contrast, for nonrotation loosening, it
inevitably occurs to some extent, which is represented by the bolt force reduction due
to embedment. It is often caused by the progress of plastic deformation of micropro-
jections existing at the interface. Furthermore, rotation or nonrotation loosening
occurs when the joint is subjected to thermal load, due to the difference in thermal
expansion between threaded fasteners and fastened plates, the change in mechanical
and thermal properties of the joint materials, etc.

Rotation loosening generally occurs when threaded fasteners are subjected to
repeated external load. On the other hand, nonrotation loosening is generated, in addi-
tion to the embedment mentioned above, by creep and relaxation due to thermal load
and depression of the nut- or bolt head-bearing surface owing to high bolt force, etc.,
all of which can occur without being subjected to repeated loading. These phenomena
progress with time and are commonly promoted when external loads are applied
repeatedly.

6.2 Why bolted joints are easy to loosen

The possibility of loosening occurrence is significantly changed depending on joint
geometry, tightening condition, loading condition of external force, environment sur-
rounding the joint, etc. Therefore, it sometimes occurs that an antiloosening device
effective for a certain type of joint does not work well for another type of joint.
One of the root causes of the phenomenon is that threaded fasteners are used in a wide
variety of conditions compared to other machine elements like gears, bearings,
springs, etc. For instance, the role of ordinary gears is to transmit torque and rotation.
Hence, the magnitude of load acting on the gear can be estimated with fairly high
accuracy by the values of torque and rotation speed. In the case of bearings, they
are classified into radial and thrust bearings according to the loading direction. They
are also categorized into rolling and sliding bearings with respect to friction
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conditions. Some types of rolling bearings can support both radial and thrust loads
simultaneously, but the loading form does not change significantly even if the mag-
nitude of the applied load is varied.

In contrast, threaded fasteners, typified by bolts and nuts, are subjected to external
forces in a wide variety of forms. For example, threaded portions of dental implants,
which have come to be widely used recently, are subjected to all kinds of external
forces such as compression, bending, twisting, and sometimes tension, depending
on the foods to be chewed. Furthermore, for threaded fasteners used in large machines
and precision instruments, the loading form significantly varies according to the loca-
tion of use.

From the above considerations, it is presumed that there is a limit to the evaluation
of antiloosening performance by a single testing method, since threaded fasteners are
used for joints with various configurations and are subjected to various types of exter-
nal forces. For instance, the NAS3350 vibration test is a severe testing method in
which an impact load is applied to a bolted joint repeatedly in the direction perpen-
dicular to the bolt axis. Hence, it has been widely employed in Japan to evaluate the
antiloosening performance of threaded fasteners. However, there are cases where
thread loosening occurs in a relatively short time, although the target joint could have
endured the NAS vibration test. The reason can be explained by the diversity of the
usage of threaded fasteners stated above. In this way, it is extremely difficult to
completely prevent loosening. Accordingly, several examples are introduced in the
following in order to design bolted joints that are hard to loosen, by enumerating
the ways such joints are easy to loosen.

(1) Bolted joint with small grip length subjected to mechanical external force

Bolted joints consisting of thin plates, clamped by short bolts, are very easy to loosen.
Since thin plates have very high stiffness, bolt elongations are small. Therefore, when
the embedment on contact surfaces progresses and/or the plate warpage is flattened
due to repeated external forces, only a slight change in the amount of bolt elongation
significantly reduces the bolt force.

(2) Bolted joint with large grip length subjected to thermal load

In bolted joints subjected to thermal load, the amount of thermal expansion is propor-
tionally increased as grip length is increased for the same temperature rise, as
explained in section 5.1.3. Hence, a joint with larger grip length is easier to loosen.
Since this phenomenon is the exact opposite of (1), particular attention should be paid
to the loosening of threaded fasteners when the target joint is subjected to thermal and
mechanical loads simultaneously.

(3) Bolted joint consisting of many plates

As the number of fastened plates increases, loosening due to embedment becomes eas-
ier to progress, because the number of contact surfaces increases correspondingly. In
addition, the embedment is easily progressed with larger surface roughness at the
interface, which leads to bolt force reduction.
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(4) Bolted joint clamped with low bolt force

The amount of bolt force reduction due to embedment, estimated under a certain
assumption, is independent of initial bolt force, which is explained in
Section 6.4.3. Hence, by setting the initial bolt force high, the residual bolt force
is still high even if bolt force reduction occurs. Therefore, the problems caused by
loosening can be avoided. When the joint is subjected to repeated external load,
the slip occurring on contact surfaces becomes the major cause of loosening. In
order to mitigate this unfavorable phenomenon, it is effective to set the initial bolt
force high so as not to generate slip. In contrast, for bolt force reduction due to
creep, it has been pointed out that high initial bolt force merely accelerates the
progress of thread loosening and no effect is found on the mitigation of bolt force
reduction [130].

6.3 Bolt force reduction due to rotation loosening

6.3.1 Mechanism of rotation loosening

Rotation loosening occurs due to the relative slip, caused by repeated external load, on
thread surface and/or nut-bearing surface. The mechanism of the generation of rota-
tion loosening is classified into four types, illustrated in Fig. 6.1.
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1) Repeated shear load applied perpendicular to bolt axis

This case corresponds to the situation of the external force being applied in the direc-
tion perpendicular to the bolt axis or in a similar form. The loosening of this type fre-
quently becomes a problem in various industrial fields.

2) Repeated twisting load applied around bolt axis

This case becomes an issue in the following situations: screw threads used for
attaching spectacle temples in daily life, female threads processed in the center of rota-
tion shaft to attach a part in industrial fields, etc. In any case, twisting torque is repeat-
edly applied around the bolt axis.

3) Repeated axial load applied in the direction of bolt axis

This case corresponds to the situation of the external force being applied along the bolt
axis or in a similar form. There are fewer cases that loosening occurs by this mech-
anism, comparing to 1) and 2).

4) Impact load

Impact load becomes an issue in the following cases: external load is applied to the
joint at very high speed, e.g., due to the falling of an object, the collision of small sto-
nes repeatedly against the jointed portion, etc.

In relation to the above phenomena, rotation loosening often occurs by the follow-
ing mechanism. When tightening threaded fasteners by torque control method, the bolt
cylindrical portion is twisted elastically, to some extent, due to the helical thread
geometry. Accordingly, the relative slips occurring on thread surface and nut-bearing
surface can cause rotation loosening. The mechanism of rotation loosening and its
evaluation method are explained in detail in [130—132]. In this book, therefore, the
mechanism of rotation loosening is only briefly introduced, as follows.

(1) Repeated shear load applied perpendicular to bolt axis

According to the theory proposed by Yamamoto, when shear load is repeatedly
applied to a bolted joint, the bolt’s cylindrical portion is elastically twisted. Then,
in the service condition, the relative slips on thread surface and nut-bearing surface
occurring while the twisting moment is released are considered to cause rotation loos-
ening [131]. Fig. 6.2 schematically shows how rotation loosening occurs due to the
relative slip on the nut-bearing surface, in which one cycle of repeated shear load
is applied to the upper plate of a bolted joint, composed of two plates, in the direction
perpendicular to bolt axis [132]. The figure shows that the slip is generated by the bolt
inclination to the left and right, repeatedly.

This mechanism of loosening phenomenon has been simulated by FE analysis using
helical thread models [44—46]. In [131], assuming that rotation loosening occurs when
the amount of slip on the contact surface exceeds a certain limit, antiloosening perfor-
mance is compared by manufacturing a dedicated testing machine and measuring the
limit value. Test objects are threaded fasteners equipped with antiloosening functional-
ity and various antiloosening mechanisms and devices, which have been proposed for
the prevention of loosening. Using the experimental results, antiloosening performance
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Fig. 6.2 Yamamoto’s theory explaining the mechanism of rotation loosening by repeated
shear load.

has been judged, where the performance of an ordinary hexagon nut is selected as the
evaluation standard. It is given in ascending order as follows:

Toothed washer <spring washer <conical spring washer <ordinary hexagon
nut < double-nut locking, hexagon nut with flange, prevailing torque type hexagon
nut with nylon insert <anaerobic adhesive.

It has sometimes been reported in academic conferences that washers have no
effect on loosening prevention or that the use of washers may even promote the loos-
ening. However, the use of a flat washer can enhance antiloosening performance,
because it allows an increase of the initial bolt force. Detailed discussions are given
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in the subsequent sections. The use of anaerobic adhesives naturally prevents slip
occurrence. It has also been reported, based on the experimental results, that
double-nut locking, hexagon nut with flange, and prevailing torque type hexagon
nut have almost the same degree of antiloosening performance. In addition, a unique
research report has been published that tries to explain the loosening mechanism by
introducing the concept of loosening rotation torque [130].

(2) Repeated twisting load applied around bolt axis [130,133]

For the case of a joint being subjected to repeated twisting load around the bolt axis, it
is proposed that the start condition of rotation loosening, due to the accumulation of
nut rotation in the loosening direction, can be expressed by the following equation:

1

1
5 Fudytan (pj, — f) < Ta < 5Fpdatan (pf, + f) =T\ (6.1)

The above equation indicates that nut-bearing torque T, explained in Chapter 3, is an
intermediate value between thread torque 7 in the tightening process and loosening
thread torque given in eq. (3.19). Furthermore, in defining a critical twisting angle that
won’t produce the slip on thread surface and nut-bearing surface, it is recommended to
use the angle as the evaluation index for rotation loosening. To prevent this type of
loosening, it is preferable to use a bolt-nut pair with smaller thread pitch P, and
the equivalent friction diameter of nut-bearing surface d,,,, should be larger. Regarding
coefficients of friction, the coefficient on thread surface y,, should be smaller. On the
contrary, the coefficient on nut-bearing surface yu,, is preferably larger. It is also
recommended to set the initial bolt force higher and design the grip length longer
and the diameter of bolt body smaller.

(3) Repeated axial load applied in the direction of bolt axis

It has been confirmed by Goodier et al. through experiments that loosening occurs
when tensile load is applied to a bolted joint in the axial direction repeatedly so that
the bolt force is increased and decreased [134]. The loosening mechanism is clarified
by Sato et al. [135]. In [78], it is concluded that loosening phenomenon due to the
repeated axial load need not be considered from the design point of view, because
the maximum bolt force variation that won’t cause loosening is very large; hence,
fatigue failure is more likely to become an issue.

(4) Impact load and inertia force

When external force is applied to a bolted joint at very high speed, i.e., as an impact
load, rotation loosening can occur due to the propagation of a stress wave. Supposing
the situation on a construction site that small stones impact the jointed portion of an
excavator, this type of rotation loosening is reproduced by a small ball being brought
into collision against a nut [136]. Regarding the case of a bolted joint subjected to
impact load in the axial direction, the loosening mechanism is studied experimentally
by dropping the jointed portion freely, which is explained by the fact that the loosen-
ing is caused by the propagation of a stress wave [137,138]. In the case of the impact
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load being applied in the direction perpendicular to the bolt axis, the loosening mech-
anism is the same as that in (1), but the progress of loosening is further promoted
[139]. When external force does not increase so steeply as impact load, it can be
treated as inertia force.

Rotation loosening of the screw threads by which the blade of an electric fan is
attached to the motor shaft is an example of loosening due to inertia force. In this joint,
left-hand screw threads are used so that inertial torque acts in the direction to further
tighten the threads when the blade starts rotating. As for the nuts used for attaching
tires to the axle shafts of a large vehicle, in the past, right-hand screw threads were
used for right-hand wheels and left-hand screw threads were for left-hand wheels;
in recent years, however, right-hand screw threads have been used for the wheels
on both sides. It has been pointed out in [131] that the usage of screw threads in this
way following the old practice is related to the cause of wheel falling-off accidents of
large vehicles, in which many of the accidents occur in the left-hand wheels. However,
in most accidents of this type, wheel bolts or inner nuts are ruptured due to metal
fatigue, and the threaded fasteners are kept in the initial state without rotation. There-
fore, rotation loosening is considered to be a secondary cause. The wheel falling-off
accidents in Japan, due to the fatigue failure of threaded fasteners, are discussed in
detail in section 8.2.

6.3.2 Bolt force reduction due to return rotation of nut

If a nut rotates in the loosening direction, bolt force reduction occurs correspondingly.
Once a nut starts to loosen, the loosening is progressed with time in many cases, due to
the repetition of external force. Meanwhile, the degree of risk, which is caused by a
slight rotation of nut in the loosening direction, greatly varies depending on the joint
geometry and materials. In the case of the fastened plates consisting of thin plates with
small grip length, only a small return rotation of the nut causes a large reduction in bolt
force, because the rotation angle required to produce the target bolt force is small. This
means that thin plates clamped by bolt-nut pairs are in a state that is easy to completely
loosen. The process of bolt force reduction caused by the return rotation of nut is very
complicated from the mechanical point of view. Therefore, in this section the differ-
ence in the degree of risk is evaluated with respect to the difference in joint geometry
and materials. To achieve this, the equation that relates nut rotation angle to bolt force
is used, which has been derived for the tightening process by elastic angle control
method, discussed in section 3.3. In eq. (3.32), replacing rotation angle ¢ by return
rotation angle A¢, bolt force F, by bolt force reduction AF,, the following
equation is obtained.

2 1 1 1

In Eq. (6.2), assuming constant A¢, bolt force reduction AF,, increases with larger
thread pitch P and larger spring constants, which represent the stiffness of each part
of the bolted joint. Therefore, bolt force reduction AF;, becomes larger in coarse screw
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threads than in fine ones for the same nominal diameter. Regarding the joint stiffness,
as grip length L, is decreased, bolt force is significantly reduced for constant Ag,
because the amounts of &, k., and kg are increased. As for joint materials, bolt force
reduction AF, is decreased in bolted joints made of aluminum alloy or titanium with
low Young’s modulus, since the spring constant of each part is proportional to
Young’s modulus.

Learning by numerical example 6.1: Bolt force reduction due to return rotation of nut

The amounts of bolt stress reduction Ao, occurring per one degree of nut return rota-
tion are compared for bolt-nut connections of M16 with coarse thread, in which the
ratio of grip length L to nominal diameter d, L¢d, is changed to 1, 2, 4, 6, 8, and 10.
Other calculation conditions are the same as those in numerical example 3.8. Calcu-
lations are performed by Eq. (6.2) without considering the effect of interface stiffness.
Bolt stress reductions thus calculated are 21.2, 14.2, 8.5, 6.1, 4.7, and 3.9 MPa, which
indicates that only a slight return rotation produces a large stress reduction in thin
plates.

6.3.3 Prevention methods of rotation loosening

A wide variety of special threaded fasteners or mechanisms have been proposed
aiming at the prevention of rotation loosening. For the antiloosening strategies that
have widely been employed so far, threaded fasteners or mechanisms commonly used
are ranked in Section 6.3.1 according to the antiloosening performance, based on the
experimental results for the case of bolted joints being subjected to repeated shear
loading [131]. Prevention methods of rotation loosening are classified as the method
using special threaded fasteners, etc., and the method that devises tightening condition
or joint geometry. Regarding the former category, a variety of methods are proposed,
such as threaded fasteners with antiloosening functionality, addition of special parts
that enhance antiloosening performance around the joint, etc.

Many antiloosening strategies intend to raise the effect of frictional work on thread
surface and nut-bearing surface; antiloosening parts based on geometrical ingenuity,
for instance, by changing thread profile, are also available. Since it is impossible to
introduce all types of antiloosening methods, some representative ones are briefly
presented in this section. In [130], how loosening can be prevented is discussed from
a wide perspective. In [140], using plain illustrations, several practical antiloosening
parts are introduced. In [141], antiloosening methods are classified into eight types
and detailed explanations are given for each method, in which it is also shown how
each method corresponds to JIS. Please refer to those references for further
information.

(1) Use of special threaded fasteners
1) Special nut with altered thread profile or inserting some inclusions, causing interference
between male and female threads to be generated in the tightening process, thereby
increasing the resistance to return rotation of nut. These types of nuts are termed prev-
ailing torque type nuts. They are specified in JIS B1056. Various types of prevailing
torque type nuts are proposed, for instance, nuts into which some amount of nylon is
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2)

3)

4)

5)

inserted, nuts whose pitch diameter is gradually reduced, etc. Hexagon bolts with flange
and hexagon nuts with flange, specified in JIS B1089 and B1090, respectively, are
intended to raise the resistance to return rotation. More specifically, equivalent friction
diameter of nut-bearing surface d,,, or bolt head-bearing surface d,,, is made larger by
increasing the bearing surface area. The free spinning type of antiloosening method
intends to raise the resistance to return rotation on thread surface and nut-bearing surface
[141]. Concretely, this type utilizes the deformations of nuts with special profile or nuts
divided into two parts, termed split nuts. Nuts with serrations at bearing surface are cat-
egorized as this type.

Special bolt—although most antiloosening innovations are made to nuts—is an example
of bolts with antiloosening performance. It is proposed to process the bolt thread profile
to have left-right asymmetry, thereby making the interference with female threads har-
der and raising the action of frictional work. A unique method utilizing the difference in
thread pitch is proposed, which is sometime called lead difference utilization type [141].
Two kinds of threads with different thread pitch are processed on a single bolt, and the
tightening operation is done by using two nuts with different thread pitches,
corresponding to the different bolt thread pitches. The point of this mechanism is that,
due to the difference in thread pitch between the two nuts, a nut having larger thread
pitch, placed in contact with the fastened plates, is not allowed to rotate in the loosening
direction.

Special washers, such as toothed washer, spring washer, and conical spring washer, have
been reported to show no antiloosening effect, or even that special washers are more
likely to loosen than ordinary nuts [131]. However, a special washer used with a special
nut is proposed, in which the washer and the bearing surface of the nut are machined to
be toothed, with a shape whose inclination angles are larger than the lead angle. This
type is considered to be a kind of lead difference utilization type, as introduced above.
Antiloosening parts are special parts added to the target threaded fastener. The strategy
to prevent loosening by adding such parts is called the mechanical antiloosening
method. The special parts are attached to threaded fasteners, and then are bent or
deformed and put into use. The combination of hexagon castle nut and split pin belongs
to this type. Antiloosening mechanisms by use of wire, tongued washer,or claw washer
are also proposed. Although the installation work takes time, high antiloosening effect is
expected.

Other methods include inserting anaerobic adhesives between mating thread surfaces,
with which high antiloosening performance can be achieved without adding any special
part. In this case, ordinary threaded fasteners are used as they are.

(2) Utilization of tightening condition and joint geometry

When designing jointed components, it is sometimes the case that special-shaped nuts or

special parts equipped with antiloosening functionality cannot be used due to various rea-
sons. As a countermeasure against this problem, some strategies are introduced here to
effectively enhance the antiloosening performance by small changes of tightening condi-
tion or joint geometry.

1

Increase of resistance force against return rotation of nut, as rotation loosening is
caused by the relative slip on the contact surface. The resistance force against the return
rotation can be raised by two strategies. The first one is to raise bolt stress to the extent
that plastic deformations or other problems do not matter. The second strategy is to
intentionally increase the coefficient of friction, which has been commonly employed
in architecture or its related fields. This strategy is suitable for joints subjected to large
shear force.
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2) Suppression of relative slip, as bending deformation occurs in bolts when subjected
to shear force. By designing the joint shape to have a large grip length, it is possible
to use long bolts, by which the occurrence of relative slip can effectively be
suppressed due to the low joint stiffness. A slender bolt with reduced shank is also
effective because of its low stiffness. In this case, however, care must be paid to the
material strength when setting the bolt stress high. Long bolts have another advan-
tage concerning antiloosening performance: for a constant return rotation angle of
nut, bolt force reduction is smaller comparing to short bolts, as evident from numer-
ical example 6.1.

3) Double-nut tightening is a traditional loosening prevention method by use of two nuts.
The antiloosening mechanism is discussed in detail in [131]. Researches by FE analysis
are also reported [142]. The primary factor concerning the antiloosening performance is
the locking action due to the compression force generated between the two nuts.
According to Yamamoto’s theory, there are two types of tightening procedure, in which
the upper nut is rotated in the positive direction or the lower nut is rotated in the negative
direction, and it is proposed that the latter procedure is more appropriate [131]. Regard-
ing the nut shape, a standard nut should be placed on the upper side and a thin nut on the
lower side, from the mechanical point of view. However, the procedure has a work-
related problem that it requires two types of spanners. Therefore, in some cases, the
two nuts with different thickness are placed upside down or two identical standard nuts
are used.

Finally, it should be kept in mind that even if rotation loosening could be prevented by
any specific method, fatigue failures may occur in the bolted joints when clamped with
insufficient bolt force, owing to the interface separation.

6.3.4 Finite element simulation of rotation loosening caused
by repeated shear load

Among various types of rotation loosening mechanisms, the one due to repeated
shear load is particularly dangerous, because the external force applied perpendic-
ular to bolt axis often causes a significant loss of bolt force. In this section, the
loosening mechanism is examined by three-dimensional finite element (FE) anal-
ysis using helical thread models introduced in section 2.5. Fig. 6.3 shows a finite
element model constructed to simulate the case of Fig. 6.1A. Detailed descriptions
about the modeling scheme, analytical and boundary conditions, etc. are given in
[45,46]. The numerical model basically corresponds to Junker’s test, except for one
point that the effect of friction force at the interface between upper and lower
plates is taken into consideration. The action of friction force on the contact sur-
face critically affects the loosening mechanism because the start of slip in a bolted
joint is determined by the amount of friction force there. Fig. 6.4 schematically
explains the loosening mechanism, in which the relationship between the amount
of displacement applied to the lower plate in Fig. 6.3 and the resulting shear load
between the two plates is shown. The displacement is forcibly applied to the lower
plate repeatedly from side to side. The amount of the displacement is changed
between 1 mm.
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Fig. 6.3 Finite element model of bolted joint for analyzing rotation loosening mechanism.
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Fig. 6.4 Mechanism of rotation loosening of bolted joint subjected to repeated shear load.

The four points, A, B, C, and D, in the figure represent the critical situations stated
below:

O-A: The target bolted joint deforms in an elastic manner like a single body.

Point A: Slip is initiated at the interface between two plates. Shear load starts to behave
nonlinearly against the applied displacement.

A-B: The slip on the thread surface starts and it promotes the nonlinear behavior.

B-C: The contact condition on the thread surface makes a transition from partial slip to whole
slip. Slip on the nut-bearing surface also starts. Hence, the joint stiffness in the transverse
direction is decreased and the nonlinearity appears more noticeably.

Point C: All contact surfaces, including nut-bearing surface, get into the whole slip condi-
tion, and the amount of shear load acting on the joint becomes constant. The shear load at this
point is defined as critical shear load F'g,.

Point D: The direction of applied displacement is reversed.
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After point D: In the process of the applied displacement being decreased, the shear load
reduces to zero and then it starts to act in the negative direction. After the shear load reaches
a constant value, a similar behavior is repeated until one cycle has been completed.

When the whole slip condition occurs by exceeding Point C, bolt force is inevitably
reduced. The phenomenon of bolt force reduction can be recognized by a slight reduc-
tion in Fg, from the original value when one cycle is completed. Therefore, the
amount of F'y, is an important factor to devise measures for preventing rotation loos-
ening. ug, in the figure is defined as a critical displacement, which represents the
threshold value of displacement that starts the whole slip condition. Accordingly, if
a constant amount of displacement is repeatedly applied to the bolted joint perpendic-
ular to the bolt axis, the amount of u, can be used as an index to design bolted joints
not loosened by rotation loosening. In any event, the most important aspect in the
figure is that the bolt force is slightly reduced after one cycle, once the amount of
applied displacement exceeds u,. That is, although the reduction in bolt force during
one cycle is small, it may lead to a significant reduction in, or the complete loss of, bolt
force, because the shear load is repeatedly applied.

In Fig. 6.5, the numerical results performed corresponding to Fig. 6.4 are presented,
in which coefficients of friction on contact surfaces are changed to 0.1, 0.15, 0.17, and
0.2. As coefficient of friction u increases, both F'y, and ug, are significantly increased,
which substantiates that increasing p can effectively suppress rotation loosening.
Although the initial bolt force is constant in this figure, it is predictable that increasing
the initial bolt force is also effective for avoiding rotation loosening, since the friction
force increases in proportion to initial bolt force. Fig. 6.6 shows how the bolt force is
reduced when subjected to repeated shear load, where numerical calculations are per-
formed for three cycles. The ordinate represents the ratio of bolt stress o, under
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Fig. 6.5 Rotation loosening process of bolted joint evaluated by FE analysis.
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repeated shear load to initial bolt stress o,,;. It is easily predicted that the bolt stress is
successively lowered and finally disappears completely after a short time. Fig. 6.7
illustrates a simple strategy to prevent rotation loosening, in which a constant dis-
placement is repeatedly applied perpendicular to the bolt axis. The strategy aims to
decrease the amount of displacement generated around the bolt-nut pair by increasing
the displacement of the portion away from the bolt axis. Hence, the displacement near
the bolt-nut pair predictably becomes less than ug,.
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\
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Fig. 6.7 A simple strategy to prevent rotation loosening.
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According to Yamamoto’s theory, explained in Fig. 6.2, rotation loosening occurs
when the bolt body is twisted too much by the applied shear load and then the twisted
deformation is released. That is, if this process is repeated, it leads to a significant
reduction in bolt force. In Fig. 6.8B, it is shown how the rotation angles of five points
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Fig. 6.8 Variation of rotation angles of selected points during the loosening process.
(A) Measuring points of rotation angle and (B) progress of rotation angle.
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selected on the bolt-nut pair, shown in Fig. 6.8 A, progress when shear force is applied.
The numerical results correspond to the region O-A-B-C-D in Fig. 6.4. In [45,46], in
addition to the detailed considerations of the rotation loosening mechanism, the
effects of thread pitch, grip length, etc., are also examined, and then, the effectiveness
of the use of larger grip length and smaller thread pitch is quantitatively substantiated.
Finally, a point worthy of special mention is given on coefficients of friction:
bolt force reduction is primarily influenced by the coefficient of friction on the
nut-bearing surface, u,,,, because the whole slip condition causing the bolt force reduc-
tion is likely to occur in case of small y,,,. When u,;, is small, the slip on the thread
surface occurs, but it does not necessarily lead to a successive bolt force reduction.
In any event, it is important to avoid the occurrence of the whole slip condition to
prevent rotation loosening.

6.4 Bolt force reduction due to nonrotation loosening

6.4.1 Mechanism of nonrotation loosening

Nonrotation loosening occurs due to various causes. In the following, the major causes
are listed and the mechanism of each loosening phenomenon is briefly explained
[130-132].

(1) Embedment occurring at the interface

There are four kinds of interface, i.e., thread surface, nut-bearing surface, bolt head-
bearing surface, and the interface consisting of fastened plates. There exist numerous
microprojections on each contact surface, which closely relate to surface roughness.
These are deformed plastically when clamping the joint by applying bolt force, so that
the mating surfaces composing the interface deform so as to approach each other. This
phenomenon of bolt force reduction, due to the plastic deformation, is termed embed-
ment, as introduced in section 2.1.3. Embedment usually progresses with time and can
cause a significant reduction in bolt force. In particular, bolt force is largely reduced
when the joint is subjected to vibrative external forces.

(2) Plastic deformation around bearing surfaces

High contact pressure exerts on the nut- and bolt head-bearing surfaces owing to the
applied bolt force. When the contact pressure exceeds a certain limit, the plate surfaces
located under the nut and bolt head are deformed plastically. If such plastic deforma-
tions progress with time, loosening occurs without nut rotation due to the depression
under the nut- or bolt head-bearing surface. To prevent a depression occurring, the
contact pressure should be designed below an appropriate limit value. As introduced
in section 2.1.1, limit values of the contact pressure are tabulated in [26]. According to
that, the ratio of the limit contact pressure to tensile strength approximately ranges
from 70% to 85% for carbon steel, although it may be slightly lower in the case of
alloy steel, 35%—50% for stainless steel, and 80%—95% for aluminum and aluminum
alloy. In contrast, the ratio ranges from two to four for gray cast iron, reflecting its
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material property of high compression strength. This means that the limit contact pres-
sure is much higher than the tensile strength.

(3) Progress of plastic deformation due to external force

When subjected to large external force repeatedly, bolt force can be reduced due to the
progress of plastic deformation. The mechanism of bolt force reduction is expounded
in [130].

(4) Nonrotation loosening due to thermal load

1

2

~

3)

Difference in thermal expansion between threaded fastener and fastened plates causes
nonrotation loosening. In numerical examples 5.2 and 5.3, concrete calculation exam-
ples are given to show how bolt force varies under thermal load. When subjected to ther-
mal load, the joint temperature is raised and the bolt-nut pair and fastened plates are both
elongated. In that case, if the amounts of elongation of the two portions are equal, bolt
force is unchanged. However, if the elongation of the bolt-nut pair is larger, the bolt
force is reduced. In ordinary bolted joints, thermal load is applied to the bolt-nut pair
from the surrounding area; hence, there are few cases that the bolt temperature is higher
than the temperature of fastened plates. However, if a bolt-nut pair made of stainless
steel is used to clamp plates made of carbon steel, bolt force can be reduced even if
the bolt-nut temperature is lower than the plate temperature, because the coefficient
of linear expansion of stainless steel is about 1.5 times that of carbon steel. When
the temperature condition and nominal diameter are identical, loosening is more likely
to occur with larger grip length. Nonrotation loosening caused by thermal load is dis-
cussed in more detail in Section 6.4.5.

Creep and relaxation occurs in bolted joints exposed to high temperature continuously,
and loosening due to creep is of critical concern among various causes. In [130], bolt
force reduction due to creep is compared between the ones estimated by creep theory
and the measured values. From the mechanical point of view, it can be regarded as a
kind of residual stress, since recrystallization occurs as the temperature of threaded fas-
teners is increased. The recrystallization temperature of carbon steel is approximately
500 °C. According to VDI 2230 (2003), relaxation occurs at the temperature above half
the recrystallization temperature. Furthermore, some examples are cited on bolt force
reduction that the bolt force is significantly reduced above the service temperature of
about 240 °C in structural carbon steel and heat-treated steel, and about 160 °C in
aluminum alloy.

Change in material properties of threaded fasteners can cause nonrotaion loosening.
When a bolt-nut pair and fastened plates are made of the same material and are subjected
to the same temperature increase, the amounts of thermal expansion generated in the two
portions are equal. In this case, unless the temperature is not so high, bolt force is
unchanged because equal strains are generated in the two portions. However, if the joint
temperature is raised too high, the bolt force is reduced due to the decrease of Young’s
modulus. Then, the ratio of Young’s modulus at raised temperature to the modulus at
room temperature is calculated using table 1.4. Calculating the ratios at 200 and
300 °C, they are about 94% and 91% for carbon steel and stainless steel, respectively.
At 400 °C, the ratios decrease to 87% for carbon steel and 80% for stainless steel. This
indicates that a bolt-nut pair made of stainless steel is more likely to lose bolt force at
high temperature.

(5) Stiffness reduction of fastened plates and related nonlinear, hysteresis, and viscoelasticity
behaviors
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For the purpose of sealing contained fluids, low stiffness gaskets are commonly used
when connecting pipe flanges. In sheet gaskets, for example, the relationship between
compression force and gasket displacement is non-linear, and hysteresis characteris-
tics are observed between loading and unloading curves. When the flange temperature
is raised in the running condition, gasket stiffness is significantly decreased and, there-
fore, the curve relating gasket contact stress to compression strain significantly shifts
toward the lower stiffness side. At the same time, creep strains are generated as in
metal materials. These phenomena interact with each other in a complex manner,
thereby causing a significant bolt force reduction. Thermal and mechanical behaviors
of bolts used for clamping pipe flanges are discussed in Chapter 7.

(6) Others

When clamping plates with painted surfaces by bolt-nut pairs, bolt force reduction can
progress with time due to the existence of paint film. The extent of bolt force reduction
changes depending on the type of paint, the ratio of paint film thickness to grip length,
etc. Specifically, in the case of thin plates thickly painted, the stiffness is greatly dif-
ferent between the paint film and the plates. Therefore, it is predicted that the amount
of bolt force reduction largely varies due to a slight plate warpage, the scatter in paint
film thickness, etc.

6.4.2 Estimation method of amount of embedment

Embedment is a major cause for nonrotation loosening, in which bolt force is reduced
without nut rotation. Since embedment inevitably occurs to some extent, it is highly
important, from the viewpoint of joint safety, to predict the amount of embedment &,
with practical accuracy. Hence, if §, is accurately predicted at the design stage, it is
possible to estimate the amount of bolt force reduction due to embedment using the
spring constants of each part of the bolted joint. In VDI 2230 (1986), an estimating
formula for 6, is proposed:

5. = 0.00329(L;/d)** (6.3)

Eq. (6.3) is easy to handle, because &, (mm) can be calculated once grip length Lrand
nominal diameter d are given. However, it is pointed out that the formula tends to
underestimate the amount of §, compared to that in actual bolted joints. Therefore,
the formula was deleted at the revision of VDI 2230 conducted in 2003. Instead,
for three kinds of contact surfaces, i.e., thread surface, nut- and bolt head-bearing sur-
faces, and plate interface, standard values of embedment J, are presented for three
levels of surface roughness, although in a slightly passive form [29]. For the actual
calculation, external forces are classified into tension, compression, and shear force.

Before the above formula was presented, Junker’s proposition had been widely
employed, in which the effects of surface roughness, the number of contact surfaces,
and the direction of applied external force are taken into account. For instance, in the
case of a bolted joint being subjected to axial vibration force, concrete values of
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embedment §, are shown, i.e., Spm on thread surface, 4 pm on nut- and bolt head-
bearing surfaces and plate interface with relatively large surface roughness, etc. Then,
the sum of embedment on each contact surface is regarded as the embedment &, of the
target bolted joint [143]. In that sense, the standard values given in VDI 2230
(2003) are fairly similar to Junker’s proposition.

However, it has been pointed out that Junker’s proposition tends to overestimate
the amount of embedment. Considering the specific form of contact pressure distri-
bution at the interface, one of the causes for the overestimation could be that, in Jun-
ker’s proposition, the location of the plate interface existing between nut- and bolt
head-bearing surfaces is not taken into account. As an example, supposing that a bol-
ted joint is composed of two plates and grip length is constant, the plate interface is
located in the center of the grip length if the thickness of the two plates is identical.
Then, the contact pressure necessarily exerts on a wide area. In contrast, for the com-
bination of two plates with different thickness, higher contact pressure is applied to a
narrower area as the plate interface approaches the nut- or bolt head-bearing surface.
In Fig. 6.9, the relationship between the location of the interface and the form of
contact pressure distribution is schematically illustrated.
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Fig. 6.10 Relationship between bolt force reduction F, and embedment §..

6.4.3 Bolt force reduction due to embedment

If the amount of embedment &, is given, the resulting bolt force reduction F, can be
calculated by using the triangular section of a bolted joint diagram, shown in fig. 4.32.
It is designated as a joint triangle. In Fig. 6.10, the relationship between F, and ¢, is
illustrated by use of a joint triangle. In the joint triangle, the base length represents the
sum of the elongation of bolt-nut connection 6, and the shrinkage of fastened plates 6.
The gradients of left and right sides represent the spring constants of bolt-nut connec-
tion ky, and fastened plates k;in eq. (2.5), respectively. The wavy line in Fig.6.10 shows
the amount of §,, which is the sum of embedment produced on the four kinds of inter-
face explained in Section 6.4.1. That is, bolt force reduction F, can be calculated by
the total amount of embedment &, summed up for the four kinds of interface. Accord-
ingly, since the joint triangle is similar to a triangle whose base represents J,, the
height of the latter triangle is equal to bolt force reduction F,. Hence, F’, is calculated
by the following equation:

11\
F_,:<E+E> 5. =76 (6.4)

In Eq. (6.4), Z corresponds to the spring constant that connects k;, and k¢ in series. It
represents the total stiffness of a bolted joint and is termed embedment factor. There-
fore, Z is equal to k.., in eq. (2.5). Eq. (6.4) provides the important information that if
6. is constant and bolts and nuts with identical nominal diameter are used, bolt force
reduction F is decreased as k;, and k; are decreased. In Fig. 6.11, how F. varies
depending on the amounts of k;, and kr when 6. is constant is shown. In a low stiffness
joint, where k;, and k¢ are both small, bolt force reduction F. becomes small for the
same amount of §.. In the figure, the effectiveness of the use of a low stiffness bolt
with small &, is also shown. The above results indicate that the lower the joint stiff-
ness, the smaller the bolt force reduction due to embedment.

On the other hand, since the stiffness of thin plates is high, &, and krare both large.
Hence, care must be taken because large bolt force reduction occurs for the same
amount of embedment in comparison with thick plates. Additionally, the estimation
accuracy of bolt force reduction F, in thin plates is greatly influenced not only by the
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amount of embedment §, but also by the evaluation accuracy of joint stiffness, k;, and
k¢. In this way, embedment is of critical concern in the bolted joint composed of thin
plates, but the accurate prediction of §, is quite difficult. The reasons are listed
below.

1

2)

3)

4)

5)

In a bolted joint composed of thin plates, k;, and krare both large, hence, even a small amount
of embedment &, produces large bolt force reduction F, as evident from Eq. (6.4).
Equivalent length of engaged threads L,;, significantly changes due to the effect of inclina-
tion angle existing on the nut-bearing surface. As shown in fig. 2.8B and C, it varies approx-
imately from 0.85d to 1.70d, where d designates nominal diameter. When the spring
constant of engaged threads k, is decreased due to geometric errors existing around the
nut-bearing surface, etc., the amount of bolt force reduction F, can be smaller than the
predicted value. This phenomenon particularly appears in the tightening process of thin
plates because its spring constant k;, is largely reduced.

When tightening warped or distorted thin plates, the actual bolt force reduction F', becomes
smaller than the predicted value, because spring constant of fastened plates k; becomes
smaller than the theoretical value. However, when subjected to vibration forces, the amount
of embedment &, is increased and the bolt force reduction is progressed, which makes the
precise prediction of F, difficult.

According to Eq. (6.4), the amount of bolt force reduction F, is basically independent of
initial bolt force F ;. However, setting F,; higher, the value of k;can be significantly chan-
ged, because thin plates get into close contact so as to cancel the effect of warping or dis-
tortion. In contrast, in the case of initial bolt force F,; being low, mating surfaces are in
discontinuous contact condition, hence, the embedment is progressed under vibration forces,
etc. As a result, bolt force can be significantly reduced.

Embedment factor given in Eq. (6.4) represents the total stiffness of a bolted joint and it is
almost proportional to nominal diameter d. Therefore, for an identical amount of embedment
8., bolt force reduction F, increases nearly in proportion to d. However, replacing F', by bolt
stress reduction Ao, and considering that the bolt cylindrical area is proportional to the
square of d, it is found that Ao, is reduced in almost inverse proportion to nominal diameter
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d. In other words, the smaller the nominal diameter of bolts and nuts, the more likely bolt
stress is to be reduced due to embedment.

Learning by numerical example 6.2: Effect of embedment and grip length on bolt stress
reduction

Using Eq. (6.4), bolt force reduction due to embedment F is calculated and the bolt
stress reduction Ao, is evaluated. For a bolted joint clamped by a pair of bolt and nut of
M16 with coarse thread, assuming &, is 12 pm, bolt force reduction is calculated under
the same condition as in numerical example 6.1. The ratio of grip length L to nominal
diameter d, Ly/d, is changed to 1, 2, 4, 6, 8, and 10. The amounts of As;, are calculated
to be 45.8, 30.6, 18.4, 13.1, 10.2, and 8.4 MPa for the ascending order of L/d. This
indicates that a significant bolt stress reduction occurs due to embedment in the joint
consisting of thin plates.

Learning by numerical example 6.3: Relationship between embedment and nominal
diameter

For a bolted joint of L/d= 1, nominal diameter of a bolt-nut pair is changed to M12,
M16, M24, and M36. The joint configurations are all supposed to be similar. Assum-
ing &, is 12 pum, bolt stress reduction Aoy, is calculated to be 59.4, 45.8, 30.6, and
20.7MPa in the order of increasing nominal diameter. The result demonstrates the
statement given in 5) that larger bolt stress reduction occurs with smaller nominal
diameter for an identical amount of embedment.

Learning by numerical example 6.4: Relationship between embedment and equivalent
length of engaged threads

For a bolted joint of L/d=1 clamped by a pair of bolt and nut of M16, bolt stress
reduction Ao, is compared for the cases of equivalent length of engaged threads
L,, being 0.85d and 1.5d. For L,;,=0.85d, Ao}, is 45.8 MPa, as calculated above. When
L, is increased to 1.5d due to geometric error existing around nut-bearing surface,
etc., Aoy, is reduced to 36.5MPa. This calculation example shows the difficulty in
the estimation of bolt stress reduction in thin plates.

6.4.4 Prevention methods of nonrotation loosening

It is essentially impossible to completely prevent nonrotation loosening, unlike rota-
tion loosening, because its loosening phenomenon is influenced by microscopic plas-
tic deformations on the mating surfaces. In other words, nonrotation loosening
inevitably occurs to a greater or lesser extent. In the following, some countermeasures
effective in suppressing nonrotation loosening are listed [130,131].

(1) Use of low stiffness bolt

When a certain amount of embedment &, is inevitably generated, it is effective to reduce
embedment factor Z for suppressing bolt force reduction F,. Hence, thin and long
bolts are used in order to decrease the spring constant of bolt-nut connection k.
Another method is to use bolts and nuts made of materials with low Young’s modulus.
Except for the issues concerning cost, strength, and thermal properties, titanium-based
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materials and aluminum alloys are good candidates from the viewpoint of low stiffness
materials. The reason is that Young’s modulus is about half in the former case and is
about one third in the latter case, comparing to the modulus of carbon steel.

(2) Reducing the stiffness of fastened plates

Itis also effective to lower the spring constant of fastened plates &, for suppressing bolt
force reduction F.. When grip length L is fixed, k; can be lowered by reducing the
diameter of fastened plates around the jointed portion or inserting a spacer, as shown
in the right illustration of fig. 4.58B. In this case, &, is also effectively reduced because
of the use of a long bolt. However, attention should be paid that the usage of spacer
increases the number of contact surfaces. One way to avoid the increase of the number
of contact surfaces is to employ the joint shape in the left illustration of fig. 4.58B.

(3) Suppression of embedment

In order to suppress the amount of embedment, it is effective to reduce the surface
roughness of fastened plates. Especially in thin plates, it is important to decrease
the warping and distortion and improve the flatness. Since the amount of embedment
0, increases as the number of contact surfaces is increased, the target jointed portion
should preferably be designed to have fewer contact surfaces.

(4) Suppression of reduction rate of bolt force

Bolt force reduction due to embedment F, is basically constant regardless of the
amount of initial bolt force F,;, as found from Eq. (6.4). Hence, raising F',; to the extent
possible, the reduction rate of bolt force can be lowered.

(5) Prevention of depression of bearing surfaces

When requiring a high bolt stress in the joint consisting of a bolt-nut pair made of high
strength material and fastened plates made of low strength material, the contact pres-
sure can be lowered by expanding the bearing surface area by use of washers or hexa-
gon bolts and nuts with flange.

(6) Suppression of wear at the interface

In a bolted joint subjected to vibration force, materials with high wear resistance are
applied to the portions composing the interface for preventing fretting wear.

(7) Suppression of the difference in thermal expansion

Considering the material combination of threaded fasteners and fastened plates and
the heat flow pattern around the joint, the difference in thermal expansion between
a bolt-nut pair and fastened plates, which is the major cause of bolt force variation,
should be suppressed to as little as possible. In regard to this, the application of long
bolts, introduced in (1), to the joint subjected to thermal load can increase the differ-
ence in thermal expansion, since the amount of elongation is proportional to its length.
Therefore, when using long bolts aiming at the suppression of embedment, attention
must be paid to the differences in temperature and coefficient of linear expansion
between threaded fasteners and fastened plates.
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6.4.5 Loosening due to difference in thermal expansion

It is explained in (4) and (5) of Section 6.4.1 how bolt force reduction occurs when
bolted joints are subjected to thermal load. In this section, the mechanism of non-
rotation loosening, caused by the difference in thermal expansion occurring in the
joint, is studied referring to basic theory of thermal stress and numerical results by
FEM, which were introduced in Chapter 5.

1) Effect of joint materials

With smaller thermal conductivity of joint materials, the differences in temperature
and thermal expansion between a bolt-nut pair and fastened plates are increased;
hence, bolt force variation is increased. When bolted joints are heated, bolt stress
of the joint made of stainless steel becomes higher than those made of carbon steel
and aluminum alloy, as shown in fig. 5.9. This also suggests that the joint made of
stainless steel is more likely to loosen under cold energy.

2) Effect of the difference in coefficient of linear expansion

In a bolted joint consisting of a bolt-nut pair and fastened plates made of different
materials, nonrotation loosening tends to occur when the coefficient of linear expan-
sion of the former is larger than that of the latter, as shown in fig. 5.11. The amounts
of coefficient of linear expansion vary depending on the service temperature. For the
commonly used materials of carbon steel, stainless steel, and aluminum alloy, the
values at room temperature are 11.8 x 1075, 17.3 x 10_6, and 23.2x107°, in
the above order, according to table 1.5. When dealing with the joints consisting of
different materials shown above, particular attention must be given to the bolt force
variation due to the difference in thermal expansion. Also important is that even for
the combination of the same kind of materials, bolt force can be reduced to some
extent or more under large temperature increase, if a certain amount of difference
exists between the coefficients of the two materials.

Meanwhile, the coefficient of linear expansion for austenitic stainless steel is cited
from [23]. On the other hand, the coefficient given in [24] is 13.6 x 1075 In this text,
the former value is employed, because this value was newly measured just before its
publication. If using the latter value, the calculated bolt force reduction can be con-
siderably smaller than the actual one. Incidentally, the coefficient of linear expansion
of titanium is very small, as shown in table 1.5. Utilizing its characteristics, a research
paper has been published [25] that proposes a design procedure for a joint that is hard
to loosen against thermal load.

3) Effect of grip length

The amount of bolt force reduction is increased with increasing grip length, as found
from eqgs. (5.7)—(5.9). Numerical results by three-dimensional FEM indicate the same
tendency. When using long bolts to improve the fatigue strength, attention should also
be given to the bolt force variation due to thermal expansion, if the target joint is sub-
jected to thermal load at the same time. In many cases, the advantage brought by the
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use of long bolts seems to surpass the disadvantage caused by larger expansion due to
thermal load.

Learning by numerical example 6.5: Nonrotation loosening due to thermal load and coeffi-
cient of linear expansion

Assuming that the coefficient of linear expansion of stainless steel is, tentatively,
13.6 x 10_6, as given in [24], under the same condition as in numerical example
5.2, bolt stress reduction Ao, is calculated to be 15.0, 18.0, 19.3, 20.0, and
20.4 MPa for bolted joints of L/d=2, 4,6, 8, and 10. Comparmg these results to those
obtained by assuming the coefficient to be 17.3 x 1075, Ag, is approximately reduced
to about one-third. Although these calculation results can be predicted to some extent
from eq. (5.9), it is of significant importance to use precise values of coefficient of
linear expansion when designing bolted joints subjected to thermal load.

6.5 Inspection of bolt tightening state by torque
measurement [144]

6.5.1 Inspection methods of bolted joint integrity

The integrity of a bolted joint is sometimes checked after some running time, i.e.,
whether the target bolt is properly tightened with prescribed bolt force within the
acceptable error. Fig. 6.12 shows the summary of three types of inspection methods
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Fig. 6.12 Summary of commonly used inspection methods. (A) Release torque method, (B) re-
tightening torque method, and (C) marking method.
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commonly used, i.e., release torque method, retightening torque method, and marking
method. In all cases, the inspection is carried out based on the torque measurement.

(1) Release torque method

The judgment is made by the magnitude of loosening torque 7; required for loosening
the target bolt in the clamped state. For instance, the allowable range of the ratio of T}
to the initial tightening torque 7, is set to be between 0.6 and 0.9, based on experience.
The torque ratio 7,/T, varies according to nominal diameter d, thread pitch P, and coef-
ficient of friction u. Although the target bolt needs to be retightened, it is rather widely
applied to small bolts because of its relatively easy work.

(2) Retightening torque method

The target bolt in the clamped state is further tightened for inspection. The judgment is
made by the magnitude of applied torque when the nut rotation starts, which is termed
retightening torque 7, herein. T, tends to be larger than the initial tightening torque 77,
because the coefficient of friction in the former is likely to be larger than the latter, due
to the difference between static friction and dynamic friction. The allowable range of
T, /T, is set to be, for instance, between 0.9 and 1.2.

(3) Marking method

When the tightening operation is completed, a matching mark is drawn between plate
surface and nut or bolt head. The target bolt is once loosened and tightened again to the
marked point. The judgment is made by the magnitude of the torque required at that
time, which is termed second tightening torque T, herein. There is a case that the
allowable range of T,,/T, is set to be between 0.9 and 1.1.

In the next section, the characteristics of the three methods are examined using the
torque—bolt force relationship derived in section 3.2, under the following calculation
conditions:

Nominal diameter d: M4, M6, M8, M10, M12, M16, M24, M36, M48, and M64.
Thread pitch P: coarse screw thread, fine screw thread, and ultra-fine screw thread.
Coefficient of friction p, p *: 0.05,0.07,0.1,0.15,0.2, and 0.3.

It is assumed that the coefficients of friction on thread surface y,, and nut-bearing
surface u,,, are equal. Coefficient of friction without asterisk, 4, is the one in the initial
tightening process. The coefficient with asterisk, u", represents the one for the cases
other than the initial tightening, because its amount varies to some extent from the
initial value p.

6.5.2 Release torque method

The relationship between tightening torque T, and bolt force F, is given in eq. (3.15).

T, — % Fy{datan (9l + ) + fyucl (3.15 reshown)
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The equation for loosening torque 7 is given in eq. (3.19), and it is rewritten to express
the loosening process in the release torque method.

7= 2B {dotan (o), = B) + "o ©65)

Asterisks are added to bolt force F;, and friction angle of thread surface p',,
besides u,,, which may be changed due to the change in coefficients of friction.
In the following calculations, the bolt forces are supposed to be unchanged
for simplicity, between the initial tightening process and the inspection stage,
ie., F,=F),

Fig. 6.13 shows the relationship between the torque ratio T;/T, and nominal
diameter d. The parameter is coefficient of dynamic friction u relating to the ini-
tial tightening torque 7,. The calculations are performed by equating u* to p. It is
found that the amount of T/T, is significantly influenced by pu, especially in the
range of small u. This result can be predicted by the calculation results in numer-
ical example 3.5 in section 3.2.4. Furthermore, T)/T, is changeable in small bolts,
say, M12 and smaller. The calculation results seem to deny the conventional
method, i.e., release torque method has commonly been applied to small bolts.
Although not shown here, the effect of pitch size of bolts with identical nominal
diameter is not so significant on the inspection accuracy, compared to that of coef-
ficient of friction. The amount of 7,/T, changes for varying thread pitch by up to
about 10%.

100 s , ‘ | I
Bolts with coarse thread

T,/ T, (%)
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Fig. 6.13 Relationship between torque ratio 7)/T, and nominal diameter.
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Table 6.1 Ratio of retightening torque to initial tightening torque in case of y =0.15 (%).

w*lp 0.9 1.05 11 1.2 13 14 15

M6 913 | 1044 | 1087 | 1175 | 1262 | 135 143.7
M16 91 1045 | 109 8.1 | 1271 | 1361 | 1452
M36 909 | 1046 | 109.1 | 1183 | 1274 | 1365 | 1457
M64 90.7 | 1046 | 1093 | 1185 | 1278 | 137.1 | 1463
MI6P=15 | 907 | 1046 | 1093 | 1185 | 1278 | 137.1 | 1463
MI6P=10 | 905 | 1047 | 1095 | 119 1285 | 138 147.5

6.5.3 Retightening torque method

The relationship between retightening torque T,, and bolt force F), thus obtained is
given in the same form as eq. (3.15):

T, = %F,,* {dz tan (p;h* + ﬂ) + ﬂm,*d,m} (6.6)

The ratio of T}, to initial tightening torque T}, given in eq. (3.15), tends to be larger than
unity due to the difference between coefficients of static friction y* and dynamic fric-
tion y, as stated in Section 6.5.1. In this section, the ratio y*/u is tentatively changed to
0.9,1.05,1.1,1.2, 1.3, 1.4, and 1.5. In Table 6.1, the calculation results of torque ratio
T,,/T; are given for varying u*/u, in which y is set to be 0.15. It shows that the effects of
nominal diameter d and thread pitch P are negligible on the inspection accuracy, com-
paring to that of coefficient of friction. Fig. 6.14 represents the relationship between
T,,/T; and coefficient of dynamic friction y in the initial tightening process. It is found
that the amount of 7,,/T, is fairly close to the value of p*/u. Accordingly, it is con-
cluded that the inspection accuracy depends on how accurately the amount of u*/u
is estimated.

6.5.4 Marking method

The relationship between second tightening torque T, and bolt force is given in the
same form as Eq. (6.6) just by changing T, into Ty,. The inspection accuracy is exam-
ined by the following equation, which is derived by the equations for T, and 7:

*

Fy T,  dytan (p) + ) +

Fy Ty dytan (p"y + B) + iy

6.7)

Using the above equation, the sensitivity of u */u to F},/F), is evaluated. The ratio y */u
is changed to 0.7, 0.8, 0.9, 1.1, 1.2, and 1.3, considering the scatter in coefficient of
friction. Fig. 6.15 shows the numerical results for varying coefficient of friction . The
ratio F,/F), is to be obtained by dividing the calculated value shown in the figure by the
measured value of T,/T;. It is found from the figure that the product of F’ W/Fyand T/T,,
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is nearly equal to the reciprocal of u*/u. The allowable rage of T,/T, being from 0.9 to
1.1, which is determined empirically, roughly corresponds to the range of u*/u, being
from 0.9 to 1.1, if the bolt forces are supposed to be almost unchanged, F,, =Fj,.

6.5.5 Verification of inspection methods by experiment
and inspection guidelines

In this section, the three inspection methods discussed in the foregoing sections are
examined by experiments. Test equipment shown in fig. 3.12 is used for experimen-
tation [71], and 20 pairs of bolt and nut of M16 are prepared for each inspection
method. Initial bolt stress is set to be 100 MPa. Fig. 6.16 shows the experimental
results of measured torque ratios, T)/T, for release torque method, T,,/T, for reti-
ghtening torque method, and 7,/T; for marking method. The average values and stan-
dard deviation ¢ of T/T,, T,,/T,, and T/T, are presented in the figure. The former
values are found to be about 0.79, 1.02, and 0.98 for each inspection method, all of
which stay within the allowable range empirically determined, i.e., from 0.6 to 0.9

1.1 T T
re-tightening torque method average value = 1.024
1.0
09 L marking method i

average value = 0.977
o =0.0400

o /ﬂxﬁf\// o

release torque method
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Fig. 6.16 Experimental results of torque ratios in three types of inspection methods.
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Table 6.2 Statistical values of measured coefficients of friction.

Hin Knu Hen Hnu*
Release torque method
Average value 0.146 0.125 0.144 0.137
c 0.0082 0.0122 0.0088 0.0143
2c/average (%) 11.2 19.6 12.2 21.0

Retightening torque method

Average value 0.142 0.124 0.140 0.129
o 0.0111 0.0136 0.0108 0.0152
20/average (%) 15.6 21.8 15.4 23.6
Marking method

Average value 0.136 0.128 0.140 0.138
c 0.0087 0.0133 0.0107 0.0192
20/average (%) 12.8 20.7 15.4 27.7

for T)/T,, from 0.9 to 1.2 for T,,/T;, and from 0.9 to 1.1 for T,,/T,. As for the scatters
generating in the three methods, the ratios of 2¢ to average value are calculated to be
5.6%, 3.7%, and 8.2%, in the order of introduction.

The statistical results suggest that retightening torque method gives a relatively
high inspection accuracy. One more concluding remark is that release torque method
is preferably applied to the bolts, say, M16 and larger while avoiding the contact con-
ditions with very small coefficient of friction.

In Table 6.2, measured values of coefficients of friction are compared among the
three methods. The ratio of 26 to average value is calculated for evaluating the scatter.
The values of coefficient of friction on thread surface, yu,, and ,u;,, are about 0.14, and
no significant change is observed between the initial tightening process and the
inspection stage. Those on nut-bearing surface, y,,, and /l:u, are about 0.13 and the
scatter is larger than the case of y,, and pt:h. Next, the variation of coefficients of fric-
tion is compared in detail between the initial tightening process and the inspection
stage. The variation rates of y,, and y,,, are about 1.7% and 9.5% for release torque
method, 1.5% and 3.9% for retightening torque method, and 2.9% and 7.6% for mark-
ing method. This shows that the variation in y,, becomes relatively large in release
torque method and marking method.



Thermal and mechanical behaviors 7
of pipe flange connections

7.1 Thermal and mechanical behaviors inherent
to pipe flange connections

(1) Gaskets and bolt force govern the performance of pipe flange connections

Pipe flange connections are important machine elements used for connecting pipe-
lines. Ordinarily, pipeline sealing performance is ensured by inserting a low stiffness
gasket between a pair of flanges. This situation can be expressed by simple spring
models shown in fig. 2.4. That is, a low stiffness spring is inserted between two high
stiffness springs, in which the former and latter springs correspond to a gasket and a
pair of flanges, respectively. Therefore, the mechanical behavior of the entire pipe
flange connection is dominated by the compression characteristics of the low stiffness
gasket, because the springs are connected in series. For instance, widely used sheet
gaskets exhibit a nonlinear relationship between gasket contact stress and strain, in
addition to hysteresis characteristics between loading and unloading curves. Further-
more, the gasket compression characteristics vary with temperature. Thus, it is very
difficult to predict the bolt force variation in pipe flange connections. Concretely, it is
extremely difficult to evaluate the transition process from the initial state to the
running state and then to the shutdown operation.

(2) Tightening process of the bolts used for clamping a pipe flange connection and its sealing
performance

For clamping pipe flange connections, a number of bolts equal to a multiple of four are
commonly used. Each bolt is usually tightened sequentially, by which gasket contact
pressure is generated. If the bolt force is reduced due to various reasons, such as poor
management of initial bolt force, the action of external force, or thermal load in the
running condition, etc., the leakage of contained fluids can occur. On the other hand,
too high a bolt force can cause a failure or rupture of the gasket or excessive plastic
deformations in the pipe flange body. Therefore, the bolts used for clamping pipe
flange connections do not need to have high fatigue strength, but must have the char-
acteristics that the bolt forces are unlikely to change when subjected to mechanical
external force or thermal load.

Sealing performance is controlled by gasket contact pressure. The magnitude of
gasket contact pressure at a selected point on the flange interface is determined not
only by a single bolt force but also by the bolt forces generated in the multiple bolts
located around the objective point. This means that the contact pressure at a certain
point is determined by the action of multiple bolts. In that sense, a certain amount of
bolt force scatter is permissible if the scatter in gasket contact pressure stays within an
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allowable range. Accordingly, the accuracy required for the bolt force management is
relatively lower than that for the bolts used in machines and structures, in which
fatigue strength is of primary importance. However, since multiple bolts are tightened
sequentially in pipe flange connections, there is a difficult problem of elastic interac-
tion, introduced in section 3.7, by which large bolt force scatter can be generated.

(3) Effect of type of gasket

Gasket compression characteristics are largely influenced by the gasket materials. In
the case of metal gaskets, the relationship between compression stress and strain is
linear, but the relationship is nonlinear in widely used spiral wound gaskets and joint
sheet gaskets.

7.2 Gasket compression characteristics
and flange rotation

Fig. 7.1A schematically shows the relationship between gasket contact stress and
strain of sheet gaskets and spiral wound gaskets, in which loading curves are compar-
atively smooth and convex downward. Spiral wound gaskets are usually used at higher
temperature and pressure, comparing to sheet gaskets. On the other hand, in the case of
gaskets that contain PTFE (polytetrafluoroethylene), the relationship between gasket
contact stress and strain shows a very distinctive shape, as shown in Fig. 7.1B.

Incidentally, when high pressure fluids flow in the pipeline, flange rotation occurs
in the bolt tightening process, as explained in section 3.7.2, because large or small
raised face flanges, illustrated in fig. 3.42, are used. Hence, the gasket contact pressure
distributes in a specific pattern, shown in fig. 3.43A, where it steeply increases from
inside to outside. Accordingly, pipe flange connections behave in a very complicated
manner when subjected to inner pressure and thermal load, because of the specific
pressure distribution pattern and the compression characteristics of the objective
gasket.
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Fig. 7.1 Nonlinear relationship between gasket contact stress and strain. (A) Sheet gasket,
spiral wound gasket and (B) PTFE gasket.
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Nonlinear and hysteresis properties, shown in Fig. 7.1, are formulated in various
manners. In the case of spiral wound gaskets, for instance, gasket contact stress in
the loading and unloading curves can be expressed by sixth degree function and expo-
nential function of compression strain [89], respectively. As for sheet gaskets, it is
proposed that loading and unloading curves are both formulated as exponential func-
tion of compression strain [90]. Meanwhile, some high-performance commercial
structural analysis programs provide a special element, termed gasket element. To
use the special elements, loading and unloading curves need to be measured in
advance by experiment, and then the relationship between gasket contact stress and
strain can be reproduced as continuous functions by using the discrete data of the mea-
sured values.

7.3 Temperature dependency of gasket compression
characteristics

In many cases, high or low temperature fluids flow in pipelines. Accordingly, flange
and gasket temperatures are significantly changed during the three stages, i.e., imme-
diately after the start of plant operation, in the steady state operation, and after plant
shutdown. During these processes, compression characteristics of sheet gaskets and
spiral wound gaskets are greatly varied depending on the gasket temperature. In order
to evaluate the changes in bolt forces, which govern the sealing performance of pipe
flange connections in the process from the start of plant operation to the plant shut-
down, the temperature dependency of compression characteristics of the target gasket
must be taken into consideration. Test equipment, shown in Fig. 7.2, has been devel-
oped for measuring the relationship between gasket contact stress and strain for vary-
ing gasket temperature, aiming at covering the service temperature of sheet
gaskets [145].

The measured results of compression characteristics of aramid sheet gaskets
obtained by the test equipment are shown in Fig. 7.3A and B. Gasket temperatures
are set to be at room temperature and 100 °C, respectively. It is found that the com-
pression curves greatly shift towards the low stiffness side at elevated temperature of
100 °C. The stiffness of the target gasket is significantly decreased in the range from
room temperature to 75 °C. Then, the reduction rate of gasket stiffness is decreased
above 75 °C. The experimental results are explained in detail in [145]. Since the gas-
ket stiffness is significantly influenced by the surrounding temperature in this manner,
it is quite difficult to evaluate the mechanical behavior of pipe flange connections
under thermal load with high accuracy. In the next section, the relationship between
gasket contact stress and strain, measured by the test equipment shown in Fig. 7.2, is
incorporated into FE analysis. Then, the numerical results are presented on the vari-
ations of bolt temperature and bolt force of the pipe flange connection with time,
corresponding to the three stages, i.e., immediately after the start of plant operation,
in the steady state operation, and after the plant shutdown.
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Fig. 7.2 Test equipment for measuring the relationship between gasket contact stress and strain
at elevated temperature.

7.4 Analysis of thermal and mechanical behaviors
in running condition and during shutdown operation

From the viewpoint of the safety management of pipelines, the sealing of high tem-
perature fluids is the most important issue. Plant assembly is usually carried out at
room temperature. Then, when the plant operation is started, a difference in thermal
expansion occurs among the parts composing the pipe flange connection due to the
action of high temperature fluids flowing in the pipeline. As a result, bolt forces that
clamp pipe flange connections necessarily vary to a greater or lesser extent. Mean-
while, the dimensions, shapes, and materials of bolts, nuts, and pipe flanges used
for the target pipeline are determined according to fluid type, flow rate, fluid pressure
and temperature, etc. Even for pipe flanges made of the same material, their shapes are
not similar to each other, with varying nominal size, as explained in section 3.7. In
general, the larger the flange size, the less the flange stiffness.
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Fig. 7.4 shows a finite element model of the relatively small pipe flange that was
used for obtaining fig. 3.45B, with large raised face of inner diameter of S0mm and
nominal pressure 40K specified in JIS. Its stiffness is considerably higher than that of
the large pipe flange of 20in. in inner diameter, shown in fig. 3.44. Accordingly, in
order to evaluate thermal and mechanical behaviors of pipe flange connections under
thermal load with practical accuracy, it is required to introduce a proper numerical
method that can consider the effect of nominal size. Since there is a limit to evaluation
by experiment, a growing number of research papers by FE analysis have been pub-
lished in the conference held by Pressure Vessel and Piping Division of ASME. In the
following, the numerical results by FEM are presented, in which gasket compression
characteristics at high temperature are taken into account.

Fig. 7.5A and B illustrates the shape of the target flange specified in JIS, nominal
pressure 20 and inner diameter of 65mm, and the corresponding axisymmetric FE
model [146,147]. It has been confirmed that axisymmetric models can be used
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Fig. 7.3 Measured results of compression characteristics of aramid sheet gaskets. (A) At room
temperature and (B) at 100°C.
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Fig. 7.3, cont’d

effectively if the primary purpose is the evaluation of bolt force variation due to thermal
load. In this case, however, there are two geometric problems, i.e., bolt shape and the
bolt hole existing in the flange. These problems are solved by adjusting the relevant
stiffness by changing Young’s modulus of the bolt body and bolt hole portion. Details
of FE models and boundary conditions are given in [146,147], together with the proce-
dure for how to treat the temperature dependency of gasket compression properties. In
Fig. 7.6, variations of bolt force and bolt temperature with time are presented in the
process from the start of plant operation to the plant shutdown 30,000s later and in
the process of returning to room temperature for another 30,000s [147]. Bolt force is
presented in the dimensionless form by dividing it by the initial bolt force. It is found
that bolt force is decreased to nearly 70% of the initial value in the steady state oper-
ation. After the plant shutdown, the bolt force is further decreased to about 40%.
There are some differences between the experimental results and numerical ones
calculated by FEM, which are particularly observed in the bolt forces just after the
start of plant operation. It is presumed that the difference is not caused by the use
of axisymmetric FE models, but it is primarily caused by not taking account of the
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Fig. 7.6 Variations of bolt force and bolt temperature with time.

effect of creep in FE analysis. In any event, regardless of making various assumptions,
the amounts of bolt forces in the steady state and after the plant shutdown are in fairly
good agreement with the experimental ones, which indicates the effectiveness of the
proposed numerical method. The fundamental cause for the specific behavior of bolt
forces, by which pipe flange connections are clamped, is a decrease in gasket stiffness.
In other words, the gasket stiffness that is originally low is reduced when subjected to
thermal load, and it is further reduced in the shutdown process. The relationship
between gasket contact stress and strain of sheet gaskets is nonlinear, hence, its stiff-
ness cannot be expressed simply by use of Young’s modulus. However, the approx-
imate values can be considered to be in the order of a few hundredths of that of carbon
steel [146,147].

7.5 Thermal and mechanical behaviors of pipe flange
connections for low temperature fluids [148,149]

Leakage accidents of low temperature fluids are sometimes reported in accordance
with the rapid increase of the demand for LNG (liquefied natural gas) and other
low temperature fluids. When dealing with high temperature fluids, a decrease in
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gasket stiffness is one of the major causes for the leakage accident of contained fluids,
as explained in the previous section. In contrast, in the case of low temperature fluids,
a significant decrease or change in gasket stiffness does not occur. In this section, the
leakage mechanism specific to low temperature fluids is explained based on experi-
mental and numerical results.

Fig. 7.7 shows an experimental setup for examining thermal and mechanical
behaviors of pipe flange connections in which low temperature fluids flow. One
end of a pair of pipe flanges is closed with a thick plate made of the same stainless
steel as the flange material. The target pipe flange is the one specified in JIS, with
nominal pressure 20 and inner diameter of 65 mm. A pair of pipe flanges is clamped
with eight bolts of M16. Liquid nitrogen LN, is used as a low temperature fluid. Its
temperature is —196 °C. In the experiments, LN, is continuously poured into the test
flange connection, because LN, continues to evaporate wildly until reaching a steady
state. Variations of bolt temperature and bolt force are measured by thermocouples
and strain gages attached to four bolts. Fig. 7.8 shows the status of the test equipment
in the steady state. A lot of frost is attached around it.

Fig. 7.9 depicts the FE model used for numerical analysis. One-eighth of the target
flange connection is modeled considering the geometric symmetry. Coefficient of
heat transfer on the inner surface of the pipe flange is set to be 8000 W/m?°K based
on the experimental results, where the flange surface is assumed to be under boiling
heat transfer state. In Fig. 7.10, numerical results of the bolt temperature and bolt force
variations with time are compared to the experimental ones. Bolt force variation is
represented as the ratio of bolt stress at that time o, to initial bolt stress o;,;, which
is termed bolt stress residual rate herein. Both results are in fairly good agreement,
which substantiates the validity of the proposed numerical procedure. The experimen-
tal results of bolt temperatures and stresses in the figure are the averaged ones



Fig. 7.8 Status of test flange during experimentation.

Fig. 7.9 Finite element model used for numerical analysis.
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measured in the four bolts. It is found that the bolt stress is reduced to about 65% of the
initial value just after the start of cooling. This value is significant from the viewpoint
of sealing performance.

Next, to examine the bolt force reduction phenomenon in more realistic conditions,
a finite element model, shown in Fig. 7.11, is introduced to simulate the process of the
fluid surface being moving up and down. The rising and falling of the fluid surface
occur when starting the transfer of low temperature fluids and just before completing
the transfer work. Considering the geometric symmetry, half of the pipe flange con-
nection is modeled, and four bolts are identified by adding the numbers from the bot-
tom to the top. Engaged threads are modeled by simple equivalent models with
cylindrical shape. Parametric calculations are conducted by changing the time
required to fill the cross section of the pipe flange with low temperature fluids, i.e.,
20, 80, 320, and 1280s. In the surface falling process, the same conditions are adopted.
Presented in Fig. 7.12A and B are the variations of bolt temperature and bolt stress
with time in the surface rising process. Bolt temperature is decreased to about
—160 °C in the steady state. Bolt stress residual rate ranges between a bit below
60% and a slightly above 70% in the steady state. It is worth noting that the residual
rate of bolt1 is reduced to 37% of the initial state in 2505 after the start of experimen-
tation, for the case of required rising time of 3205s. Although not shown here, the min-
imum bolt stress residual rate is about 60% in the surface falling process.
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Fig. 7.11 Finite element model
for simulating the surface rising
and falling processes.

(A) Overview and (B) cross
section of FE model.
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Fig. 7.12, cont’d

LNG is the most commonly used low temperature liquid. Its temperature is about
—163 °C. Bolt stress residual rate is calculated in the same manner as the case of LN,.
Assuming that no boiling occurs, the same FE models are used for numerical calcu-
lations. Coefficient of heat transfer on the flange inner surface is estimated by a well-
known equation for turbulent flow in a smooth tube:

Nu = 0.023 Re *8p04 (7.1)

where Nu, Re, and Pr are the Nusselt number, Reynolds number, and Prandtl number,
respectively.

Then, the coefficient of heat transfer is set to be 1000 W/mz/K, based on the cal-
culated results for the common range of flow velocity. In this case, bolt stress residual
rate is reduced to about from 72% to 76% of the initial state and, just after the start of
cooling, it temporarily drops to 66% of the initial state. In any event, special attention
must be given to the bolt force variation in the rising and falling processes of the fluid
surface.
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Learning from problems
and accidents with threaded
fasteners

8.1 Introduction

Problems and failures of threaded fasteners occur in various forms. The complex
geometry of threaded fasteners and the diversity of applied external forces are consid-
ered to be the essential causes. Aiming at providing some hints to cope with these
problems, in this chapter, a variety of problems occurring in bolted joints and char-
acteristic mechanical behaviors inherent to threaded fasteners are introduced.

In Section 8.2, wheel falling-off accidents of large vehicles are treated, which are
caused by bolt ruptures due to metal fatigue. Although the recommended torque value
for tightening wheel bolts has been raised to prevent wheel falling-off accidents,
which were occurring rather frequently, it is concluded that it is possible that occur-
rence of the problem would become very low just by controlling the tightening torque
with practical accuracy. In Section 8.3, the mechanism of fatigue failure occurring in
the threaded portion of the axle of a rollercoaster is explained from the viewpoint of
strain energy. In Section 8.4, bearing type joints clamped with multiple bolts are
treated, which are used for supporting large shear force, and it is shown that the mag-
nitude of shear force supported by each bolt, arranged along the load direction, can be
calculated by the elementary theory of solid mechanics. In Section 8.5, mechanical
behavior of reamer bolts used for clamping rigid flanged shaft couplings is examined,
in which the effects of the fitness of reamer bolts, bolt force scatter, and assembly error
on the joint strength are comprehensively clarified by FE analysis. In Section 8.6, bolt
force reduction occurring in reamer bolts clamped by cooled fitting is treated, and a
simple formula is derived by use of spring models to calculate the amount of
reduction.

In Section 8.7, sealing performance of the plugs used for hydraulic equipment
is discussed, to which oil pressure is applied dynamically. It is shown that one-
dimensional spring models work well to express this dynamic behavior. In
Section 8.8, vibration problems inherent to bolted joints are treated, in which a numer-
ical method by FEM is proposed that can quantitatively evaluate the effect of surface
roughness on the natural frequency and natural mode of vibration of bolted joints. In
Section 8.9, to clarify the mechanical behavior of bolted joints by FEM, some tips are
provided to effectively perform the numerical calculations, for instance, a modeling
scheme considering the geometric symmetry or periodic symmetry of the target bolted
joint. In addition, mesh patterns for engaged threads are concretely illustrated that can
offer numerical results with sufficient practical accuracy.
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Although each subject treats a specific problem, such as stress analysis, low tem-
perature thermal load, modal analysis, etc., it is expected that the contents introduced
here would give some tips to solve various problems concerning threaded fasteners
and bolted joints.

8.2 Fatigue failure of wheel bolts for large vehicles
specified in JIS

8.2.1 Summary of wheel falling-off accidents

Wheel falling-off accidents from large vehicles has become a serious social problem
and threatens the safety of civilian life. Unfortunately, such accidents occur rather fre-
quently. For instance, in April 2008, a huge wheel fallen off a large trailer bounced
into the windshield of a sightseeing bus. According to statistics, most of the wheel
falling-off accidents occur in rear wheels, and two thirds of them originate from
left-side rear wheels [150]. The major cause of the accidents is fatigue failures of
threaded fasteners, which are used for installing the wheel to the hub attached to
the end of axle. One fundamental cause for wheel falling-off accidents is that the rear
wheels of large vehicles specified in JIS have a dual-tire structure, and the tightening
operation is done in two stages using dedicated threaded fasteners called wheel bolts.
In the actual operation, an inner wheel is first tightened followed by an outer wheel.

When tightening wheel bolts, impact wrenches have commonly been used because
a large number of target bolts need to be tightened. At the present time, it is mandatary
in Japan to clamp the wheel bolts with tightening torque of about 600 Nm to cope with
the frequently occurring accidents. However, the problem is that the rear wheels of
large vehicles have a very complex structure. Therefore, it is difficult to say that a
reliable formula for wheel bolts, which relates the tightening torque to bolt force to
be generated, has been prepared and a proper procedure for tightening inner and outer
wheels in two stages has been established.

Meanwhile, since some fundamental problems regarding JIS-style wheels had been
clarified by a series of related researches, ISO-style wheels came to be used in large
vehicles manufactured after 2008, in which inner and outer wheels are tightened
together at the same time using 10 wheel bolts. In contrast, eight bolts are used in
JIS-style tire wheels. Accordingly, it was strongly expected in Japan to eradicate
the accidents or achieve a significant reduction of them by changing the joint style
into ISO-style. However, the number of wheel falling-off accidents does not show
a monotonic decrease. In addition, it has been reported that a considerable number
of wheel falling-off accidents, due to fatigue failure of wheel bolts, occur in the
USA and Europe, except in Germany [150]. The situation suggests that a more essen-
tial cause for the accidents is too low a bolt force due to insufficient torque manage-
ment. In the remaining part of Section 8.2, mechanical behavior of the wheel bolts is
explained in detail, based on the research results obtained in the course of performing
the contract research with JRTT (Japan Railway Construction, Transport and Tech-
nology Agency).
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8.2.2 Joint configuration, tightening method, and fatigue
failure of threaded fasteners

Fig. 8.1A shows the standard structure of a rear wheel of a large vehicle and the tight-
ening sequence. Inner and outer wheels are attached to a hub in two stages by use of
dedicated threaded fasteners consisting of wheel bolt, inner nut, and outer nut.
Fig. 8.1B shows the actual threaded fasteners. Among them, an inner nut is a specific
part that characterizes the tightening operation of the rear wheel of large vehicles. Fine
screw threads of M20 and M30 are processed inside and outside a bell-shaped portion,
which works as a female thread and a male thread when tightening inner and outer
wheels, respectively. Bearing surfaces of the inner and outer nuts are shaped like
spherical washers with small areas. Fig. 8.2 depicts the structure around the jointed
portion when the tightening operation of inner and outer wheels has been
completed. A standard number of wheel bolts in JIS-style is eight, while the number
is six for wheels with small diameter. Wheels clamped by eight bolts are treated here,
because they are employed in most large vehicles. The tightening procedure is
explained in the following, corresponding to Fig. 8.1A:

Step 1: Bolt hole portions of an inner wheel are mounted to wheel bolts sticking out
of a hub.

Step 2: Inner nuts are attached to wheel bolts and then an inner wheel is tightened to
a hub by applying torque to the square portion of inner nut.

Step 3: An outer wheel is mounted to wheel bolts and then outer nuts are screwed
into the male threads processed on the outside surface of the inner nut.

As shown above, inner and outer wheels used in the rear side of large vehicles are
tightened in two stages. A specified tightening torque is 600 Nm for both inner and
outer wheels. As for the tightening number of wheel bolts, it is equal to the number
of bolts in front wheels having single-tire structure, while it is twice the number of

wheel bolt inner nut outer nut
(T 0 ®

outer wheel

()

A e

wheel bolt inner nut outer nut

(b)
Fig. 8.1 (A) Tightening sequence of rear wheel and (B) dedicated threaded fasteners for large
vehicles.
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Fig. 8.3 Examples of ruptured (A) wheel bolt and (B) inner nut due to metal fatigue.

bolts in rear wheels having dual-tire structure. Consequently, even in the minimum
case of large vehicles with one axle shaft in the front and two axle shafts in the rear,
the total tightening number is 80, and the number is increased to 112 for three axle
shafts in the rear.

It should be noted that, in Japan, traffic drives on the left-hand carriageway. This
could be one major reason why most of the wheel falling-off accidents occur in rear
wheels and two-thirds of them originate from the left-side rear wheels. Shown in
Fig. 8.3 are examples of a wheel bolt and an inner nut ruptured due to metal fatigue
[150]. Referring to the joint configuration in Fig. 8.2, it is found that both threaded
fasteners are ruptured around the first thread root nearest to the nut-bearing surface,
as in the case of ordinary bolt-nut connections.

8.2.3 Mechanics of tightening process of wheel bolts
and its related problems [151,152]

In Fig. 8.4, the relationship between torque and bolt force is schematically shown in
the two-stage tightening operation. When tightening the inner and outer wheels with
the specified torque of 600 Nm, bolt force produced in a wheel bolt becomes about
123kN at the completion of inner wheel tightening, and the value is increased by
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Fig. 8.4 Torque-bolt force relationship in two-stage tightening operation of rear wheel.

as much as about 30kN when tightening the outer wheel, assuming the coefficient of
friction to be 0.15. Thus, the final bolt force is about 153kN. As discussed in section
3.2.2, the magnitude of bolt force produced by a constant torque is inversely propor-
tional to nominal diameter. Considering that the nominal diameters of screw threads
used for tightening inner and outer wheels are M20 and M30, the bolt force generated
by the outer-wheel tightening will be approximately two-thirds of the one generated in
the inner-wheel tightening process. Specifically, the increase in bolt force is expected
to be about 80kN, i.e., two-thirds of 123kN. The difference between 80kN and the
actual increase of 30kN in bolt force is traced to inherent characteristics of the
two-stage tightening operation.

Since wheel bolts are tightened in two stages, two nut factors of K;,,, and K, are
necessary as a tightening guideline, corresponding to the inner-wheel and outer-wheel
tightening processes, respectively. Using K;,,,, and K,,,,,, the tightening torques required
for inner nut, T},,, and outer nut, 7,,,, are calculated, and then the two components of
bolt force, F;,, and F,,,, are obtained. As a result, the final bolt force produced in a
wheel bolt becomes the sum of F;,,, and F,,:

Tiwn = KinnFinnd
Tour = KouFourd (8.1)
Fyp="Fiu+ Fou

Fig. 8.5 shows an FE model of the jointed components of wheels, which is constructed
to derive the equation relating tightening torque to bolt force. Assuming axisymmetric
geometry, the shapes of inner and outer wheels, hub, and brake drum are simplified to
the extent that the mechanical behavior of actual joints is not impaired. Details of the
analytical procedure and conditions are given in [152]. Two nut factors, K;,,,, and K,,,,;,
defined in Eq. (8.1) are expressed as a function of coefficient of friction, as in the case
of ordinary bolt-nut connections:

Kimn = 0.6004y,,, + 0.8423y,,. + 0.02120

(8.2)
Kou = 3.179,,, + 0.6198y,,, + 0.08163
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Fig. 8.5 FE model of the jointed inner nut
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where w, Minus Howns and u,,,, represent coefficients of friction on thread surface and
nut-bearing surface in the inner-wheel and outer-wheel tightening processes, respec-
tively; and inner nut and outer nut are identified by the first subscript, i and o.

The magnitude of K;,, is considerably smaller than K, corresponding to the fact
that large bolt force is produced when tightening the inner wheel, as shown in Fig. 8.4.
This means that the tightening characteristics of wheel bolts are largely influenced by
K., Comparing K;,,,, with nut factor K for ordinary bolt-nut connections, given in eq.
(3.18), coefficient for u;,, in Eq. (8.2) is 0.8423, which is significantly larger than 0.65
for p,,,. It can be said, therefore, that u;,,,, has a relatively larger effect on the nut factor,
comparing to the case of ordinary bolt-nut connections. In other words, when coeffi-
cients of friction are varied due to the repetition of assembly and disassembly of
jointed components, wheel bolt forces are more easily changed than those in ordinary
bolt-nut connections.
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Fig. 8.6 Equilibrium of forces acting on wheel bolt in two-stage tightening operation of rear
wheel. (A) Inner nut tightening and (B) outer nut tightening.

Fig. 8.6 illustrates the equilibrium of forces acting on each part of the wheel bolt
when tightening rear wheels in two stages [70]. The mechanism of bolt force gener-
ation of F;,,,, in the inner-wheel tightening process is the same as that in ordinary bolt-
nut connections. However, the bolt force increase in wheel bolts, F,,, (=f>), in the
outer-wheel tightening process is approximately 30% of the total axial force F.
The remaining force fi—nearly 70% of Fp—acts so as to push down the inner wheel,
thereby lowering the contact stress on the inner nut-bearing surface. As a result, the
bolt force produced in the inner-wheel tightening process, F;,,, accounts for a large
percentage of the final bolt force, F', at the completion of tightening work. According
to the numerical results, the ratios of f; and f to F, show a small variation, less than
2%, when the coefficient of friction is varied from 0.1 to 0.2. Then, referring to the
ratios calculated for coefficient of friction being 0.15, f> becomes only 28% of F, and
the remaining 72% is occupied by fi. Next, using the ratios for f; and f> and Egs. (8.1)
and (8.2), it is examined in Fig. 8.7 how each coefficient of friction on the contact
surfaces affects the compression force (=F;,,, — f) acting on the inner nut-bearing sur-
face at the completion of tightening work.

Tightening torque is set to be 600 Nm in all cases. The abscissa represents coeffi-
cients of friction, u;,, and u;,,, in the inner-wheel tightening process and the param-
eters are 4, and u,,,, in the outer-wheel tightening process. The figure indicates that if
F,, 1s small and F is large, there are cases in which the contact pressure on the inner
nut-bearing surface almost vanishes. In other words, such a state occurs when y;,;, and
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Fig. 8.7 Effect of coefficients of friction on the compression force acting on inner nut-bearing
surface.

Win, are large and u,,, and p,,, are small. In that case, the movements of inner and
outer wheels are constrained only by the compression force acting on the interface
between the two wheels. Therefore, it is presumed that the contact conditions around
the jointed portion consisting of two wheels fall into a highly unstable state.

8.2.4 Scatters in bolt force and friction coefficient and its
reduction strategy

Fig. 8.8 shows an experimental setup constructed by use of the actual parts of hub,
brake drum, and other peripheral components [70]. Fig. 8.8A represents the state
before installing wheels, in which the parts sticking out of the hub surface are wheel
bolts. Shown in Fig. 8.8B is the state of the installation of inner and outer wheels being
completed. Threaded portions of wheel bolts are partly removed and machined into a
cylindrical shape, and two strain gages are attached, each one 180 degrees apart, to
measure axial bolt force, as shown in Fig. 8.8C. When measuring coefficients of fric-
tion on thread surface and nut-bearing surface separately, two crossed gages are addi-
tionally attached for measuring the magnitude of torque exerted on the bolt cylindrical
portion.

Shown in Fig. 8.9 are the measured results of coefficients of friction on thread sur-
face u;,, and inner nut-bearing surface y;,, when tightening an inner wheel. The exper-
iments are repeated five times using machine oil as a lubricant. The tightening torque
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Fig. 8.8 Experimental setup by use of actual parts of wheel joint. (A) Experimental setup for
examining tightening process, (B) installing inner and outer wheels, and (C) test specimen of

wheel bolt.
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Fig. 8.9 Measured results of y;,, and y;,, in the tightening process of inner wheel.
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is increased from 100 to 600 Nm in increments of 100Nm. Both u;;, and y;,, are
largely varied according to the repetition of tightening and disassembly. The variation
of coefficients of friction is more markedly observed in y;,,,. It is presumed that the
significant change in y;,, is caused by the fact that the mating bearing surfaces, con-
sisting of inner nut and inner wheel, have a spherical shape and the contact condition
between the two surfaces is varied owing to the repetition of tightening and
disassembly.

In Fig. 8.10, the averaged values of bolt force and its scatter generated in eight
wheel bolts are shown, in which inner and outer wheels are tightened in two stages
using a torque wrench. The experiments are repeated five times and the bolt force scat-
ter is expressed by standard deviation +1o. A considerable scatter is observed among
the eight bolts. Also significant is the scatter generated in each bolt during the exper-
iment’s five repetitions. In addition to the scatter in coefficients of friction, the scatter
in bolt force may be caused by elastic interaction among bolts, as discussed in section
3.7, when tightening them sequentially. However, it is confirmed by the numerical
results using FEM and experimental results that the effect of elastic interaction can
practically be negligible [70]. The major reason for this is that the thicknesses of inner
and outer wheels are thin and the plate surfaces composing the interface are almost

300

250 =

outer nyt tightening

_—
é 200 - ] i I _ } |
w . ) T "
: . I
g } -
150 I =1
= ]
=
/M ; ; ;
= inner nut tightening
Pl L |
§ 100
for eight wheel bolts
inner nut tightening => Mean 157.81 (kN) Standard Dev. 18.19 (kN)
outer nut tightening => Mean 183.73 (kN) Standard Dev. 21.38 (kN)
0 | | |
0 2 4 6 8
Bolt Number

Fig. 8.10 Averaged values of bolt force and its scatter generated in eight wheel bolts.
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Fig. 8.11 von Mises stress distributions around inner nut-bearing surfaces with (A) original
shape and (B) modified shape.

flat, thereby making the joint stiffness very high because of the close contact. This
result provides important information on elastic interaction. That is, in the tightening
process of a bolted joint by use of multiple bolts arranged around the circumference,
the effect of elastic interaction is almost negligible when the stiffness of fastened
plates is high and low stiffness parts like sheet gaskets are not included.

According to the experimental results shown in Fig. 8.9, in order to reduce the bolt
force scatter in wheel bolts, it is considered effective to lower the scatter in the coef-
ficient of friction on the inner nut-bearing surface u;,,. Then, by constructing FE
models whose dimensions correspond to the ones of the actual inner nut and inner
wheel, contact pressure distributions around the inner nut-bearing surface are evalu-
ated in detail. In Fig. 8.11, von Mises stress distributions around the inner nut-bearing
surface, obtained by the FE model having the original shape of the actual jointed por-
tion, are compared to those obtained by the model having a slightly modified shape. In
the latter, aiming at the smooth contact according to theory of Hertzian contact stress,
the bearing surfaces of inner nut and inner wheel are modified to be in contact as con-
vex and concave spherical surfaces. It is found that the maximum stress occurring
around the inner nut-bearing surface is significantly decreased by a slight modification
of bearing surface shape. A similar effect can also be obtained regarding the outer nut-
bearing surface. Accordingly, for the purpose of reducing the bolt force scatter in
wheel bolts, it is effective that the curvature radius of the inner nut-bearing surface
is processed to be slightly smaller than that of the mating inner wheel-bearing surface.
As aresult, smooth contact can be achieved between the two surfaces like the Hertzian
contact problem.

8.2.5 Measurement of stress amplitude of wheel bolts [153]

Fig. 8.12 illustrates the construction of a stress amplitude measurement equipment.
The equipment is assembled by diverting the rear portion of an actual trailer with
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Fig. 8.12 Construction of stress amplitude measurement equipment. (A) Front view and
(B) side view.

maximum loading capacity of 200kN. The magnitude of repeated stress, produced in a
wheel bolt in accordance with tire rotation, is measured in a state close to the actual
running condition. In the experiments, the external forces corresponding to the live
load of a trailer are applied by hand-operated hydraulic jacks. The magnitude of
the compression force is measured for one side of the rear wheels with dual-tire struc-
ture by load cells exclusively prepared for measuring the live load of large vehicles.

Wheel bolts are wholly threaded. To cope with this problem, the part of threaded
portion that is not engaged with an inner nut is removed and processed into a cylin-
drical shape. Then, four strain gages, each one 90 degrees apart, are attached to the
cylindrical surface in the circumferential direction, as shown in Fig. 8.13A. Four posi-
tions of the strain gages are identified by IN, OUT, R, and L, where IN and OUT des-
ignate the inside and outside of the wheel in the radial direction, and R and L the right
side and left side as viewed from the front of the wheel. Fig. 8.13B shows a test spec-
imen of wheel bolt with four strain gages being attached, in which four narrow grooves
are machined to pull out a lead wire of each strain gage. JIS-style wheels for large
vehicles are tightened with eight wheel bolts. Hence, the bolt located at the farthest
point from the ground is named bolt-1, which is the reference point. Other bolts
are named clockwise as bolt-2, bolt-3, etc. The measurements of stress amplitude
are carried out by the strain gage attached to bolt-1.

Fig. 8.14 shows an example of experimental results, in which the relationship
between axial bolt stress at IN and tire rotation angle is presented. The parameter
is a live load. The stress amplitude is defined by dividing the difference between
the maximum and minimum stresses, occurring during one rotation, by two. The rela-
tionship between the stress amplitude and live load when bolt force is reduced to 30%
of the standard value is shown in Fig. 8.15. Live load of 25 kN corresponds to the max-
imum loading capacity. Although not shown here, when the bolt force is reduced to
50% of the standard value, the stress amplitudes vary negligibly with live load, i.e.,
between about 5 and 8 MPa. However, there is a significant increase in stress ampli-
tude in Fig. 8.15. In addition, when the experiments are repeated for the bolt force
being 30% of the standard value, the measured bolt forces show a fairly large
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Fig. 8.13 Measuring method of stress amplitude and test specimen of wheel bolt.
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Fig. 8.14 Relationship between axial bolt stress at IN and tire rotation angle.
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dispersion, which means that the wheels are being clamped in a rather unstable state
due to insufficient bolt force. As a result, a practically important guideline is derived
that the stress amplitude of wheel bolts can be sharply increased when the bolt force is
reduced to about 30% of the standard value.

The prescribed tightening torque for wheel bolts is 600 Nm. This value was raised
from the former value of 400Nm to cope with the frequent occurrence of wheel
falling-off accidents. However, according to the experimental results explained
above, the stress amplitude shows a negligible increase when the bolt force is reduced
to 50% of the standard value. Therefore, if the tightening operation were performed
with the former prescribed torque of 400 Nm, it is expected that fatigue failures of
wheel bolts rarely occur, even if a certain extent of bolt force scatter occurs due to
a variety of factors.

8.2.6 Analysis of stress amplitude of wheel bolts by FEM [154]

Fig. 8.16A shows an FE model of the whole joint and Fig. 8.16B and C represent the
detailed mesh patterns of wheel bolt and inner nut. Considering the complex geometry
around the joint and computational efficiency, the numerical models constructed here
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Fig. 8.16 FE models of (A) whole joint, (B) wheel bolt, and (C) inner nut for stress amplitude
evaluation.

are all assumed to be linearly elastic, including the tire and the ground. Shown in
Fig. 8.17A and B are the relationship between the stress amplitude, occurred at the
first thread root of wheel bolt, and live load. In each case, the bolt force is maintained
in the normal state and is reduced to 30% of the standard value, respectively. Coef-
ficient of friction is set to be 0.15. In the latter case, the stress amplitude shows a steep
increase with increasing live load at the position of OUT on the wheel bolt surface.
When coefficient of friction is increased, although not shown here, high stress ampli-
tude is produced in a similar manner to the case of bolt force being significantly
decreased. This result suggests that particular attention should be paid to the surface
roughness of contact surfaces related to the tightening and disassembly processes,
together with the measured results of coefficient of friction on the inner nut-bearing
surface, shown in Fig. 8.9.

8.2.7 Development of tightening apparatus equipped with
multiple shafts and torque control mechanism [155]

The tightening torque recommended for wheel bolts is 600 Nm. In order to tighten the
bolts by human power using a dedicated wrench of 7.2kg mass and 1.2m arm length,
the magnitude of applied force is approximately SO0N. The work can possibly be
achieved only by a person with significant physical strength. Therefore, a special
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torque wrench has been developed that needs smaller tightening torque of 300 Nm
due to the design of the mechanical mechanism. In any event, when repeating the
tightening operation of wheel bolts and inner nuts, for example, 80 times in total, a
very large tightening energy is required. It is practically impossible for one worker
to complete the work in a short time. Alternatively, if an impact wrench is
employed to improve the working efficiency, which is not equipped with torque
control function, it leads to a serious problem of insufficient bolt force or a failure
of threaded fastener due to overtightening. As a countermeasure for the forgoing
problem, it is recommended to use tightening equipment with torque control
function.

Fig. 8.18 represents the measured results of bolt force when tightening operation is
carried out by air-powered wrench with torque control function. Comparing to the
experimental results in Fig. 8.10 performed by manual torque wrench, the scatter
in bolt force becomes very small. When using manual wrenches, the work requires



Learning from problems and accidents with threaded fasteners 307

70 I I
Wheel bolt

el -~ . |
[
By
e
s O—IN
&~
i —— OUT
£ 4 [ ——L
=
= *—R
=
2 30
2
=
£
< 20
w
8
&
wn =

10 @g&/

| | | |
0
0 10 20 30 40 50
Live Load (kN)

(b) (30% of normal value)

Fig. 8.17, cont’d (B) reduced bolt force states.

all the strength of the worker to tighten with the specified torque of 600Nm.
Hence, it is difficult to progress the tightening work at a constant speed, thus lead-
ing to a large scatter in bolt force. In contrast, smooth tightening operation can be
achieved by use of a powered wrench equipped with torque control function. That
may be the major cause of the small scatter in bolt force, shown in Fig. 8.18.
Fig. 8.19 depicts tightening equipment especially developed to tighten the wheels
of large vehicles, by which four wheel bolts can be tightened simultaneously,
because four air-powered torque wrenches are incorporated into the equipment.
The tightening operation is stopped when the applied torque reaches a prescribed
value of 600 Nm. The whole equipment is supported by an arc-shaped arm, which
enables it to be rotated clockwise or anti-clockwise by 45 degrees from a horizon-
tal position. Therefore, by repeating the simultaneous tightening of four bolts
twice, the tightening operation of a set of eight wheel bolts or eight inner nuts
can be completed.
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Fig. 8.18 Examination of tightening accuracy of air-powered torque wrench.

Fig. 8.19 Newly developed equipment to simultaneously tighten four wheel bolts or inner nuts.
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8.3 Fatigue failure of threaded portion
of rollercoaster axle

A terrible rollercoaster accident occurred in May 2007 at Expo Land, located in
Osaka, Japan. It has been reported that the cause of the accident was the rupture of
the threaded portion processed at the end of an axle, due to metal fatigue. In the fol-
lowing, it is discussed how the shape of the threaded portion affected the strength.

1) Strain energy stored in a stepped bar and the shape of the axle of the rollercoaster

Slender bolts with reduced shank are customary used as a crankpin bolt in large-scaled
internal combustion engines. The use of slender bolts is a well-known strategy, by
reducing the bolt stiffness, for raising the fatigue strength of jointed components sub-
jected to large external forces repeatedly. On the other hand, from the viewpoint of
strain energy, a stepped bar can absorb a lower amount of strain energy than a
straight bar.

In Fig. 8.20A, strain energies U stored in straight and stepped bars are compared
[156]. As the length of the thick portion increases for the total length, the absorbing
capacity of strain energy is decreased because the deformation of the total bar is con-
centrated around a slender portion. Fig. 8.20B illustrates the original shape of the rup-
tured rollercoaster axle. It is like a stepped bar consisting of three bars with different
diameters. The threaded portion has a small diameter and its length is short for the total
length of the axle. Accordingly, when the axle is subjected to axial force, the total
absorbing capacity of strain energy necessarily becomes small, since the deformation
is concentrated on this slender portion.

2) On the fatigue failure of the axle

When axles or bars are ruptured due to metal fatigue, the configuration of fracture
surface varies depending on the way external forces are applied. In the case of pro-
peller shafts, in which the shear force due to twisting moment is a dominant factor,
the rupture commonly occurs in a 45 degrees orientation relative to the axis. It coin-
cides with the direction of the principal stress exerted on the shaft. In contrast, in case

(@)
Fig. 8.20 Strain energy stored in straight and stepped bars and the end configuration of the
ruptured axle. (A) Comparison of strain energy and (B) stepped bar with threaded portion.
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of bolt-nut connections under repeated loading, the rupture usually progresses in the
cross section almost perpendicular to the bolt axis. The ruptured axle of the roll-
ercoaster had been subjected to various types of loadings, i.e., bending due to the
weight of the rollercoaster and passengers acting upward and downward, axial loading
due to the turning motion of the rollercoaster, etc.

The fracture surface of the axle is almost perpendicular to the axis, as shown
in Fig. 8.21. The configuration of the fracture surface is similar to the one
occurring in the pulsating fatigue test of bolt-nut connections. In addition, a
comment has been issued that the axial force applied repeatedly is a dominant
factor in this accident [157], since fine striped patterns inherent to fatigue fail-
ure are observed. One and a half months after the accident, in the process of
accident investigation, serious cracks were found at the same position of another
rollercoaster, which had been operated as a pair. It indicates that there were pos-
sibly fundamental problems on the axle configuration and the management of
tightening operation of the axles.

8.4 Mechanical properties of multibolted joints under
shear loads [158]

8.4.1 Multibolted joints clamped by friction type and bearing type

When a joint is clamped by multiple bolts, the bolts are usually arranged perpendicular
to the load direction so that the applied external force is equally shared among them.
On the other hand, there are cases in which, due to various reasons, bolts are arranged
along the load direction. When the strength calculation is carried out for this type of
joints, it is customary to assume that the applied external force is equally supported
among all bolts. In fact, however, each bolt shares a different percentage of the
applied load.

In multibolted joints, friction type joints tightened with high strength bolts are
widely used, as depicted in Fig. 8.22A. Mechanical behavior of the friction type joints
is almost equal to that of monolithic structures, unless slip occurs on contact surfaces.
In bearing type joints, shown in Fig. 8.22B, the applied shear load is supported by
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Fig. 8.22 (A) Friction type joint and (B) bearing type joint.

bringing the bolt cylindrical surface into contact with the bolt hole of fastened plates.
At that time, a certain percentage of applied load is also sustained by the friction force
on the contact surface. In bearing type joints, therefore, it is difficult to quantitatively
evaluate the percentages of the shear load sustained by the friction force on the contact
surface and the bearing force acting on the bolt hole surface. Fig. 8.23A and B illus-
trates chain and zigzag types of multibolted joints; m and n represent parallel and per-
pendicular row numbers to the direction of applied load. For the case of a joint being
subjected to shear load, it has been pointed out that regarding the perpendicular row
number 7, the percentages of the sustained load become large at both ends, but no
quantitative evaluation had not been performed [159]. In order to apply bearing type
joints, which are less expensive than friction type joints, safely and effectively, it is
necessary to establish a calculation method that can quantitatively evaluate the joints’
mechanical behavior.

‘ _ Fig. 8.23 (A) Chain type
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8.4.2 Mechanism of shear force transfer in bearing type joints

Fig. 8.24 shows the equilibrium of forces in a bearing type joint of perpendicular row
number n=4. Bolt number { is labeled from the center of the joint toward its edge at
which shear force is applied. Shear force F, which is the applied external force, is
transferred as the combination of bearing force on the bolt cylindrical surface and fric-
tion force at the plate interface. For simplicity, the case of parallel row number m =1 is
treated here. Let the bearing and friction forces sustained by bolt i be F¥ and F¥. Then,
the sum of FY and F¥ for all bolts is naturally equal to Fi:

> (FY+F) =F, (8.3)

i=1

Next, RY and R are defined by dividing FY and F¥ by F:
RN =— R{=_L (8.4)

In Eq. (8.4), RY and R¥ are termed shear load-bearing ratios by bearing force and fric-
tion force. The sum of them, R;, is simply called shear load-bearing ratio of bolt i:

R;=RY+R! (8.5)

The sum of R; for all bolts becomes unity as a natural consequence:
S Ri=> (RN+R) =1 (8.6)
=1 i=1

Contact surfaces existing in a bolted joint are classified into four types, i.e., thread
surface, nut-bearing surface, bolt head-bearing surface, and plate interface. Among
them, it is predicted that the plate interface has a dominant effect on shear load-bearing
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Fig. 8.24 Equilibrium of normal and friction forces in a bearing type joint.
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ratio R;, because its contact area is the largest. In the conventional design procedure,
F* is assumed to be zero for bearing type joints, while F? is set to be zero for friction
type joints.

8.4.3 Finite element analysis of multibolted joints clamped by
bearing type

The analytical object is a butt-type chain bolted joint shown in Fig. 8.23A. Three
plates with identical thickness of 12 mm are clamped by M16 bolts with coarse thread.
The bolt hole diameter is 17.5 mm. With regard to the bolt arrangement, the distances
between neighboring bolts in the load direction and the distance perpendicular to the
load direction are both 65 mm. The distance from the center of the outmost bolts to the
plate edge is set to be 28 mm.

Other than the joint geometry, bolt force F, applied shear force F, and coefficient
of friction u are the factors affecting the mechanical behavior of the joint. In the
numerical calculations, Fy and u are varied for a constant bolt stress ;. The magnitude
of shear force F is determined on the basis of mean shear stress 7 exerted on a single
shear plane of each bolt. Since there are two shear planes in a joint consisting of three
plates, shear force F is calculated by the following equation for the case of perpen-
dicular row number n and parallel row number m=1:

F, = %d% X2 % n (8.7)

where d designates bolt nominal diameter.

The standard analytical condition is selected so that the joint contact condition is in
the bearing type, i.e., 6;,= 100 MPa, 7=30MPa, 4 =0.07. Fig. 8.25A and B shows the
finite element models, the case of m=1 and n=35, and the case of m=3 and n=35,
respectively. Fig. 8.26 represents the numerical results for varying perpendicular
row number # from 2 to 5 under the standard condition of y =0.07. The ordinate rep-
resents shear load-bearing ratios, Rf»v and R, and the abscissa shows the bolt number

Fig. 8.25 Finite element models of
multibolted joints. (A) m=1, n=5 and
B)m=3, n=5.

No. of nodes = 23127 No. of elements = 15863

()

No. of nodes = 38325 No. of elements = 51300
(b)
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Fig. 8.26 Effects of perpendicular row number and coefficient of friction on shear load-
bearing ratio.

i defined in Section 8.4.2. Shear load-bearing ratio R;, which is the sum of RY and R%,
becomes relatively large at both ends, i.e., in bolt-1 and bolt-n. This result coincides
with the load distribution pattern stated in [ 159], which supports the indication that the
fractures are likely to occur in the bolts located at both ends.

Next, how RY and R* contribute to R; is compared. Fig. 8.26 shows that RY is
almost equal for all bolts. The result is consistent with the conventional design pro-
cedure for friction type joints, which states that each bolt equally sustains the
applied shear load. It is therefore concluded that the characteristic distribution pat-
terns of R; are caused by the bearing forces acting on bolt cylindrical surface.
Although not shown here, the amounts of R/ increase as y is increased. In that case,
RY' is almost equal for the bolts arranged in the load direction, as in the case of
Fig. 8.26.

For a given joint geometry, the determination of the joint type, bearing type or
friction one, depends on the factors such as applied shear force, bolt force, and coef-
ficient of friction. The conditions that determine the joint type are studied using the
joint model of m=1 and n=>5. In Fig. 8.27, it is shown how the joint type falls into
bearing type or friction type for varying loading and surface conditions, where the
ordinate is 7 and the abscissa is the product of y and bolt stress o,. When 7 is con-
stant, the joint gets into friction type as uo,, is increased. The gradient of the right
straight line, which divides bearing type and friction one, is about 1.1. On the con-
trary, as 7 is relatively increased or o, is decreased, slip occurs at the interface.
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Fig. 8.27 Judgment conditions for determining joint type.

In the case of the joint consisting of three plates treated here, the center plate first
starts to slip, then the left surface of the bolt body is brought into contact with the
plate hole surface. As 7 is further increased or uoy, is decreased, the bolt starts to slip
against the upper and lower plates. Then, the right cylindrical surface of the bolt
comes into contact with the hole surfaces of upper and lower plates. These situa-
tions are both regarded as bearing type joints. The former is designated as partial
slip and the latter is complete slip in the figure. The gradient of the straight line that
divides the two kinds of bearing type joints is about 2.8. From the foregoing expla-
nation, it is found that the transition from friction type to bearing type progresses in
two steps.

In actual joints, it is possible to prescribe the applied shear force F; and bolt force
F;,. However, the joint surface conditions change due to various factors. That is, the
joint type in service condition is to be determined depending on coefficient of friction
u. It is worth noting here that the use of Fig. 8.27 makes it possible to obtain the critical
value of u for a constant 7 or F that changes the joint status from friction type to bear-
ing type of partial slip.

8.4.4 Analysis of shear load-bearing ratio using spring models

It has been substantiated that the numerical results of R; obtained by three-dimensional
finite element analysis, for the case of parallel row number m =1, can favorably be
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Fig. 8.28 Spring models for calculating shear load-bearing ratio of bearing type joints.
(A) Analytical model and (B) spring model.

applied to the cases of m =2 and larger. For shear load-bearing ratio by bearing force,
Rf»v , it has been shown that Rﬁv distributes in a similar manner to the case of m=1,
regardless of coefficient of friction u, and the amount of R/ is almost equal for each
bolt, as shown in Fig. 8.26. These results indicate the importance of shear load-
bearing ratio for the case of m=1, for which perpendicular row number 7 is sys-
tematically varied. Hence, in this section, a simple method based on elementary
solid mechanics is proposed to predict the shear load-bearing ratio under the con-
dition of x=0.

Fig. 8.28 A illustrates a simplified joint model corresponding to Fig. 8.24, in which
abolt is modeled into a simple cylinder and the effect of friction is not considered. &p,,,,
kpic, and k. are spring constants that represent the stiffness of bolt body, center plate,
and a set of upper and lower plates for one bolt pitch length. Using the three spring
models, the whole structure can be modeled as shown in Fig. 8.28B. The equation of
kpn 1s derived by combining the two solutions for a cantilever beam and a beam fixed
at both ends, both of which are subjected to uniformly distributed load. The equations
of k.. and k,,, are derived by assuming a plate under uniform tension. The evaluation
method of Ky, kpie, and k. is explained in detail in [158]. Fig. 8.29 shows the cal-
culated results of shear load-bearing ratio R;, where perpendicular row number 7 is
changed from 3 to 5. In the figure, numerical results by FEM are also presented
for the case of a very small coefficient of friction, y=0.001. Both results agree quite
well. It is concluded, therefore, that for the case of coefficient of friction being small,
shear load-bearing ratio can be evaluated by the elementary method explained above.



Learning from problems and accidents with threaded fasteners 317

50

m=1

40 - / | 8
o :3/// /ﬁ /

30 80—y / 7

10 - FEM 3 - —

Shear Load Bearing Ratio (%)

SPring (g A m
model
0 | | |
1 2 3 4 5

Bolt Number

Fig. 8.29 Comparison of shear load-bearing ratios obtained by elementary method and FEM.

8.5 Strength and load capacity of reamer bolts used
for rigid flanged shaft couplings [160,161]

8.5.1 Configuration and rupture phenomena of reamer bolts

A reamer bolt has a characteristic shape whose cylindrical diameter is equal to the bolt
hole diameter, as shown in Fig. 8.30A. It is used to support large shear forces exerted
on the joint by attaching its cylindrical surface to the bolt hole surface. In actual joints,
however, since the contact condition of the two diameters being perfectly equal does
not exist, the jointed portion is either in interference fit or in clearance fit, as shown in
Fig. 8.30B. Regarding the amount of fit §, it is reported that there exists a fair amount
of dimensional error, up to 20 um, between the diameters of bolt cylindrical portion
and bolt hole, referring to the measured data of the rigid flanged shaft coupling of ship
propeller shafts [162]. In the assembly process of actual joints, most joints are pre-
pared in a slightly interference fit condition. According to the accident reports on
reamer bolts provided by ClassNK, which is a representative ship classification soci-
ety, the position of rupture occurrence is not at the interface between the two flanges
but on the reamer surface shown in Fig. 8.31, which is somewhat away from the inter-
face toward the ship propeller.
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Fig. 8.31 Rupture of reamer bolt used for shaft coupling of ship propeller.
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8.5.2 Mechanical properties of reamer bolts and its related
problems

Fig. 8.30A shows the equilibrium of forces around the joint clamped by a reamer bolt
when subjected to shear force due to external force like shaft torque. As is evident
from the figure, the forces acting on the joint must be evaluated by the sum of the
force perpendicular to the reamer surface and the friction force at the plate interface.
In contrast, a certain amount of clearance exists in ordinary bolts; hence, they are
called loose bolts. In loose bolts, the shear force applied to the joint is transmitted
only by friction forces acting on the plate interface, and nut- and bolt head-bearing
surfaces. When using the high strength bolts introduced in Section 8.4.1, which are
commonly used in the field of architecture, the roughness of the plate surface is
intentionally raised to increase coefficient of friction. The ingenuity makes it possi-
ble to sustain large shear forces by clamping the bolt with high bolt stress. Specifi-
cations of reamer bolts are given in JIS B1451 “Rigid Flanged Shaft Couplings.”
Fig. 8.32 schematically shows the configuration of the flanged shaft coupling.
According to JIS, the shear strength of reamer bolts is evaluated by the following
equation:

(8.8)

. T
TTE

% g x m
where 7 and T represent mean shear stress at the cross section of reamer bolt and
applied torque, and B, n, and d,, designate diameter of bolt pitch circle, number
of bolts, and reamer bolt diameter, respectively.

The torque transmitted from the rotating shaft is delivered from the driving side
flange to the driven side one through reamer bolts that clamp the two flanges. At that
time, the delivered torque acts as a normal load on the cylindrical surface of reamer
bolt. In Eq. (8.8), it is assumed that the applied torque is sustained by half the number
of actually used bolts, n/2, considering the dimensional accuracy of bolt hole and bolt
location and the assembly error of flanges, etc. In addition, Eq. (8.8) does not take

Torque

Fig. 8.32 Rigid flanged shaft coupling specified in JIS B1451.
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account of the positive effect of friction force at the interface between mating flanges.
The problems when using reamer bolts are listed below:

1) InJIS calculation formula, Eq. (8.8), it is assumed that the delivered torque is only sustained
by the forces perpendicular to the cylindrical surface of reamer bolt. That is, the effect of
friction force is not considered. Alternatively, the effects of various factors like geometric
and assembly errors, etc., are treated by adjusting the number of clamping bolts from n to
n/2. However, the rationale of this assumption is not clear.

2) Since it is virtually impossible to perfectly match the diameters of reamer bolt and bolt hole,
a practical calculation procedure should be established, which can evaluate the strength of
shaft coupling by considering the dimensional errors to the extent that occurs in the actual
joints.

3) When the clearance between reamer bolt and bolt hole varies from plus-minus a few pm to
10 pm, it is substantially impossible to comprehensively clarify the mechanical behavior of
the shaft coupling by experimental approaches.

4) A certain amount of dimensional error inevitably occurs in the location of bolt holes of the
mating flanges, unless the two bolt holes are processed by stacking the two flanges that make
up the shaft coupling. However, in the marine engineering field, components, e.g., main
engines and propeller shafts, are usually manufactured by different companies. Therefore,
it becomes an unavoidable problem.

In order to solve the aforementioned four problems and elucidate the related mechan-
ical phenomena, it is effective to introduce numerical analysis methods represented
by FEM.

8.5.3 Shear force transfer ratio and bending stress

When two plates with identical thickness are tightened by a single reamer bolt, as
shown in Fig. 8.30A, shear force applied to the joint, F', is carried by the combination
of the force perpendicular to reamer surface and friction force. Considering the equi-
librium of forces in the upper plate, the following equations are obtained [160]:

er - Frml/Fs
R, = (FW + Fpl)/Fs (8.9)
Wherer :Frml +Fnu+Fp1

Similar equilibrium equations hold for the lower plate. R,,,, and R, represent the ratios
of shear load transmitted through reamer surface and friction force, respectively. They
are collectively termed shear force transfer ratio, which is abbreviated as SFTR. The
sum of R,,, and R, naturally becomes unity. F,,,; and F,,,, are normal forces acting on
reamer surface. F,,, F), and F,, are friction forces acting on nut- and bolt head-
bearing surfaces and plate interface, respectively. The ratio of R,, to R, varies
depending on the fit around reamer bolt, coefficient of friction, bolt stress, the mag-
nitude of applied shear force, and joint geometry. If the effects of these factors on the
ratio of R,,, to R, can be evaluated quantitatively, it becomes possible to revise the
conventional guideline for the strength evaluation of reamer bolts and construct a
new guideline considering both safety and efficiency.
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to center of flange

Fig. 8.33 Bending loads exerting on reamer bolt in circumferential and radial directions.

The cylindrical portion of the reamer bolt is subjected to bending stress induced by
the applied shear load. Referring to Fig. 8.30, in the case of interference fit, the bend-
ing load acts so as to deform the cylindrical portion of the reamer bolt into an S-shape
against the interface consisting of two plates. As a natural consequence, how the
applied load acts on the joint is significantly changed, depending on the fit between
the bolt cylindrical portion and the bolt hole. The cylindrical portion of reamer bolts,
used for rigid flanged shaft couplings, is subjected to bending loads in the circumfer-
ential and radial directions, as shown in Fig. 8.33. Circumferential bending stress is
defined by dividing the difference between the axial stresses exerted on the left and
right sides of the cylindrical portion, 6; — o, by two [161]. Radial bending stress is
defined in the same manner using o7y and ooy shown in the figure. When the objec-
tive joint is a rectangular-shaped one, which is treated in the next section, its bending
stress component corresponds to the bending stress in the circumferential direction by
assuming the shear load direction being circumferential.

8.5.4 Effects of fit, friction coefficient, and bolt stress

Fig. 8.34A and B show finite element models of a rectangular-shaped joint and a rigid
flanged shaft coupling. In the latter FE model, the engaged thread portions are rep-
laced by simple cylinders aiming at enhancing calculation efficiency. The magnitude
of shear force is expressed by the mean shear stress 7 exerted on a single shear plane of
the target reamer bolt. In the case of the joints shown in Fig. 8.34, the number of shear
plane is one, because the fastened plates are composed of two plates. When the joints
are composed of three plates, the number of shear plane becomes two. The numerical
results for the rectangular-shaped joint are shown in this section [160].

In Fig. 8.35A and B, shear force transfer ratio is shown for the bolt stress o, of 100
and 300 MPa, respectively. The abscissa represents the fit §- between reamer bolt and
bolt hole, and the parameter is coefficient of friction y on contact surfaces. Mean shear
stress 7 acting on the reamer bolt is set to be S0 MPa. It is found that as the fit d¢ is
increased, R,,, increases and R, decreases. Regarding coefficient of friction u, as a
natural consequence, R, increases and R,,, decreases with increasing u. The effect
of u becomes small in the range of §.> 0, i.e., interference fit. In contrast, the effect
of & is rather small in the range of J,. <0, i.e., clearance fit, and then the values of R,.,,
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Fig. 8.34 Finite element models of
rectangular-shaped joint and rigid
flanged shaft coupling.
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and R, become almost constant. That is because the occurrence of slip brings the
reamer surface newly into contact with the bolt hole. Hence, the ratio of R,,, to R,
becomes almost constant. In Fig. 8.35B, when g is 0.2 and 6¢ is less than —5pum,
R,,, is zero and R, is unity, because contact surfaces are completely in stick condition.
In summary, the ratio of R,,, to R, significantly varies depending on the fit 6, coef-
ficient of friction x4 and bolt stress o,.

The numerical results of bending stress generated in reamer bolts are shown in
Fig. 8.36A and B. In the figures, two components are also shown of axial bolt stress
on the reamer surface located 180 degrees apart from one another against the shear
load direction. The amount of fit ¢ is set to be —10pm. Coefficient of friction u
is changed to 0.2 and 0.1. In the case of x=0.2, the magnitudes of bending stress,
depicted by black circles, are all small. However, in the case of y=0.1, the bending
stress significantly increases and shows the maximum value in the bolt head side away
from the interface. This location almost coincides with the one where the rupture of
reamer bolts frequently occurs, shown in Fig. 8.31. Although not shown in the figures,
in the case of 6.=0pm and x=0.1, the maximum bending stress is produced around
the interface between two flanges.

As a result, it is concluded that the rupture of reamer bolts is likely to occur
under large shear load, when ¢ is less than zero, i.e., clearance fit, and u is small.
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Fig. 8.35 Effects of various factors on shear force transfer ratio. (A) o, =100MPa and
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This suggests that special attention must be paid to cases like ship propeller shafts,
in which the direction of rotation frequently changes, particularly in the harbor area.
In that case, even if the contact condition is initially interference fit, it may change
into clearance fit due to the repetition of twisting moments applied in the clockwise
and anticlockwise directions. In addition, there is a high probability that coefficient
of friction is also decreased, owing to the rubbing action at the interface. Then,
large bending moment occurring on the reamer surface can cause the fatigue failure
of reamer bolts.

8.5.5 Effects of bolt force scatter and alignment error [161]

Since shaft couplings are clamped by multiple bolts, it is considered that the scatter
in bolt force among them and the misalignment existing in the shaft system signif-
icantly affect the mechanical behavior of the couplings. In order to clarify the phe-
nomena, systematic numerical analyses were conducted using the entire model of
the coupling shown in Fig. 8.34B. Regarding the bolt forces, the numerical results
have shown that the scatter to the extent usually occurring has little effect on shear
force transfer ratio and the bending stress exerting on reamer bolts. As an extreme
example, when the bolt force is completely lost in one bolt, it has been reported that
in clearance fit, most of the applied shear load is supported on its own reamer sur-
face. On the other hand, the effect of the bolt force loss in one bolt is limited in
interference fit.

When connecting two shafts using a pair of rigid flanged shaft couplings, it is
practically impossible to make the center axes of driving and driven shafts
completely coincide with each other while bringing the mating flange surfaces
into close contact. In actual shaft couplings, there exist some types of misalign-
ments, as shown in Fig. 8.37. The three types of misalignments are commonly
termed offset or parallel misalignment, endplay or axial misalignment, and angu-
lar misalignment [163].

Since the mechanical behavior of shaft couplings is influenced by the stiffness of
the entire joint, it varies depending on the bolt stress and the distance between the joint
and bearing, as well as the amount of misalignment. Regarding parallel and angular
misalignments, in order to avoid the generation of high bending stresses in the running

(a) (b) ()
Fig. 8.37 Three basic types of misalignments in shaft couplings. (A) Parallel misalignment
(offset), (B) axial misalignment (endplay), and (C) angular misalignment.
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condition, the shaft system is aligned very carefully so as to make the center axes of
both shafts precisely coincide with each other. However, in shaft systems like ship
propeller shafts, a certain amount of parallel and angular misalignment is inevitably
produced, owing to the shaft weight and the deflection of bearing foundation.
In contrast, endplay or axial misalignment becomes an issue less frequently in actual
shaft couplings. In any event, it is important to clarify the threshold of the mis-
alignment beyond which it would affect the mechanical behavior of shaft couplings.

According to the numerical results, the effect of parallel misalignment on shear
force transfer ratio and bending stress is small as long as the misalignment stays within
one 1/100th of the shaft length. As for endplay or axial misalignment, if the amount is
so large that the mating flange surfaces are not in contact each other in the initial tight-
ening state, large bending stresses are produced in the bolt body in both radial and
circumferential directions. However, when the amount of misalignment is not so
large, its effect can be mitigated by raising the bolt stress.

Angular misalignment is the most troublesome for shaft couplings. Fig. 8.38 shows
the effect of angular misalignment on shear force transfer ratio of reamer surface, R,,,.
The line for 0 degrees indicates the status without angular misalignment. The effect of
misalignment is remarkably observed beyond about 0.03 degrees. Although not shown
in the figure, bending stresses are also increased beyond 0.03 degrees, corresponding
to R,,,,. If such a large amount of angular misalignment exists, large bending stresses
are produced in the bolt body in the radial and circumferential directions. It should be
kept in mind that this undesirable phenomenon can scarcely be mitigated even if rais-
ing the bolt stress.
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Fig. 8.38 Effect of angular misalignment on shear force transfer ratio.
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8.6 Tightening process of reamer bolt by cooled
fitting [164]

8.6.1 Tightening procedure and its related problems

Diameter of reamer bolt is basically processed to be equal to bolt hole diameter. How-
ever, a certain amount of difference inevitably occurs between the two diameters due
to processing errors. To cope with any dimensional error, reamer bolts are cooled in
the actual tightening work to reduce the diameter using dry ice or liquid nitrogen, and
then are inserted into the bolt hole. After that, a usual tightening operation is carried
out. As a consequence, the following problems arise:

1) If the tightening operation is completed while the reamer bolt temperature is still quite low,
the bolt force produced at that time is going to be reduced with time, due to bolt elongation
occurring while the bolt temperature increases to the ambient one.

2) To avoid the foregoing problem, if the tightening operation is started after the whole joint
temperature almost reaches the ambient one, it requires much longer working time.

3) When the fit between the reamer bolt body and bolt hole is in the state of interference at room
temperature and the shrinkage by cooled fitting is insufficient, there is a possibility of the
seizure occurrence on the reamer surface in the tightening process by torque control method.

4) If the reamer bolt body is in contact with the bolt hole during the tightening process, a part of
the tightening torque is consumed as friction work, hence, the bolt force is decreased to
below the target value.

When carrying out cooled fitting, in order to cope with the first problem, the tightening
work should be started after the joint temperature almost reaches the ambient one
[165]; however, this idea causes the second problem of long working time and the
third problem of seizure with respect to the fit or the problem of insufficient bolt force.
Therefore, if the amount of bolt force reduction due to the temperature increase after
the completion of tightening work can be predicted, three problems, from 2) to 4),
occurring in the reamer bolts become avoidable while conducting the tightening oper-
ation at low temperature.

8.6.2 Estimation method of amount of bolt force reduction
due to temperature increase

Fig. 8.39 schematically shows the tightening process of reamer bolt, which consists of
three steps, as shown below:

Step 1: A reamer bolt cooled by dry ice or liquid nitrogen is inserted into the bolt
hole. It is assumed that a micro-gap exists between the reamer bolt body and bolt hole
at this moment. When a cooled reamer bolt is attached to the fastened plates, the bolt
temperature starts to increase and the plate temperature decreases below room tem-
perature, because the heat is taken away by the reamer bolt.

Step 2: Mean temperatures of the reamer bolt and fastened plates are supposed to be
T}, and Trat the moment when bolt force F, is produced by applying tightening torque
to the reamer bolt.
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Fig. 8.39 Tightening process of reamer bolt by cooled fitting. (A) Initial state, and
(B) tightening by applying torque, and (C) completion of tightening operation.

Step 3: When the tightening operation is completed and then the temperatures of
reamer bolt and fastened plates reach room temperature, bolt force is reduced by AF,.
This indicates that the cause of bolt force reduction is the temperature difference
between Ty and T}, denoted by AT, at the moment of completing the application of
torque to the reamer bolt.

When the tightening work is completed and the joint temperature wholly returns to
room temperature, the temperature difference AT between reamer bolt and fastened
plates becomes zero. This situation corresponds to the case that the reamer bolt tem-
perature is relatively raised by AT against the plate temperature. As a result, the reamer
bolt is elongated by an amount of a,ATL;, which is the product of coefficient of linear
expansion a;, grip length Lyand AT. a,ATLyis equal to the sum of elongations of each
part of the jointed portion, which is expressed as the product of bolt force reduction
AF;, times the reciprocal of the spring constant of entire bolted joint k.

111 1 1>_AF,, (8.10)

ATL; = AFp| — + — + + — + —
% f b<kth ks key  kna o kg

B ktata/
Eq. (8.10) is made identical to eq. (3.40) by removing the terms relevant to approaches
of interface in the latter equation, which represents the equilibrium of displacements in
the tightening process of thermal expansion method in section 3.5. That is, once the
geometry and material of the target joint are determined, bolt force reduction AF;, can
be estimated for a given temperature difference AT, because the spring constants, grip
length Ly, and ay, in Eq. (8.10) are known quantities.

In the case of a constant bolt stress, the bolt force increases in proportion to the
square of nominal diameter. Therefore, the variation of clamping force is evaluated
by bolt stress variation Ao, not by bolt force variation. For screw threads with coarse
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Fig. 8.40 Bolt stress reduction per unit temperature difference.

thread of M10, M12, M16, M20, M24, M30, and M36, bolt force reduction AF}, is
calculated by Eq. (8.10), then Ao,,,, is obtained by dividing AF;, by cross-sectional area
for each nominal diameter.

Fig. 8.40 shows the numerical results for the case of AT being 1 °C. The abscissa
represents a dimensionless ratio of grip length L, to nominal diameter d. The effect of
nominal diameter, which is the parameter in the figure, is negligible. Bolt stress reduc-
tion Ao,,, per unit temperature difference is increased from about 1 to 2MPa with
increasing grip length L. Then, Ac,,, gradually approaches a saturation value. The
effect of nominal diameter d and grip length Ly on Ao, can be explained by consid-
ering the relationship among d, L, and the five spring constants composing a bolted
joint, as in the case of thermal expansion method. It is found from Fig. 8.40 that bolt
force reduction occurring in reamer bolts tightened by cooled fitting becomes a more
serious problem with larger grip length. Treated in this section is low temperature ther-
mal load. However, the foregoing phenomenon is consistent with the one explained in
section 5.1.3 that when subjected to thermal load, larger bolt variation occurs with
larger grip length. The relationship between Aoc,,, and L/d can be formulated using
the least squares method:

Ay = 16.95(1 — 03 (Li14) ) 8.11)

Referring to JIS B 1451, the value of L/d in rigid flanged shaft couplings is rather
small and roughly less than 5. Accordingly, it is expected that Eq. (8.11) can be used
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Fig. 8.41 Test specimen of M16 bolt for cooled fitting experiment.

to strain amplifier | strain gage

not only for predicting the bolt force reduction AF;, due to thermal expansion, but also
for enhancing the joint safety by adding AF, to the original initial bolt force.

Fig. 8.41 shows a test specimen of M 16 bolt. Attached to the cylindrical surface are
a pair of strain gages and three thermocouples to measure the bolt force and bolt tem-
perature. Immersing the test specimen in ethyl alcohol cooled by dry ice, its temper-
ature drops to about —80 °C. Fig. 8.42 shows an example of the measured results on
the relationship between axial bolt strain and bolt body temperature. The abscissa rep-
resents the temperature measured at the central portion of bolt body, depicted in
Fig. 8.41. The bolt temperature is about —35 °C when starting the application of tight-
ening torque. The amount of bolt strain relating to axial bolt stress is somewhat
decreased while the bolt temperature rises from —35 °C to room temperature. Assum-
ing that room temperature is 20 °C in this case, AT is 55 °C. Since As,,, ranges from
about 1 to 2MPa, according to Fig. 8.40, bolt stress may be reduced by as much as
from 55 to 110MPa. These values are obtained as the product of As,,, and AT.
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Fig. 8.42 Experimental results of the relationship between axial bolt strain and bolt body
temperature.
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The actual bolt stress of reamer bolts is considerably high; hence, there is little pos-
sibility that the bolt stress reduction calculated above will cause a fatal accident in
shaft couplings. However, considering that the fatigue strength could be reduced
due to insufficient bolt force, those values in bolt stress reduction are important when
designing shaft couplings and determining the tightening procedure. The validity of
the bolt stress reduction Ag,,,, per unit temperature difference, calculated by Eq. (8.11),
has been verified by experiments.

8.6.3 Proposition of tightening guidelines

Reamer bolts are commonly cooled by dry ice or liquid nitrogen. Hence, the reamer
bolt temperature can be dropped to —80 °C by dry ice and —196 °C by liquid nitrogen.
From the working efficiency, the use of liquid nitrogen is more desirable, because it
produces a large shrinkage, which makes it easy to tighten shaft couplings with large
interference. On the other hand, since the reamer bolt temperature at the start of tight-
ening operation is very low, the temperature difference AT between reamer bolt and
fastened plates becomes large when applying tightening torque. As a result, large bolt
force reduction occurs at the completion of tightening operation. It should also be
noted that the difference in working time yields a different temperature increase, thus
producing a different amount of bolt force reduction.

From the foregoing reasons, it is fairly difficult to predict the bolt force reduction
with high accuracy. As a countermeasure, a guideline is proposed here, based on the
experimental results, that AT is set to be the difference between bolt head temperature,
which is nearly equal to the mean temperature of bolt body, and the temperature of
plate surface just next to the nut. The accuracy of the proposed guideline could be
decreased according to the difference in the joint geometry and the reamer bolt tem-
perature after cooling. Yet, it has an advantage that the amount of AT can be estimated
by measuring the temperatures at the target points by use of a spot-type infrared ther-
mography. If there is a margin in the joint strength, it is effective to apply the bolt force
of F;,+AF, to the target reamer bolt, in which F;, and AF, represent the original bolt
force and the anticipated bolt force reduction, respectively. The amount of AF, can be
obtained in the following procedure:

Step 1: Ao,,,, is calculated by Eq. (8.11) for a given joint geometry, i.e., bolt nominal
diameter d and grip length Ly.

Step 2: Bolt force reduction AF,, which is predicted to occur in the process of
cooled fitting, is calculated by the following equation, where the amount of AT is mea-
sured by a spot-type infrared thermography. Then, the target bolt force is raised by AF,
from the original value:

2
AFy = A6, AT x % (8.12)

The detailed tightening procedure is given in [164]. Incidentally, it has already been
explained in section 3.2 how to apply an objective bolt force with practical accuracy
by torque control method.
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8.7 Sealing performance of oil seal plugs used
for hydraulic equipment [166]

8.7.1 Tightening characteristics and geometric errors
of oil seal plugs

Hydraulic equipment such as hydraulic motors usually consists of many parts.
Among them, the parts called oil seal plugs, whose shape is similar to a bolt with
low head height, are used in large numbers. Regarding the mechanical behavior of
an oil seal plug, leakage from its head-bearing surface sometimes becomes a prob-
lem. The major cause of this is an increase in hydraulic oil pressure. Moreover, the
oil pressure usually rises from zero to the maximum value in a relatively short time.
It is considered, therefore, that the dynamic effect significantly influences the sea-
ling performance.

Fig. 8.43A and B depicts the shape of oil seal plugs. There are two types of seal
plugs, i.e., hexagon head and hexagon socket head plugs. In both types, the head
height is comparatively lower than that of ordinary bolts. Generally, its dimen-
sional accuracy is not so high; hence, a small clearance J,, can exist between
the plug head and fastened plates, as depicted in Fig. 8.43C. Shown in
Fig. 8.44 is the relationship between axial plug force and applied tightening torque,
obtained by FE analysis. The parameter is J,,. Screw threads processed on the plug
are parallel pipe thread of G1/2. The case of 6,,=0 is given by a straight line due
to the linearity. In addition, when some clearance exists, &,,7#0, the numerical
results can approximately be expressed by a single straight line as well, regardless
of the amount of 6,,. Why does the effect of the difference in §,; not appear? That
is because the plug head-bearing surface is brought into close contact with the sur-
face of the main body when subjected to high plug clamping force, regardless of
the amount of &,

: Torque T; ! Torque T!

" hydraulic " hydraulic
|pre.§'sure I pressure
I |
()
(a) (b)

Fig. 8.43 Shape of oil seal plugs. (A) Hexagon head plug, (B) hexagon socket head plug, and
(C) geometric error of hexagon head plug.
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Fig. 8.44 Relationship between axial plug force and applied tightening torque.

Following the same manner as in the case of ordinary bolt-nut connections, nut
factor K for an oil seal plug can be derived:
Case without clearance 6, =0:

K = 1.0294 + 0.0185 (hexagon head)

K =1.027u + 0.0186 (hexagon socket head) (8.13)
Case with clearance 6, 7#0:

K = 1.157u + 0.0171 (hexagon head)

K =1.018u + 0.0171 (hexagon socket head) (8.14)

Coefficients of friction y are assumed to be identical on thread surface and plug head-
bearing surface. Considering the possible processing errors in the plugs and main
body, Eq. (8.14), which corresponds to 8,70, is judged more practical. In the case
without clearance, 6,,= 0, there is little difference between hexagon head and hexagon
socket head plugs. However, in Eq. (8.14), nut factor K is lower in hexagon socket
head plug than in hexagon head plug. Substituting z =0.15 into Eq. (8.14) tentatively,
nut factor K is calculated to be 0.190 for hexagon head plug and 0.170 for hexagon
socket head plug. In any event, those values are somewhat smaller than K for ordinary
bolt-nut connections.
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8.7.2 Relationship between contact pressure distribution
and sealing performance

Fig. 8.45 shows the contact pressure distributions on the bearing surface of a hexagon
head plug of G1/2. They are evaluated by axisymmetric FEM, assuming the joint
materials as being a linear elastic body. The axial plug force is 25.7kN. Unlike ordi-
nary bolt-nut connections, the range of contact zone is limited around the inner side of
bearing surface. Therefore, the contact pressure steeply increases radially inwards.
This phenomenon is opposite to the case of raised face flanges subjected to inner pres-
sure, in which gasket contact pressure increases radially outwards. In the case of oil
seal plugs, it is considered that this characteristic distribution pattern of the contact
pressure works favorably for leakage prevention, because high oil pressure exerts
on the inner edge of bearing surface. Although not shown in the figure, the contact
length becomes relatively large in a small plug of G1/4; hence, the maximum contact
pressure is decreased.

In Fig. 8.46, how the axial plug force is decreased with increasing hydraulic oil
pressure is shown. Unlike the torque-plug force relationship in Fig. 8.44, the plug
force shows complex behavior against the variation of the clearance §,,; existing under
the plug head. The axial plug force is decreased almost linearly as hydraulic oil pres-
sure is raised. However, the occurrence of leakage cannot be predicted in the range of
hydraulic oil pressure shown in the figure. Meanwhile, in actual hydraulic equipment,
the oil pressure is frequently applied dynamically and it reaches the maximum value in
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Fig. 8.45 Contact pressure distribution on the plug head-bearing surface.
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a very short time. In the next section, the dynamic effect of oil pressure on the plug
force is evaluated by means of one-dimensional spring models.

8.7.3 Dynamic analysis of sealing performance using
one-dimensional spring models

The equation of motion considering the dynamic effect is shown below, in which the
effect of viscosity is ignored:

(M]{ii} + [K){u} = {R} (8.15)

where [M], [K], and {R} represent mass matrix, stiffness matrix, and load vector, and
{ii} and {u} denote acceleration and displacement vectors, respectively.

In Fig. 8.47, assuming the female threaded portion is a rigid body, an oil seal plug is
divided into threaded portion and cylindrical one and they are expressed by a combi-
nation of one-dimensional spring models. The total length of the plug is 21 mm. Axial
plug force is 25.7kN and hydraulic oil pressure is 35 MPa. The oil pressure is applied
stepwise corresponding to the most severe condition, as shown in the bottom right of
the figure. Fig. 8.48 shows the variations of axial plug force with time, in which the
stiffness of engaged threads is reduced simply by half to consider the effect of the stiff-
ness of female threaded portion. Newmark $ method is employed for time integration
in the numerical analysis. It is found that the axial plug force significantly fluctuates
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against the initial value because the hydraulic oil pressure exerts dynamically. Com-
bining the result with the one presented in Fig. 8.46, it turns out that when the oil pres-
sure is raised in a very short time, its dynamic effect increases the possibility of
leakage occurrence. In order to evaluate the sealing performance of oil seal plugs with
high accuracy, it is necessary to introduce two- or three-dimensional FE models. How-
ever, even with the simple numerical method proposed here, it is found that the
dynamic effect of oil pressure significantly affects the sealing performance.

8.8 Mode analysis of bolted joints [56]

8.8.1 Relationship between axial bolt force and natural frequency

In machines and structures resonating subjected to vibrative external forces, the res-
onance can be stopped by tightening the clamping bolt harder. This phenomenon is
explained by a rise in the natural frequency of jointed components with increasing bolt
force. From the mechanical point of view, it is considered, e.g., that the mating sur-
faces, which were partially in contact under low bolt force, are brought into the perfect
contact condition by raising the bolt force.

On the other hand, the foregoing phenomenon may occur without the existence of
geometric errors at the interface. In that case, the phenomenon is explained as follows:
contact pressure at the interface is increased by raising the bolt force; then interface
stiffness is correspondingly increased with the progress of plastic deformation of
microprojections existing on the surface. From the above considerations, it can be said
that the evaluation of the natural frequency of a bolted joint, by taking account of the
effect of interface stiffness, is particularly important when designing machines and
structures to be robust against vibrative external forces.

Fig. 8.49 schematically shows the relationship between the natural frequency of the
first mode and bolt force for a bolted joint consisting of two beams clamped by a single

% cantilever D

theoretical solution of bending vibration +

%

bolted joint

Natural Frequency (Hz)

Axial Bolt Force (kN)

Fig. 8.49 Natural frequencies of bending vibration of a bolted joint and a cantilever.



338 The Mechanics of Threaded Fasteners and Bolted Joints for Engineering and Design

bolt. For comparison, the natural frequency of a single beam is also shown, i.e., a
cantilever having the same profile as the above two beams. It is assumed here that
there is no difference in mass, due to the existence of a bolt-nut pair, between the
two models. Natural frequencies of the bending vibration of cantilever are calcu-
lated by the following equation, corresponding to the single beam model stated
above:

A El

f

where 4; is Eigen value of ith mode of vibration, L, /, and A represent length, second
moment of area, and area of the objective cantilever, respectively, and E and p,, are
Young’s modulus and density.

Natural frequencies of a bolted joint are increased with increasing bolt force, as
shown in the figure. Then, as the contact pressure at the interface is further increased,
the increasing rate starts to decrease and the natural frequencies approach a constant
value. This phenomenon can be estimated by Ostrovskii’s equation, given in eq.
(2.33), which relates approach of interface { to contact pressure p,,.

Natural frequencies of the first mode of bending vibration of a cantilever can be
measured by use of strain gages. Two beams are clamped by a pair of bolt and nut,
and one end is fixed. Then, strain gages are attached to the surface of the test specimen
near the fixed end. Applying bending vibration of the first mode to the test specimen,
the strain gage readings fluctuate between tension and compression. Hence, the nat-
ural frequency can be calculated by the period of sign change. The relationship
between natural frequencies of the first mode and bolt force measured by the above
method is shown in Fig. 8.50 for a bolted joint consisting of two beams clamped by a
pair of bolt and nut of MI12 with coarse thread. Each beam measures
400mm X 3.5mm x 30mm. The mounting position of a bolt-nut pair is selected to
be at the center and the end of the cantilever. Surface roughness of the mating surfaces
of the two beams is changed into two levels. In the case of small surface roughness, the
sum of maximum height roughness of the mating surfaces, Rzt (pm), ranges between
about 2 and 6 pm, and the value ranges between 18 and 33 pm in the case of large sur-
face roughness.

The natural frequencies are increased with increasing bolt force, and they become
almost constant beyond around the bolt force of SkN. The natural frequency is nec-
essarily lower than that of a single beam indicated by a dashed line. In the case of
zero bolt force, the natural frequency is about half the value of a single beam, which
corresponds to the natural frequency of a beam whose height is half the clamped two
beams. Focusing on the bolt positions, the natural frequencies for the center position
are generally higher than those for the end position. The root cause is presumably
due to the fact that the joint stiffness becomes higher when mounting the bolt in
the center position. In addition, the natural frequencies are decreased with increasing
surface roughness, and this tendency appears remarkably in the region of low
bolt force.
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8.8.2 Natural vibration analysis by taking account of Interface
stiffness

In order to accurately analyze natural frequencies and natural modes of machines and
structures having contact surfaces, the effect of interface stiffness needs to be consid-
ered. Natural vibration analysis by FEM is explained in detail, e.g., from [167-169].
Meanwhile, it has been shown in section 2.6.2 that once the magnitudes of surface
roughness and contact pressure are given, the effect of interface stiffness can be quan-
titatively evaluated by spring constants in the normal and tangential directions, &,
and k.

Fig. 8.51 depicts a FE model of two plates clamped by a bolt-nut pair, in which the
shapes of bolt and nut are not modeled. Instead, the effect of interface stiffness is con-
sidered using k,, and k, by connecting the corresponding nodes at the interface con-
sisting of the two plates. Mesh patterns are changed into three levels. The contact
pressure at the interface is assumed to distribute following the idea of pressure cone,
as explained in section 1.5.3. With respect to integration scheme in FE analysis, selec-
tive reduced integration (SRI) is employed [170]. If full integration (FI) is adopted, it
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is necessary to use a mesh pattern finer than Pattern-3. Use of SRI provides a practi-
cally sufficient accuracy even with the coarse mesh, Pattern-1.

In Fig. 8.52, the numerical results are compared to the experimental ones cited from
Fig. 8.50, in which the analytical conditions are set to match the experimental ones.
The values like 5pm appearing in the figure indicate the sum of maximum height
roughness of the mating surfaces Rzz. The difference between the numerical results
and experimental ones is rather large in the range of small bolt force. However, from
the viewpoint of modal analysis that takes account of the effect of surface roughness,
the proposed numerical method is considered practically effective.

Fig. 8.53 shows the relationship between the ratio of the natural frequencies of a
bolted joint to its equivalent single beam and the order of vibration mode. The param-
eters are beam length and Rzt. It shows that the natural frequencies of a bolted joint are
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fundamentally lower than those of an equivalent single beam and this tendency
becomes more remarkable as the order of vibration mode increases. As an application
of the numerical method proposed here, modal analysis of bolted joints is a good can-
didate where the effect of interface stiffness becomes a problem.

8.9 Effective finite element analysis for bolted joints

8.9.1 Finite element models of bolted joints

Since the 1990s, numerical analyses represented by FEM have been widely used in the
design stage of various industrial fields, due to the advent of high-speed personal com-
puters and high-performance commercial software related to structural analysis, ther-
mal fluid analysis, etc. These numerical analyses are also applied to the design of
bolted joints and have achieved great results. On the other hand, even if introducing
the latest technologies, a considerable number of complex problems related to the
strength of actual bolted joints cannot be solved with sufficient accuracy. That is
partly or mainly because of the complex geometry of threaded fasteners and the vari-
ety of loading conditions exerted on them.

In order to accurately reproduce the helical thread geometry, a fairly complicated
modeling scheme is required, as explained in section 2.5. To analyze the mechanical
and thermal behaviors of bolted joints with high accuracy, the introduction of helical
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thread FE model is effective. However, since it requires long computing time and high
computing cost, an appropriate modeling scheme should be selected in accordance
with the intended use, from the design point of view. When the evaluation target is
the magnitude of bolt force, it is practically sufficient to divide engaged thread portion
with rather coarse meshes. In some cases, it might be acceptable to omit the modeling
of thread geometry. In the following, various modeling techniques for bolted joints are
introduced from one-dimensional to three-dimensional models.

1) One-dimensional spring model and beam element

In section 4.1.3, the ratio of flank loads of engaged threads is evaluated by axisym-
metric FEM. The amounts of ratio of flank loads are also calculated by one-
dimensional spring model [13]. The more advanced applications introduced in this
book are the numerical approaches to calculate shear load-bearing ratio in multibolted
joints subjected to shear load in Section 8.4.4 and the bolt force variation with time
when subjected to dynamic load in Section 8.7.3. Those examples can give some hints
when applying the proposed technique to other purposes. Meanwhile, when dealing
with a joint clamped by many bolts being subjected to the combination of tension,
compression, bending, and twisting moments three-dimensionally, the numbers of
nodes and elements of FE models can be decreased without a significant reduction
in analytical accuracy as follows: engaged thread portion is replaced by an equivalent
cylinder model with three-dimensional shape and bolt cylindrical portion is modeled
by a series of beam elements [171], as shown in Fig. 8.54.

2) Axisymmetric model

Numerical analysis of the mechanical behavior of bolted joints by considering the
engaged thread geometry was started in the 1970s using axisymmetric FEM [9,15].
After that, FE analysis came to be used to evaluate the effect of plastic deformation
of threaded portions on the tightening characteristics [12,100,172] and calculate the
bolt force variation and load factor when external force is applied annularly [173].
When the objective is not the calculation of stress concentration at thread root but
the evaluation of ratio of flank loads or bolt force variation caused by external force,
mesh divisions with the fineness shown in Fig. 8.55A and B can give numerical solu-
tions with practical accuracy, in which circled numbers represent the element numbers

eguivalent cylinder of
engaged thread portion

<— Nut

< bheam
Fastened ’ | clement
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plates = i

i tt i T
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Fig. 8.54 Finite element models providing high computational efficiency.
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Fig. 8.55 Examples of mesh patterns for threaded portion. (A) Pattern-1 and (B) pattern-2.

of FE model. In each mesh pattern, three or four pairs of nodes are positioned on the
pressure flank of male and female threads to be in contact. These mesh patterns are not
fine enough to evaluate the stress concentration factor at thread root with high accu-
racy. However, they can be used for qualitatively examining the effect of tightening
and loading conditions on the mechanical behavior of bolted joints. Furthermore, they
are effective for quantitative evaluation at a certain level of accuracy.

It is difficult to distinctly show the relationship between the mesh fineness and ana-
lytical accuracy regarding the stress concentration factor at the thread root. In FE anal-
ysis, the variables to be directly calculated are nodal displacements, and the values of
stress and strain are evaluated on Gauss points located inside each element. Gauss
points are generally used for the purpose of numerical integration in element stiffness
equations, which means that the stress values on the nodes placed along the thread root
are calculated with the help of some sort of smoothing processing. Therefore, those
values inevitably include a certain amount of numerical errors [33]. Focusing on linear
triangular elements, it has been pointed out that stress concentration factors can be
evaluated with almost two significant digits by making the dimension of the smallest
element, which is placed along the notch, less than 1/10th of the notch root radius.
Axisymmetric FE models, introduced above, have successfully been applied to ana-
lyze the tightening processes using hydraulic tensioners [80] and bolt heaters [81].

3) Pseudo three-dimensional model applicable to twisting load

To analyze the tightening process of torque control method, it is necessary to introduce
three-dimensional analysis considering helical thread geometry. By devising the finite
element formulation, however, the analyses can be performed by two-dimensional
models [47]. The concrete procedure is explained below:

(1) The degree of freedom of each node in two-dimensional elements is set to be three to cope
with r—0—z coordinate system.

(2) For the nodes positioned along pressure flank of engaged threads, 7—6—z coordinate system
is rotated by lead angle $ and flank angle o, so that the contact conditions can be evaluated
in the plane perpendicular to thread surface.

(3) To simulate the process of applying tightening torque, nodal forces are applied in the cir-
cumferential direction to the nodes located on the outer periphery of nut top surface.

(4) As aresult of numerical calculation, three components of displacements are obtained, and
then six components of stress and strain are calculated.
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This method is also applicable to elastic—plastic analysis of bolted joints. It has been
clarified in fig. 4.12 how plastic deformations affect the tightening characteristics of
torque control method [48].

4) Three-dimensional abacus model

External forces are generally exerted on bolted joints asymmetrically. In these
cases, the introduction of three-dimensional models is necessary. However, unless
the objective is to analyze the loosening phenomena, etc., influenced by helical
thread geometry, three-dimensional abacus models, whose thread geometry is axi-
symmetric, can work effectively. Some examples solved by these models have
already been introduced in this book. Meshes of engaged thread portion can be con-
structed by rotating axisymmetric models, shown in Fig. 8.55, around the bolt axis.
As for the division number in the circumferential direction, for instance, the outer
periphery of three-dimensional abacus model, shown in fig. 4.39, is divided into 48
elements.

5) Three-dimensional helical thread model

To analyze the loosening phenomena of screw threads, the use of FE models, in
which helical thread geometry is accurately reproduced, is required. Helical thread
models, constructed following the procedure explained in section 2.5, represent
the geometry of screw threads precisely and fine elements can be placed around
the region where high stress concentration occurs. Therefore, it is possible to eval-
uate stress and stress amplitude distributions along thread root with practical accu-
racy. As a result, it follows that helical thread models are effectively used to
analyze the static and fatigue strengths of bolted joints with high accuracy and
they are also applicable to simulate rotation loosening. On the other hand, when
incorporating the helical thread models into a structure with complex geometry
involves a certain amount of difficulty in constructing an FEM model of the whole
structure.

8.9.2 Simple models for engaged thread portion

There are cases in which the stiffness of the engaged thread portion needs to be con-
sidered and the evaluation target is not the stress but the bolt force variation. The prob-
lems involved in this case are elastic interaction occurring in the tightening process of
multibolted joints, discussed in section 3.7, evaluation of bolt force variation and
bending moment generated in the bolts that clamp rigid flanged shaft couplings,
explained in Section 8.5, etc. To reduce the computing time and cost in these cases,
it is effective to replace the engaged thread portion with complex geometry by a sim-
ple cylinder. Then, the stiffness in the axial or tangential direction needs to be adjusted
so as to conform with the actual one by changing the cylinder height. As a result, the
proposed method can expediently be applied to a joint clamped by multiple bolts,
since the required computing time can significantly be reduced. For example, the
FE model shown in fig. 3.44 has been used to analyze elastic interaction occurring
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in the tightening process of a pipe flange connection. Regardless of the use of rather
coarse meshes, it is found that the amounts of bolt forces can be evaluated with suf-
ficient accuracy, referring to fig. 3.45A, in which the numerical results are compared
to the experimental ones.

When analyzing contact problems by FEM, repeated calculations are commonly
required to determine the contact conditions of stick, separation, and slip. Then, by
forcibly putting the mating nodal points into stick condition with help of sophisticated
functions of commercial software, repeated calculations can be avoided, which signif-
icantly shortens the computing time. More concretely, it is assumed that the pressure
flank of engaged thread portion is in stick condition and the clearance flank is simply
regarded as free surface. The aforementioned technique effectively works for the
cases in which the phenomena of slip and separation occurring around the joint are
not so significant.

8.9.3 Two-dimensional bolt model used for bolt force generation

There are cases in which the shapes of engaged threads and bolt head need not be
modeled and bolt models with simple geometry are required instead, by which bolt
force can be generated and changed when subjected to external force. For instance,
in medium-speed diesel engines, the large end portion is commonly diagonally split,
as shown in fig. 4.46, in order to firmly tighten the cap to the end of the connecting rod
using crank pin bolts. In such types of connecting rods, fatigue failures are likely to
occur in crank pin bolts and body-side female threads to be engaged with the bolt
threads. It is reported that the fatigue failure also occurs around the interface con-
sisting of the large end and the cap. For the purpose of withdrawing a piston in a peri-
odic inspection, the large end of the connecting rod is diagonally split to make the rod
width small, and the mating surfaces are processed to have zig-zag configuration, so-
called serration, to support large shear forces due to piston movement produced by
fuel combustion and inertia force. When the objective is the strength evaluation
around the serrated region, a bolt can be modeled into a simple plate using two-
dimensional elements and the analysis is performed as a plain strain problem. Hence,
the stress distributions around the serrated region can be evaluated comparatively eas-
ily with practical accuracy [174].

Fig. 8.56 shows the FE model constructed to perform the numerical analysis. Nodal
points located at both ends of the bolt model, depicted by black circles, are attached to
the bolt head-bearing portion of the cap and the body-side female threaded portion of
the connecting rod, which are also indicated by black circles. Hence, the mechanical
behaviors of bolted joints in the tightening process and under external force can effec-
tively be evaluated with less computational effort. In the proposed modeling method, a
bolt with complex geometry is replaced by a simple plate using a small number of
finite elements. Therefore, the bolt model stiffness necessarily becomes quite high.
Then, in order to make the model stiffness match the actual one, selective reduced
integration, introduced in Section 8.8.2, is effectively used at the stage of element
matrix assembly in the finite element formulation.
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8.9.4 Improvement of computational efficiency utilizing
geometric symmetry [175]

In many cases, bolted joints are composed of a repetition of structures with identical
geometry. In such cases, a modeling scheme considering the geometric symmetry is
effective to reduce computing time and cost. Fig. 8.57A and B depict three-
dimensional models of pipe flange connections. When a pair of flanges is clamped
with bolts and nuts, there exist engaged thread portions or bolt head portions on
each flange surface. Meanwhile, the most important factor to be evaluated in pipe
flange connections is gasket contact pressure. Accordingly, bolt-nut pairs are simply
modeled into cylindrical shapes. In Fig. 8.57A and B, only one side of the pipe
flange connection is modeled, hence, it follows that the symmetry is assumed
against the central surface of gasket thickness. Engaged thread portions are modeled
into cylindrical shapes as well as bolt head portions, and the cylinder height is set to
be 0.27 times the nominal diameter d to make its axial stiffness match the actual
one [87]. In the case of the number of clamping bolts being eight, mechanical



Learning from problems and accidents with threaded fasteners 347

(a) (b)

Fig. 8.57 Finite element models of pipe flange connections considering symmetry. (A) 1/32
model and (B) 1/4 model.

behaviors in the tightening process and under internal pressure can be analyzed by
1/32nd of the whole structure, shown in Fig. 8.57A, and the behavior under bending
moment can be evaluated by the quarter model, shown in Fig. 8.57B. These model-
ing schemes are valid only when the symmetries in the joint shape and loading con-
ditions are both fulfilled.

Meanwhile, if the symmetry is considered for each analysis, the number of
models required necessarily increases. Supposing that computing time is the
sum of modeling time and analysis time, it may be practical to select an FE model
requiring shorter modeling time, even if the computing time is somewhat longer.
In Fig. 8.57A, for example, one-half of the bolt is modeled, but there is an alter-
native method in which the bolt is wholly modeled and a 1/16th flange model is
constructed. Furthermore, when analyzing the cases subjected to inner pressure
and/or bending moment, there is an option to use the quarter model, shown in
Fig. 8.57B, for all cases stated above. In the numerical analyses of multibolted
joints in Section 8.4, one-half of the bolt body is modeled for some bolts, as
shown in Fig. 8.25B, aiming at reducing the computing time. As a result, a quarter
part of the whole joint is modeled by perfectly considering the symmetries in the
joint shape and loading conditions.

In the analyses of rigid flanged shaft couplings in Section 8.5, a modeling
scheme considering the periodic symmetry is introduced, because the joint clamped
by multiple bolts is subjected to twisting moment with respect to the rotation center
axis. In the analyses of stress amplitudes produced at the thread root of wheel bolts,
discussed in Section 8.2.6, eight bolts are all modeled, since it is necessary to evaluate
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Fig. 8.58 (A) Fine and (B) coarse
mesh patterns of the jointed portion
of wheel bolts.
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the bolt stress variation during one rotation of the wheel. Then, in order to enhance the
computational efficiency, a fine mesh pattern is applied only to the bolt model used for
stress evaluation at the thread root, and the remaining seven bolts are all divided with
an identical mesh pattern using relatively coarse elements. Fig. 8.58A and B repre-
sents the fine and coarse mesh patterns of the jointed portion of wheel bolts,
respectively.
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Axial bolt force, 77-79, 337-338
external force diagram vs., 187-189
measuring method, 88-90

B

Bearing type joints, 310-311, 311f
shear force transfer in, 312-313, 312f
Bending stress, 320-321, 324f
Bolted joints, 2, 31-32, 247-249
bolt force generation, two-dimensional bolt
model used for, 345, 346f
diagram, 181-184, 181-182f
engaged thread portion, simple models for,
344-345
finite element models, 341-344, 342-343f
geometric symmetry, computational
efficiency utilizing, 346348,
347-348f
integrity, inspection methods of, 270-271,
270¢
interface stiffness in, 61-65
mating surfaces, 61-64, 62-63f
normal and tangential directions,
64-65
simple formula, 65
mechanical behavior in, 28-31, 30f
mode analysis
axial bolt force, 337-338
interface stiffness, natural vibration
analysis by, 339-341, 340f
natural frequency, 337-338
spring constants composing, 41-46, 42f
thermal contact resistance in, 6667, 66f

Bolted joints under thermal load
bolt force variation, simple formula for,
222-224, 222f
contact surface, heat transferred through,
225-227
FEM
axisymmetric FE model, thermal and
mechanical behaviors using, 231-235,
232-235f
three-dimensional FE model, thermal
and mechanical behaviors using,
235-241, 236-240f
small gap, heat transferred through,
227-229
thermal and mechanical behaviors of,
217224
bolt force variation, 219-221
thermal deformation, 217-219, 218f
thermal stress, 217-219, 218f
thermal contact coefficient
apparent thermal contact coefficient,
230-231, 230f
interface composed of dissimilar
materials, 226-227
interface composed of identical
materials, 226
measuring method, 225
threaded fasteners seizure
conditions prone to, 241-242
hypothesis proposed on, 242-245,
242-244f
Bolt force, 298-301, 299-301f
generation, two-dimensional bolt model
used for, 345, 346f
scatter, 325-326, 325-326f
variation, 219-221
simple formula for, 222-224, 222f
Bolt force reduction
estimation method, 327-331, 328-330f
nonrotation loosening
embedment, 265-267, 266f
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Bolt force reduction (Continued)
embedment estimation method,
263-264, 264f
mechanism of, 261-263
prevention methods of, 267-268
thermal expansion difference,
269-270
rotation loosening, 249-261
finite element simulation, 256-261,
257-260f
mechanism, 249-253, 249f
prevention methods of, 254-256
return rotation of nut, 253-254
Bolt head, 33-37, 36-37f
Bolt heater, thermal expansion method,
117-125
application range, 123-125
heating temperature, axial bolt force to,
120-123, 122f
simplified model for, 119-120
suitable application range, 123-124
tightening guidelines, 123-125
tightening operation guidelines, 124125
tightening principle, 117-118, 119f
Bolt length effect, 220
Bolt-nut connections, 143-145, 144f
fatigue failure of, 196-200, 197-200f
stress concentration in, 163-167,
163-166f
Bolt-nut pair and fastened plates
material combination of, 220
temperature difference between, 220
Bolt strength, 99-101
Bolt stress, 321-325
Bottoming stud, 97f
Buttress threads, 34

C

Clamping configuration
bolt-nut connection, 13-14, 13f
stud, 13-14, 13f
Coarse screw threads, 8-9
Coefficient of linear expansion, 233234
Contact pressure distribution, 16—17, 16-17f,
334-335, 334-335f
Contact surface, heat transferred through,
225-227
Corrosion/electrolytic corrosion, 26

D

Delayed fracture, 25
Direct tension method, 70
Double-thread screw, 10f

E

Elastic angle control method, 101-109
application range, 106109, 107f
suitable application range, 106108
surface roughness, axial bolt force to nut

rotation angle, 104—-105, 105-106f
tightening guidelines, 108-109
tightening principle, 101-104, 102f

Energy
tightening energy calculation, 138-141,

139-140f
torque control method, 136-138

Engaged threads
equivalent lengths of, 33-37, 34f
portion, simple models for, 344-345
stress concentration, main body side,

171-173, 171-173f

Eyebolts, 145-147, 146f

Eyenuts, 145147, 146f

F

Fastened plates, compression stiffness of,
37-41, 39-40f
Fatigue failure
engaged threads, main body side, 201-206,
201-206f
screw threads
metal fatigue, 173-176
stress amplitude, 173-176
threaded fasteners, 176177
wheel bolts
bolt force, 298-301, 299-301f
friction coefficient, 298-301
joint configuration, 293-294, 294f
mechanics of tightening process,
294-298, 295-298f
multiple shafts, tightening apparatus
equipped with, 305-308
stress amplitude, FEM, 304305, 305f
threaded portion of rollercoaster axle,
309-310, 309-310f
tightening method, 293-294, 293f
tire falling-off accidents, 292
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torque control mechanism, tightening
apparatus equipped with, 305-308,
306-308f
wheel bolts, stress amplitude
measurement of, 301-304, 302-304f
Fatigue strength, screw threads
influencing factors on, 177-181, 177f, 179f
Female threads
cross-section geometry of, 52
helical thread models of, 60
Fine screw threads, 8-9, 9f
Finite element (FE) analysis, 16, 313-315,
313f, 315
Finite element method (FEM), 35, 41-46, 42f,
44-47f, 148, 341-344, 342-343f
axisymmetric FE model, thermal and
mechanical behaviors using, 231-235,
232-235f
bolted joints, thermal load
axisymmetric FE model, thermal and
mechanical behaviors using, 231-235,
232-235f
three-dimensional FE model, thermal
and mechanical behaviors using,
235-241, 2362401
software, 57
verification, 184-187, 185f
Finite element simulation, 256-261, 257-260f
Fit effects, 321-325
Flange rotation, 278-279, 278f
Flank loads ratio, 143148
finite element method (FEM), 148
Friction coefficients, 27-28, 28f, 77-79,
298-301, 321-325
bolted joints, mechanical behavior of,
27-28
measuring method, 8890
Friction type, 310-311, 311f

G

Gasket compression
flange rotation, 278-279, 278f
running condition, 280284
shutdown operation, 280284, 281-284f
temperature dependency of, 279, 280f
Geometric errors, 332-333
Geometric factors affecting mechanical
behavior, 1416, 15f

Geometric symmetry, computational
efficiency utilizing, 346348,
347-348f

Geometry/application purposes, 2—4

Heat flow direction effect, 220
Helical thread model, finite element models
with, 56-61, 195-196
mathematical expressions, 5861, 59-61f
previous modeling schemes of, 5658, 57f
Helix, mathematical expression of, 8
High-performance commercial structural
analysis programs, 279
High stress concentration, 6
Hydraulic tensioner, direct tension method,
109-117
effective tensile coefficient, 110112
nut rundown torque, 112115, 113-115f
suitable application range, 116117
surface roughness, 112-115, 113—-115f
tightening operation guidelines, 117
tightening principle, 109-110, 110f

I

Inspection guidelines, 275-276
Inspection methods verification, 275-276
Interface composed
dissimilar materials, 226227
identical materials, 226
Interface stiffness, natural vibration analysis
by, 339-341, 340f
International Organization for
Standardization (ISO) standards, 4
ISO-style wheels, 292

J

Japanese Industrial Standards (JIS), 4

Joint configuration, 293-294, 294f

Jointed components, environmental
conditions around, 221

Joint temperature variation with time, 220

L

Lead angle, 9-10

Load distribution
bolt-nut connections, 143—-145, 144f
eyebolts, 145-147, 146f
eyenuts, 145-147, 146f
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Loosening of threaded fasteners
bolted joints, 247-249
bolt force reduction. (see Bolt force
reduction)
nonrotation loosening, 247
rotation loosening, 247
torque measurement, bolt tightening state
by, 270-276
bolted joint integrity, inspection methods
of, 270-271, 270f
inspection guidelines, 275-276
inspection methods verification,
275-276
marking method, 273-275
release torque method, 271-272, 272f,
273t
retightening torque method, 273, 273¢
Low temperature fluids, 284-289, 285-288f

M

Male and female threads, contact area
between, 11-12
Marking method, 273-275
Mechanical behavior, 47-48
Mode analysis, bolted joints
axial bolt force, 337-338
interface stiffness, natural vibration
analysis by, 339-341, 340f
natural frequency, 337-338
Multibolted joints/induced elastic interaction,
129-136
bolt force scatter, 132-136
bolt-nut connections, 129130
elastic interaction, 129132, 130-131f
optimal tightening procedure, 132—136,
133-135f
Multibolted joints under shear loads
mechanical properties of
bearing type, 310-311, 311f
bearing type joints, shear force transfer
in, 312-313, 312f
finite element analysis, 313-315, 313f,
315F
friction type, 310-311, 311f
spring models, shear load-bearing ratio
using, 315-316, 316-317f
Multiple shafts, tightening apparatus
equipped with, 305-308
Multiple-thread triangular screws, 10

N

Natural frequency, 337-338
Nonrotation loosening, 247
embedment, 265-267, 266/
estimation method, 263-264, 264f
mechanism of, 261-263
prevention methods of, 267-268
thermal expansion difference, 269270
Nut-/bolt head-bearing surface inclination,

81-83, 82-83f
(0]
Oil seal plugs sealing performance, hydraulic
equipment
contact pressure distribution, 334335,
334-335f

geometric errors of, 332-333
one-dimensional spring models, 335-337,
336f
tightening characteristics, 332-333
One-dimensional spring models, 31-32, 33f,
335-337, 336f

P

Pipe flange connections, 30, 30f
gasket compression characteristics
flange rotation, 278-279, 278f
running condition, 280-284
shutdown operation, 280-284, 281-284f
temperature dependency of, 279, 280f
low temperature fluids, 284-289, 285-288f
Plastic deformation, 156160, 157-160f,
206208, 207-208f
Plate interface, separation phenomena of,
191-194
eccentric external load, bolted joints under,
191-192, 191f
FEM, 192-194, 193-195f
Plate surface, warping/flatness on, 8485, 85f
Polytetrafluoroethylene (PTFE), 278, 278f
Power screws, 3

R

Railroad rails, 217
Real-time measurement of nut factor,
125-129
development intention, 125
proposed method verification, prototype
tightening device, 126—-129, 127-128f
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Reamer bolts
strength and load capacity of
bending stress, 320-321, 324f
bolt force scatter, 325-326, 325-326f
bolt stress, 321-325
configuration, 317-318
fit effects, 321-325
friction coefficient, 321-325
mechanical properties, 319-320, 319f
rupture phenomena, 317-318, 318f
shear force transfer ratio, 320-321, 323f
tightening process, cooled fitting
bolt force reduction estimation method,
327-331, 328-330f
tightening guidelines proposition, 331
tightening procedure, 327
Reduction strategy, 161-163, 161-162f
Release torque method, 271-272, 272f, 273t
Repeated loading, fatigue strength against, 25
Retightening torque method, 273, 273¢
Return rotation of nut, 253-254
Rigid flanged shaft couplings, 319
reamer bolts, strength and load capacity of
bending stress, 320-321, 324f
bolt force scatter, 325-326, 325-326f
bolt stress, 321-325
configuration, 317-318
fit effects, 321-325
friction coefficient, 321-325
mechanical properties, 319-320, 319f
rupture phenomena, 317-318, 318f
shear force transfer ratio, 320-321, 323f
Rollercoaster axle, threaded portion of,
309-310, 309-310f
Rotation loosening, 247, 249-261
finite element simulation, 256-261,
257-260f
mechanism, 249-253, 249f
prevention methods of, 254-256
return rotation of nut, 253-254
Round threads, 34
Rupture
failure, occurrence locations of, 23, 24f
phenomena, 317-318, 318f

S

Screw threads, 85-88, 86f, 88¢
basic profile of, 5-8, 5f
fatigue failure

metal fatigue, 173-176
stress amplitude, 173-176
threaded fasteners, 176177
fatigue strength
influencing factors on, 177-181, 177f,
179
geometry/application purposes, 2—4
relevant research activities, 1-2
standards of, 4-8
standard specifications of, 4-5
thread pitch and number of, 8-13
coarse screw threads, 89
double-thread screw, 10f
fine screw threads, 8-9, 9f
lead angle, 9-10
male and female threads, contact area
between, 11-12
mathematical expression of helix, 8
single-thread screw, 10f
threaded fasteners, nonsimilarity of,
12-13, 13f
triangular screw thread, 10, 11¢#
thread ridge forms of, 3f
Sealing performance, 277-278
Self-locking criteria, 85-88
Service condition, 25-27
Shear force transfer ratio, 320-321, 323f
Shutdown operation, 280284, 281-284f
Simple equation relating tightening torque,
77-79
Single-thread screw, 10f
Small gap, heat transferred through, 227-229
Spring constant, 4748
Spring models, shear load-bearing ratio using,
315-316, 316-317f
Square screw threads, 52
Stainless steel, 18
Static/fatigue strengths, threaded fastener
flank loads ratio, 143148
FEM, 148
load distribution
bolt-nut connections, 143145, 144f
eyebolts, 145-147, 146f
eyenuts, 145147, 146f
screw threads, fatigue failure. (see Screw
threads, fatigue failure)
stress amplitude. (see Stress amplitude)
stress concentration. (see Stress
concentration)
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Strength, thermal and mechanical properties,
threaded fasteners, 18-21
materials, 18-20, 20r¢
selecting materials, factors to consider in,
8f, 20-21, 21t
Stress amplitude, 189-191
eccentric external load, bolted joints under,
191-192, 191f
FEM, 192-194, 193-195f, 304-305, 305f
plate interface, separation phenomena of,
191-194
thread root
bolt-nut connection, fatigue failure of,
196-200, 197-200f
fatigue failure engaged threads, main
body side, 201-206, 201-206f
helical thread models, finite element
analysis using, 195-196
plastic deformation, 206208, 207-208f
Stress concentration
reduction strategy, 161-163, 161-162f
threaded fasteners, 148163
factor, 148-151, 151f
mechanism, 152-154
plastic deformation, 156-160, 157-160f
thread root, 152—-156, 153f, 155-156f
Stress distribution
engaged threads stress concentration, main
body side, 171-173, 171-173f
thread pitch effect, 167-170, 168-170f
thread root
bolt-nut connections, stress
concentration in, 163-167, 163-166f
Stud, 14

T

Tap bolt, 14
Theory of elasticity, 1
Thermal and mechanical behaviors, 217-224
bolt force variation, 219221
thermal deformation, 217-219, 218f
thermal stress, 217-219, 218f
Thermal conductivity, 19
Thermal contact coefficient, 230
apparent thermal contact coefficient,
230-231, 230f
interface composed of dissimilar materials,
226-227

interface composed of identical materials,
226
measuring method, 225
Thermal deformation, 217-219, 218f
Thermal expansion method, 71
Thermal load, bolted joints under
bolt force variation, simple formula for,
222-224, 222f
contact surface, heat transferred through,
225-227
FEM
axisymmetric FE model, thermal and
mechanical behaviors using, 231-235,
232-235f
three-dimensional FE model, thermal
and mechanical behaviors using,
235-241, 2362401
small gap, heat transferred through,
227-229
thermal and mechanical behaviors of,
217-224
bolt force variation, 219-221
thermal deformation, 217-219, 218f
thermal stress, 217-219, 218f
thermal contact coefficient
apparent thermal contact coefficient,
230-231, 230f
interface composed of dissimilar
materials, 226227
interface composed of identical
materials, 226
measuring method, 225
threaded fasteners seizure
conditions prone to, 241-242
hypothesis proposed on, 242-245,
242-244f
Thermal stress, 217-219, 218f
Threaded fasteners
bolted joints, interface stiffness in, 61-65
mating surfaces, 61-64, 62-63f
normal and tangential directions, 64—65
simple formula, 65
bolted joints, thermal contact resistance in,
6667, 66f
clamping configuration
bolt-nut connection, 13-14, 13f
stud, 1314, 13f
contact pressure distribution, 1617,
16-17f
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fatigue strength
axial bolt force vs. external force
diagram, 187-189
bolted joint diagram, 181-184, 181-182f
FEM verification, 184-187, 185f
improvement measures of, 208-215,
209-215f
stress amplitude, 189191
friction coefficients, 27-28, 28f
bolted joints, mechanical behavior of,
27-28
geometric factors affecting mechanical
behavior, 14-16, 15f
helical thread model, finite element models
with, 56-61
mathematical expressions, 58—61,
59-61f
previous modeling schemes of,
56-58, 57f
loosening of, 25
nonsimilarity of, 1213, 13f
rupture/failure, occurrence locations of,
23, 24f
seizure
conditions prone to, 241-242
hypothesis proposed on, 242-245,
242-244f
service condition, 25-27
stiffness of, 28-48
bolted joints, mechanical behavior in,
28-31, 30f
bolted joints, spring constants
composing, 41-46, 42f
bolt head, 33-37, 36-37f
engaged threads, equivalent lengths of,
33-37, 34f
fastened plates, compression stiffness of,
3741, 3940f
FEM, 41-46, 42f, 44-47f
mechanical behavior, 47-48
one-dimensional spring elements,
31-32, 33f
pipe flange connection, 30, 30f
spring constant, 47-48
strength, thermal and mechanical
properties of, 1821
materials, 18-20, 20¢
selecting materials, factors to consider
in, 8f, 2021, 21¢

tightening process, 24-25
triangular screw threads, cross-section of,
48-50, 48-50f
true cross-sectional area, 53-56, 55¢
various shapes, screw threads of, 51-52,
53f
Thread pitch effect, 167170, 168—170f
Thread ridge forms, 3f
Thread root, 152-156, 153f, 155-156f
bolt-nut connection, fatigue failure of,
196-200, 197-200f
bolt-nut connections, stress concentration
in, 163-167, 163-166f
fatigue failure engaged threads, main body
side, 201-206, 201-206f
helical thread models, finite element
analysis using, 195-196
plastic deformation, 206208, 207-208f
Tightening method, 293-294, 293f
accuracy, 80-85
angle control method, 69
axial bolt force measuring method, 88-90
bolt heater, thermal expansion method
using, 117-125
application range, 123-125
heating temperature, axial bolt force to,
120-123, 122f
simplified model for, 119-120
suitable application range, 123124
tightening guidelines, 123-125
tightening operation guidelines, 124—125
tightening principle, 117-118, 119f
bolt strength, 99-101
bottoming studs, 94-99, 95f, 97f
characteristics, 94-99, 332-333
direct tension method, 70
elastic angle control method, 101-109
application range, 106-109, 107f
suitable application range, 106108
surface roughness, axial bolt force to nut
rotation angle, 104—-105, 105-106f
tightening guidelines, 108—109
tightening principle, 101-104, 102f
energy required for
tightening energy calculation, 138-141,
139-140f
torque control method, 136138
friction coefficient measuring method,
88-90
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Tightening method (Continued)
guidelines proposition, 331
hydraulic tensioner, direct tension method
using, 109-117
effective tensile coefficient, 110-112
nut rundown torque, 112115, 113-115f
suitable application range, 116117
surface roughness, 112-115, 113-115f
tightening operation guidelines, 117
tightening principle, 109-110, 110f
multibolted joints/induced elastic
interaction, 129-136
bolt force scatter, 132-136
bolt-nut connections, 129-130
elastic interaction, 129130, 130f
elastic interaction, joint geometry on,
130-132, 131f
optimal tightening procedure, 132136,
133-135f
nut-/bolt head-bearing surface inclination,
81-83, 82-83f
plate surface, warping/flatness on, 8485,
85f
procedure, 327
process, 24-25
real-time measurement of nut factor,
125-129
development intention, 125
proposed method verification, prototype
tightening device, 126129, 127-128f
tightening principle, 125-126, 126f
reducing bolt force scatter, simple strategy
for, 93-94, 94f
screw threads, 85-88, 86f, 88¢
self-locking criteria, 85—88
thermal expansion method, 71
tightening torque measuring method,
88-90
torque and axial bolt force, 72-77, 72f,
74-75f
torque control method, 69, 80-85
axial bolt force, 77-79
friction coefficient, 77-79

simple equation relating tightening
torque, 77-79
tightening torque and axial bolt force,
7271, 72f, T74-15f
torque gradient method, 69
torque measuring method, 88-90
Tire falling-off accidents, 292
Titanium and titanium alloy, 19
Torque control mechanism, tightening
apparatus equipped with, 305-308,
306-308f
Torque control method, 69, 80-85
axial bolt force, 77-79
friction coefficient, 77-79
simple equation relating tightening torque,
77-79
tightening torque and axial bolt force,
7271, 72f, 14-75f
Torque gradient method, 69
Torque measurement, bolt tightening state by,
270-276
bolted joint integrity, inspection methods
of, 270-271, 270f
inspection guidelines, 275-276
inspection methods verification, 275-276
marking method, 273-275
release torque method, 271-272, 272f, 273t
retightening torque method, 273, 273¢
Trapezoidal screw threads, 3, 52
Triangular screw threads, 3, 10, 117
cross-section of, 48-50, 48-50f
Triple-thread screw, 52
True cross-sectional area, 53-56, 55¢
Two-dimensional mesh patterns, 56

w

Wheel bolts, stress amplitude measurement
of, 301-304, 302-304f

Y
Young’s modulus, 19-20, 221
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